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PREFACE 


This book on marine engineering has been prepared primarily 
for engineers who have had some basic training in electrical or 
mechanical engineering or for anyone who has a grasp of engineer¬ 
ing fundamentals. It contains the sort of information for which 
the author longed when he first began intensive work in the marine 
field. Much of the contents is derived from long and pleasant 
conversations with successful marine engineers of varied experience 
and with officers of the United States Navy who have sailed the 
seven seas and have operated propulsion machinery under almost 
all conceivable conditions. 

The material of the book has been presented almost in its 
entirety by the author in lectures on marine engineering in the 
Graduate Division of the College of Engineering of New York 
University and has been curtailed and amplified from time to 
time as indicated by the reaction of the students. Also, much of 
it has been presented in lectures in war training courses to elec¬ 
trical- and mechanical-engineering graduates working in the 
engineering departments of ship and Navy yards and marine¬ 
engineering organizations. The reception accorded these lectures 
by the students indicated that the material was what they needed 
and wanted. 

All the calculations given here were performed on a 10-in. slide 
rule, so that accuracy of that degree is to be expected. Consider¬ 
ing the margin of safety allowed, such accuracy is practical. 

The author gratefully acknowledges indebtedness to the 
following manufacturers of marine equipment for their cooperation 
in permitting him to use drawings and illustrations of their 
equipment: 

The Alco Valve Co. 

The Babcock and Wilcox Co. 

The Cochrane Corporation 

Combustion Engineering Co. 

The De Laval Steam Turbine Co. 

The Elliott Company 

Foster Wheeler Corporation 
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General Electric Company 
Nash Engineering Company 
Penn Electric Switch Co. 

Spoehrer-Lange Company 
The Terry Steam Turbine Co. 

Westinghouse Electric & Manufacturing Co. 

Worthington Pump and Machinery Corporation 
Also to the editor of Marine Engineering and Shipping Review 
for permission to reproduce illustrations. 

To Mrs. D. W. Taylor, widow of the great Admiral Taylor, 
the author is especially grateful because she graciously permitted 
the use of excerpts from the admiral’s book, “The Speed and Power 
cf Ships.” 

To Admiral H. L. Vickery, U.S.N., Vice-chairman, James L. 
Bates, Technical Director, and the late J. E. Schmeltzer, Technical 
Assistant to the Vice-chairman, all of the U.S. Maritime Commis¬ 
sion, many thanks are due for help in obtaining material and 
permission to use material. 

To Prof. Thorndike Saville, Dean of the College of Engineering, 
New York University, the author is indebted for keen and sound 
advice, as well as for encouragement. 

New York, 

March , 1943. 


J. M. Labberton. 
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MARINE ENGINEERING 


CHAPTER I 

HULL DESIGN AND RESISTANCE 

1. General. —Since this is a book on marine engineering, which 
is engineering covering the propulsion of the ship, only those hull 
characteristics which might give the marine engineer a better 
understanding of his problem will be discussed here. 

2. Dimensions. —Ship’s dimensions or hull dimensions are 
generally considered on four different bases: 

1. Molded. 

2. Over-all. 

3. Tonnage. 

4. Classification. 

Molded dimensions were probably originally used for the wooden 
ribbed skeletons of the old-time wooden ships, and the term has 
been carried over into steel construction. 

Molded length is the distance between two more or less arbi¬ 
trarily fixed vertical lines. The forward vertical line is usually 
located at the after edge of the stem or most forward vertical 
member of the ship. With twin- or quadruple-screw ships, the 
after vertical is located at the forward face of the stern or body 
post. In the case of ships having a centrally located propeller, 
such as a single- or triple-screw ship, the after vertical is at the 
forward face of either the body post or the rudder post, depending 
upon the geometry of the ship. 

Molded beam is the widest breadth of the molded form and is 
the dimension from inside of plating to inside of plating. 

Molded depth is the vertical distance from the inner surface 
of the upper continuous deck at its lowest point, which will be 
amidships and on one side, to the inner surface of the plating at 
the keel. 

Over-all dimensions are ordinarily obvious dimensions. 

1 
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Length over all is the extreme length of the hull from tip to 
stem, not taking into account any stern flagstaff, which may 
project over. 

Beam over all is the maximum over-all width of the ship. 

The term over-all depth is rarely if ever used. 

Draught is the vertical distance from the water line to the 
bottom of the keel, or the maximum submerged depth of the 
ship. 

Tonnage is a measure of capacity and is intended to be indica¬ 
tive of the earning capacity of the ship. Therefore, it is the meas¬ 
ure generally used for determination of canal tolls, wharfage 
charges, and general navigational charges of various kinds. 
Tonnage, in general, is based on the available cubic capacity for 
cargo or passengers below the main, or top, continuous deck. 
Any cubic capacity, in a given hull, that is used for propulsion 
machinery, fuel bunkers, water tanks, crew and officers’ quarters, 
air shafts, uptakes, or any purpose necessary to the propulsion 
of the ship will, of course, detract from the revenue space, thereby 
lowering the earning capacity of the ship. All such space should 
therefore be kept to a minimum consistent with economical 
operating conditions and reasonable comfort for the officers and 
crew. 

In the United States, the revenue space in cubic feet divided 
by 100 is the tonnage. Some passenger-ship operators enclose 
a number of deckhouses and verandas on the decks above the 
upper continuous deck (usually the one where the anchor engine 
is located) and add this space in as tonnage for advertising pur¬ 
poses, but the true space tonnage is all below. 

Classification dimensions are specially defined by various 
marine societies having to do with insurance or operation, such 
as the American Bureau of Shipping, Bureau Veritas, Lloyd’s, 
etc. These dimensions are the basis for classification and rating, 
and the marine engineer need not be concerned with them. They 
are of interest mainly to ship operators. 

Displacement of a ship is the weight of water (in tons of 2240 lb. 
each) that would fill the space occupied by the immersed part of 
the hull. It is, of course, equal to the weight of the ship together 
with everything on board. 

Since 1 ton of sea water occupies 35 cu. ft., the displacement 
can be determined by dividing the immersed volume by 35. 



Art. 3] 


HULL DESIGN AND RESISTANCE 


3 


3. Ship Forms. —The resistance to ship propulsion or move¬ 
ment of the ship, aside from air resistance or windage, depends 
entirely on the form of the hull below the water line. Therefore, 
using the standard symbols for over-all dimensions as listed below, 
we can arrive at certain important coefficients of proportion: 

L = length of water line, feet (sometimes called L.W.L. or 
“load water line”). 

B = beam at water line, feet. 

H = draught, feet. 

D = displacement of sea water, tons. 

V = volume of displaced sea water, cubic feet. 

A = area of water plane at water surface, square feet. 

M — area of midship section below water plane. 


b = block coefficient of fineness 


35 D V 
LBH ~ LBH 


( 1 ) 


This is one of the most important coefficients and, as can be 
seen, is a measure of the fineness of the lines of the hull as compared 
with a hull of “shoe-box” shape with the same length, beam, and 
draught. This latter hull would have a block coefficient of unity; 
and, in general, the smaller the value of block coefficient, the finer 
the lines and the lower the resistance of the ship. Freighters or 
cargo vessels usually have a block coefficient of approximately 
0.70, whereas passenger ships have a block coefficient of approxi¬ 
mately 0.60. Fast yachts, destroyers, and such craft might have 
block coefficients as low as 0.35. In times past, battleships have 
been quite slow in speed and have had underwater lines more 
like those of cargo vessels than of fast passenger ships. How¬ 
ever, modern battleships are being built for more speed, and their 
underwater lines now approach those of the speediest passenger 
ships. 

w = water-plane coefficient = (2) 


This is not a very important coefficient and is merely an indica¬ 
tion of the fineness of the lines at the water surface. 

M 

m = midship-section coefficient = gjj (3) 

This is an important coefficient and is a measure of how far 
fineness of lines has been carried to the middle body of the ship. 



4 


MARINE ENGINEERING 


[Chap. I 


Even on the best and fastest passenger ships this factor is seldom 
carried below 0.80, and on slow cargo vessels it may be as high as 
0.95. On fast yachts and destroyers, it may be as low as 0.75. 

p = prismatic coefficient = = (4) 


This is an important coefficient and is almost the same as the 
block coefficient, as can be seen from the formula. 


q = mean depth coefficient = 


V 35 D 

AH ~ AH 


(5) 


This is not an important coefficient. Its relationship is 
obvious from the formula. 

The beam of ships is usually made approximately one-tenth 
the length, plus 12 or 15 ft. 

In the case of lake steamers the beam is rarely made greater 
than one-tenth the length. These long proportions result in a 
ship that is structurally weaker than a short wide ship; but this 
is permissible for the lakes, where wave and storm conditions are 
not so severe as those met with on the oceans. 

The longer a ship is, all other things being equal, the less 
resistance it has to propulsion; or, in marine parlance, the easier 
it will “drive.” Also, the shorter the parallel middle body, the 
easier. The lake steamers, while long, do have also a long parallel 
middle body. They are designed mainly for the transportation 
of ore, coal, and other such bulk freight. 

4. Stability. —In the case of a ship afloat, two forces are in 
action tending to balance each other. These are 

1. Gravity acting downward. 

2. Buoyancy acting upward. 

In Fig. I, g is at the center of gravity of the ship. The force 
at this point is equal in magnitude to the weight of the ship and 
all on board and always acts vertically downward. 

In general, the buoyancy that is due to the pressure of the 
water all around the outside of the submerged portion of the hull 
is centered at some point below the center of gravity. However, 
it acts vertically and tends to push the ship out of the water. 
When on even keel as shown in Fig. 1, the two forces oppose each 
other at the centerline of the ship, the ship being symmetrically 
proportioned, and a stable condition exists. If for any reason 
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the ship is listed or rolls either to port or to starboard, the center 
of gravity does not change in position, nor does the magnitude of 
the force, but the center of buoyancy does shift from center to 
. port or starboard depending on the direction of roll. The magni¬ 
tude of the force does not change. However, the resultant buoyant 
force always passes vertically through or very close to a point on 
the center line above the center of gravity. For small angles of 
roll, 5 or 10 deg., the line of buoyancy force cuts the center line 
at virtually one point. This point is called the metacenter; 
and the distance between the metacenter, shown as M in Fig. 1, 
and the center of gravity g is called the metacentric height. 



M tog is metacentric height 



Fig. 1 . —Effect of gravity and buoyancy on stability. 

As mentioned above, the buoyancy force passes approximately 
through the metacenter. Therefore, to all intents and purposes 
the buoyancy force acts at the metacenter. 

Therefore, there exists a couple tending to right the ship, 
and the magnitude of this couple is a measure of stability. 

If c is the angle of inclination, then the distance gM sin c 
is the moment arm. If D is the displacement of the ship, then 

gM sin c X D = stability moment (6) 

Dynamic stability is measured by the work done in going from 
any angle c to even keel. 

Obviously, from the foregoing, for a ship of given displacement, 
the greater the metacentric height, the greater the stability. In 
the case of ships carrying homogeneous cargo, the metacentric 
height should never be less than 1 ft. Since, for a given displace¬ 
ment, the moment tending to right the ship is greater for a greater 
metacentric height, the acceleration of return to even keel is 
greater. Acceleration of the human body sometimes produces 
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nausea or discomfort as is evidenced in rapidly accelerating ele¬ 
vators. In the same manner, if a ship rolls and returns too rapidly 
to even keel, it may be uncomfortable for persons on board. 
Passenger ships are designed with metacentric heights at a mini¬ 
mum consistent with safety and are consequently quite com¬ 
fortable. On the other hand, destroyers are small ships that 
must remain stable in the roughest of seas and are designed 
with relatively great metacentric heights. They are very safe 
and stable but are notoriously uncomfortable owing to their rapid 
rolling. 

5. Trim.—Change of trim is rotation about a transverse axis, 
or athwartship. For small or ordinary changes of trim, the 



M, to g is longitudinal metacenter 
Fig. 2.—Longitudinal trim. 


vertical line through the center of buoyancy passes through a 
small fixed volume relative to the ship which is almost a point. 
This point is called the longitudinal metacenter (see Mi, Fig. 2). 

According to the reasoning employed in the discussion on 
stability, 

Moment of longitudinal stability = gMi sin c X D 
If 

L = length of ship, feet, 
h = change of trim, inches, 

sin c = tan c = for small angles, 

Moment = — ft.-tons (7) 

The movement of a weight of 'IT tons a distance l ft. in the 
fore or aft direction will produce a disturbing moment that must be 
balanced by an equal “trim moment.” 

Hence, 


_ gMihl) 


(8) 
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6. Ship Resistance. —Some years ago the U.S. Experimental 
Model Basin, an activity of the United States Navy, started 
testing a series of ship models. This was done at the suggestion 
and under the direction of Adm. D. W. Taylor and was due to the 
failure of the development of satisfactory or adequate methods for 
calculating ship resistance and its correlative features by means of 
mathematical formulas. Adm. Taylor’s idea was to obtain a 
series of curves based on the performance of a series of ship models 
or families of models in which the variables had been systematically 
modified. Then, by reading the curves, the performance of any 
ship with proportions within the range tested could be accurately 
predetermined. 

This series of models, now known as the famous Taylor’s 
Standard Series, embraces many models with bulbous bows, 
parallel middle body, and other special features. The results of 
these tests have been digested and put in workable form in the 
revised edition (1933) of Taylor’s “Speed and Power of Ships” 
and are sufficiently comprehensive to enable the calculation of 
effective horsepower (E.H.P.) curves for a great variety of ship 
designs. Also, these data are sufficiently accurate to determine 
the effect of changes in length, beam, draught, hull coefficients, 
and other characteristics so as to arrive at the best combination 
consistent with requirements. 

Either by good fortune or extremely intelligent selection, 
the parent or basic form of the Standard Series was an excellent 
one from the viewpoint of resistance. It was so good that it is 
today the standard by which the performance of hull designs is 
judged. There are few designs produced today that can show 
less resistance than the corresponding model from the Standard 
Series. 

As a consequence, the more progressive hull designers base 
their designs on the Standard Series and on other available informa¬ 
tion on model tests rather than starting blindly from a displace¬ 
ment or length and then working up on a strictly mathematical 
basis. 

The common procedure, after the general size and type of 
ship has been determined, is to consider the Standard Series 
curves and determine the lines of the ship. It is possible, from 
these curves, to estimate very closely the probable performance. 
After the model has been tested, certain changes tending toward 
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improvement may and generally do suggest themselves. These 
are then tried; and, depending on whether results are favorable or 
unfavorable, further small changes can be made. In this cut-and- 
try manner, the hull design can be so refined as to obtain probably 
the best possible, and it may be that the Standard Series will be 
bettered. 

Ship resistance is made up of four components, as follows: 

1. Streamline Resistance. —This is due to the energy required 
to maintain streamlines in the water. Since the water has some 
viscosity, some energy is required; but since the viscosity is low, 
the amount of energy involved is relatively small. 

2. Eddy, or Head, Resistance. —This is the energy required to 
form vortex eddies such as would be formed were a plank moved 
broadside forward through the water. In good designs of ship 
form, this resistance is relatively small. 

3. Skin Resistance. —This is the energy required to maintain 
a film of turbulent water close to the surface of the ship and depends 
to some extent on the roughness of the surface. For instance, 
barnacles or other marine growth on the ship’s bottom will increase 
the roughness greatly and consequently the skin resistance. This 
is one of the largest and, we might say, governing resistances. 

4. Wave Resistance. —This is energy required to maintain a 
system of waves surrounding and accompanying the ship. This 
is a large component. 

Items 1, 2, and 4 are usually called residual resistance. 

Any expressions for resistance involving merely speed, length, 
and draught are so approximate as to be misleading, because 
ship’s lines vary greatly. The marine engineer should depend 
upon the naval architect to furnish him with data as to resistance 
and other hull driving characteristics, and the naval architect 
determines these characteristics generally by the methods briefly 
outlined above. 

In shallow water or restricted channels, resistance is greatly 
increased. This is due to the fact that a skin-friction effect will 
occur on the channel bottom similar to that which occurs on the 
skin of the hull. For this reason, resistances are specified on the 
basis of deep water, and trials are run in deep water. At a depth 
of F 2 /3.6, the effect of close bottom should be negligible for large 
ships. F is in knots. For destroyers and smaller craft, the hull 
bottoms of which are less flat, less depth is permissible. 
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7. Extended Law of Comparison. —For similar models operat¬ 
ing at corresponding speeds, that is, speeds corresponding to their 
size, certain laws of comparison hold good. These laws may be 
applied to similar ocean-going ships of different sizes, or they 
may be applied as between a 20-ft. model and a 1000-ft. ship. 

D = displacement, tons. 

L = length, feet. 

R = resistance, pounds. 

V = speed, knots. 

E = effective horsepower. 

P = shaft horsepower. 
e = propulsion efficiency. 


whence 


Therefore, 



(9) 

( 10 ) 

( 11 ) 

( 12 ) 


for similar models at corresponding speeds. 
Also, 


V 

Vl 


= const. 


(13) 


F/vX is known as the speed-length ratio and is an important 
factor to naval architects. From it the corresponding speed 
when changing from model to ship, or vice-versa, can be obtained. 

For any given model or ship, a curve can be plotted with the 
constant P/D ,A versus the constant V/ V L. This will take the 
shape of a curve as in Fig. 3. However, it can be seen that for a 
given displacement and length the ordinate would rise rapidly 
at the higher speeds, so rapidly, in fact, that it would be imprac- 
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tical to plot it on an ordinary curve sheet and obtain accurate 
readings at the lower speeds. 

We know that, in the lower ranges of speed, power increases 
as the cube of the speed. 1 However, as speed increases, the power 



_v_ 

Vl 



Vl 


Fig. 4. 

increases at an increasingly large exponent of the speed. In 
some craft such as destroyers operating at full power, this may go 
up to the seventh power of the speed. 

1 At speeds below the critical velocity, resistance varies directly as the speed 

V 

(see Art. 71). This accounts for drop in the curve (Fig. 4), until — 0.6, or 
10.4 knots is reached. 
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Therefore, assuming the lowest exponent with which we shall 
meet, except at very low speeds namely, 3, we can obtain a ratio 


P/D» =K 

(V/VL) z 


(14) 


that would be a constant for all values of V/VL provided that 
power increased according to the cube of the speed. If we should 
plot K versus F/VX, the curve would, under the circumstances 
just mentioned, be a straight line. However, since power increases 
according to greater exponents than 3 as speed increases, the'curve 
of K versus F/VL will rise somewhat (see Fig. 4), and it is sur¬ 
prising how these curves covering various ships of a given class 
will group together. This is an illuminating and convenient way 
to compare hulls. 

The important characteristics of wake fraction and thrust 
deduction will be covered in the chapter on Propellers. 



CHAPTER II 


PROPELLERS 

8. General. —The design of ship’s propellers on a scientific 
basis is of comparatively recent origin, being developed, in fact, 
within the present century. The actual invention of the propeller 
occurred in antiquity; its true inventor is unknown, as is the inven¬ 
tor of the wheel. Propellers were apparently used in China when 
Europe was a wilderness. At various times, able people have 
studied the propeller and done important work on it. Ericsson 
was one of these; he virtually introduced the propeller to this 
country. 

However, until the early nineteen hundreds, propeller design 
was based mainly on “cut-and-try ” methods. A so-called 
propeller “designer” would look at the stern of a ship on the ways 
and then would decide that the proper propeller for this ship 
should be of such a diameter and have so many blades. Then 
he would go home and actually make a brief calculation as to 
pitch. This would involve the revolutions per minute (r.p.m.) 
and the speed of the ship, together with an assumption as to slip. 
If he did not guess too small on diameter, this propeller would 
propel the ship indifferently well and there would be no criticism. 

9. Dyson’s Method. —Probably the first man to have any 
degree of success in putting propeller design on a scientific basis 
was Adm. C. W. Dyson of the United States Navy. He made 
a great number of tests on actual full-sized ships under different 
conditions of speed and displacement. The results of these tests 
were digested and plotted in the form of general curves that 
could be used in choosing a propeller for a given job or in predicting 
the performance of a given propeller on a given ship. 

Dyson’s method involved starting with the actual lines of the 
hull, and the resistance of the hull as determined by model tow 
tests or otherwise. His method includes the estimating of wake 
effect and thrust deduction—data that are now accurately deter¬ 
mined from the model tests. A great many empirical formulas 
were incorporated, and good judgment was necessary. Dyson’s 

12 
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method in the hands of one experienced with it produced excellent 
propellers, but it had one great failing. With it, one could specify 
the best propeller based on the standards of blade contour, blade 
section, etc., of the propellers that Dyson used in his original 
tests, but it was impossible to build up further from Dyson’s method 
by means of later discoveries and improvements. With the 
improvement in propeller design that developed as in any active 
art, Dyson’s method has fallen into disuse. There is one feature 
which he developed which is still retained, however, and that 
is his standard projected-area forms for two- , three- , and four- 
bladed propellers (see Fig. 5). 

10. Taylor’s Method. —A different and better method of 
designing propellers is now most extensively used, based on a 
coefficient first proposed by Froude as early as 1890. Adm. D. W. 
Taylor of the United States Navy worked with this coefficient 
and has been responsible more than any other person for the 
development of the modern method of propeller design about to be 
discussed. R. Edmund Froude (the younger) proposed the use 
of the coefficient in a manner that was, in effect, a statement as 
to what the British Admiralty Experiment Works was using and 
finding satisfactory. His “constant,” as he called it, was 

0 _ tens of r.p.m. X (I.H.P.)* 4 
R (speed in tens of knots) 54 

Froude makes no mention of the derivation of this constant, if, 
indeed, a mathematical one existed. This constant, or coefficient, 
has been changed slightly to become the one used today. 

-®p = y-A (15) 

where N = r.p.m. 

P = power absorbed by propeller. 

V = knots. 

B p is a quasi-dimensionless coefficient, as will now be demon¬ 
strated. Also, the logic of its use as a basis for propeller design 
will be apparent. 

In the case of any screw propeller working in a viscous fluid, it 
can readily be shown by means of dimensional analysis that the 
thrust developed is 


(16) 
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Fig. 5.—Dyson’s standard forms of propellers. (Courtesy 
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where T =* propeller thrust, pounds. 
d = propeller diameter, feet. 
n = propeller revolutions per second. 

V = propeller speed of advance, feet per second. 
p = density of fluid, pounds per cubic foot. 

7 = kinetic viscosity of fluid. 
g = gravity acceleration. 

It will be noted that the second term in the brackets is Reynolds 
number (inverted) and that the third term is Froude's number. 
We know from numerous propeller tests, when the propeller is not 
in cavitation , that Reynolds number and Froude’s number have 
nothing to do with thrust. Therefore, these two expressions 
must enter in only when the propeller is in cavitation; and since 
we are to be concerned only with propellers not in cavitation, we 
can reduce the expression for thrust to the simple form 

r = p^7 2 X/(y) (17) 

It is obvious that nd/V is a dimensionless quantity denoting 
slip and is independent of the size of the propeller. 

We can write the equation for power as 

P = zTV 


where z is a dimensionless constant. Let 

p = propeller pitch, feet. 

Then for a given pitch ratio p/d the slip function f(nd/V ) is 
a constant for any given speed V. Let 


nd 


= Si 


V ~ u 1 (18) 

Then substituting for T in the equation for power we get 
P = zpdW 3 X /(Si) 


But 


, nd , . V 

Si = y or d = Si - 


P = zp8\^V*xm 


Therefore, 
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Let z5\ X /(5i) = B 2 , which is dimensionless since all the 
components are dimensionless. 


V 5 

P = B 2 p^ 
n 2 


B 2 = 
B = 


n 2 P 

W 7 ° 

nP # 


(19) 


which is a dimensionless coefficient fixing the performance of any 
propeller regardless of size but having a given pitch ratio, number 
of blades, blade proportions, etc., and at a given slip but not in 
cavitation. 

However, since water is the only fluid with which we are 
concerned at present, we can dispense with the variable p and use a 
quasi-dimensionless coefficient. Moreover, since it is customary 
in propeller problems to use knots instead of feet per second 
and revolutions per minute instead of revolutions per second, 
V = knots and N = r.p.m. will be used hereafter. 

The quasi-dimensionless coefficient then becomes 

NP H 

B p = -yw (15) 


where the subscript p indicates that the coefficient is concerned 
with power input to the propeller rather than the useful power 
output. 

Therefore, if any model propeller is tested at a given slip and 
r.p.m., power input in horsepower, and speed of advance in knots 
are measured, the coefficient B p can be determined, which will hold 
good for any size of propeller of geometrically similar proportions. 

A practical coefficient now being available incorporating 
nautical terms such as r.p.m., horsepower, and knots, an expression 
for slip involving 

* Nd 
5 = T~ 

and 

a = the pitch ratio 

where p is the pitch of the propeller in feet, will now be woijced out. 
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First S = slip ratio must be defined as that percentage of a 
propeller revolution turned which does not advance the propeller 
in proportion to pitch. 

Therefore, the propeller should advance, in feet per minute, 


Np(l - S) = Nad{l - S) 

If V = knots, then 101.33 V = ft./min. 

101 .33 V = Nad( 1 - S) 

_ Nad{ 1 - S) 

101.33 

, Nd 

5 = T 

Nd( 101.33) 101.33 

6 ~ Nad( 1 - S) ~ o(l - S) 

, _ 101.33 

1 /b ^ 

ad 


( 20 ) 


( 21 ) 


Thus, if pitch ratio and 8 are known, slip may be determined. 

Consider a series of propellers, all having the same number of 
blades, the same thickness of blade in proportion to diameter, 
the same width and contour of blade in proportion to diameter, 
in short, all these propellers the same in proportion except pitch 
ratio. It is obvious that if these be run at a given power input, 
a given number of revolutions, and a given speed of advance the 
value Nd/V will be different for each pitch ratio, decreasing as 
pitch ratio increases, and vice versa. If the efficiency of the 
propeller is determined at the same time, it is obvious that these 
data can be used to determine or predict the performance of any 
propeller of any size or speed provided that the coefficient 


B p = 


NP H 

yn 


(15) 


is of the same value as tested and provided that the propeller 
is not in cavitation. 

Similarly, if other values of B p are tested over a sufficiently 
wide range, we can then predict the performance of this type of 
propeller in any service and of any pitch ratio and size, -with the 
one proviso that it stay out of cavitation. 

Adm. D. W. Taylor of the United States Navy made up a 
number of propellers, a series, in fact, and on these models he 
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made a series of tests such as was described above. The results 
of these tests were put on the basis of the quasi-dimensionless 
coefficient derived above and plotted in the form of curves. These 
curves appear in his book “The Speed and Power of Ships.” 1 

From the foregoing it follows that, in similar manner, the power 
output U of the propeller could be used as well as the power input 
P, and a similar coefficient 

NU H 

Bu = ^r ( 22 ) 

the only difference being the factor of efficiency of the propeller. 
If e p = propeller efficiency, 

e p P = U (23) 



NP» _ NU' A 

Bp - ~ ep H V a 

B p v e p — -y-^ 2 — B u 

Therefore, 

*- - (ty ™ 

* Naturally, a plot of values of B u is much more valuable than a 
plot of B p because it is generally required to choose a propeller 
for a given job rather than to determine what a given propeller, 
already chosen, will do. 

Figure 6 shows a plot of three-bladed propeller performance 
as made by Adm. Taylor. This is taken from his book “The 
Speed and Power of Ships,” in which are many curves of char¬ 
acteristics for three- and four-bladed propellers and to which it is 
suggested that reference be made if extensive work on propellers 
is to be done and further study is desirable. 

Figure 7 shows corrections to be made when the three-bladed 
propeller has a mean width ratio or a blade thickness fraction 
other than M.W.R. = 0.25 or B.T.F. = 0.05, the conditions 
covering Fig. 6. 


1 Ransdell, Inc., Washington, D.C., 1933. 
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It wiljl be noticed on all Adm. Taylor’s curves that as the 
values of B u increase the maximum efficiency obtainable decreases 
and the correct pitch ratio to obtain this maximum efficiency also 
decreases. It will be noted that there is one best value of 5 = Nd/V 



and one pitch ratio that should be used to obtain the highest 
possible efficiency for a given B u . A curve has been drawn on 
Fig. 6 through these maximum efficiency points. Adm. Taylor 
did not include such a curve. 
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Fig. 7. —Correction curves for Fig. 6. (From The Speed and Power of Ships, by Adm. D. W. 

Taylor, U.S,N.) 
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To understand Taylor’s method of design a knowledge of 
propeller proportions and the meanings of definitions is necessary. 
Generally the diameter of the hub is 20 per cent that of the propeller 
(or tip diameter). Figure 8 shows a conventional elliptical blade 
with a 20 per cent diameter hub. The term conventional elliptical 
blade is used because that is the general shape of the blade as 
recommended by Dyson when his standard projected-area forms 
were offered to the public and this form, as previously mentioned, 
has been generally accepted. Figure 8 shows the developed 



Figs. 8 and 9.—Conventional elliptical blade and nomenclature. 

outline of the blade above the 20 per cent hub. If the area of 
this developed blade is divided by the distance from hub to tip, 
the result will be a mean width , a very important dimension. 
Mean width divided by the diameter of the propeller results in a 
dimensionless ratio called the mean width ratio , which is a measure 
of the proportionate size of the blade and its surface area and, 
consequently, unit surface pressure, which has to do with cavita¬ 
tion, as will be demonstrated later. 

Therefore, referring to Fig. 8 and its notation, 


Mean width 
d 


M.W.R. 


(25) 


A factor used by Dyson, and still in common usage among 
many propeller designers and having the same general significance, 
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was called the projected area ratio, or the ratio of projected area 
of all the blades on the propeller and above the 20 per cent hub 
to the disk area, or ird 2 /A. This projected area ratio, or PA/DA, 
as it is often called, does not have the full meaning that M.W.R. 
does because PA/DA does not take pitch into account. In the 
case of the standard-shaped blade, PA/DA can be changed to 
M.W.R., provided that pitch ratio a and number of blades n 
are known, by the expression 

PA 

pj = (0.543 - 0.1166a)n (M.W.R.) (26) 


The maximum developed width of the blade can be determined 
by the expression 


l = 1.88(M.W.R.)d (27) 

For values of a — pitch/diameter, or p/d, between 0.6 and 
2 .0, the following expressions hold good: 


Total developed blade area = 0.4nd 2 (M.W.R.) 

Projected area = PA = (0.4267 — 0.0916a) nd 2 (M.W.R.) 


PA _ 

Developed area 
Developed area 
Disk area 


1.067 - 0.229a 
0.509a (M.W.R.) 


(28) 

(29) 

(30) 

(31) 


There is a limit to M.W.R. vitally affecting efficiency. The 
reason for increasing the blade width is to decrease the unit pres¬ 
sure, but naturally this presents more surface for drag friction. 
This loss of efficiency progresses fairly proportionately until a 
value of approximately 0.50 for M.W.R. is reached, and then there 
is a sudden great increase in the loss. The efficiency falls off 
very rapidly. 

Figure 9 shows another view of the conventional propeller. 
The notations of “leading edge” and “trailing edge,” of course, 
would be on the right- or left-hand side of the view depending on 
whether or not the propeller was designed to rotate clockwise or 
counterclockwise, or, as is sometimes said, “right hand” or “left 
hand.” 

The face is shown as a straight line. When this straight line 
revolves at a constant angular velocity and moves forward at a 
constant linear velocity, a helicoidal surface is generated, which is 
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the face of the propeller blade. Generally the straight line is 
perpendicular to the axis of rotation; but sometimes in order to 
clear some part of the hull the straight line, or generatrix, is 
inclined. In either event, the propeller action is the same. 

The propeller blade acts as a cantilever beam with a dis¬ 
tributed load, the total load being the total pressure upon the 
blade. The stress then depends, for a given load, on the section 
modulus at the root, or point where the blade joins the hub. 
Since this is true, the thicker the blade at the root, the less the 
stress or the stronger the blade or the stronger the propeller. 
A measure of this proportionate thickness is a measure of propor¬ 
tionate strength. This thickness is usually designated as the blade 
thickness fraction or B.T.F. and is the ratio between the length of 
the axial intercept between the front and back lines (extended to 
the axis) of a central radial section of the propeller blade and the 
diameter of the blade (see Fig. 9). B.T.F. = f/d. 

A circumferential section through the blade is generally ogival 
according to Dyson’s standard form (see Fig. 5). But of recent 
years owing to the marked advance in the science of fluid mechanics 
it has been found that blades of ‘‘airfoil” section offer much less 
resistance to the flow of water past, and consequently a somewhat 
higher efficiency propeller is the result. This increase in the 
efficiency due to the adoption of airfoil section is not marked, 
being a matter of several per cent. Also, it has been found that 
airfoil sections tend to increase cavitation, all other things being 
equal (see Fig. 13). 

Since propellers have been discussed up to this point on a 
proportionate basis, the law of comparison between a large and 
small propeller will now be given. 


Law of Comparison 



Large 

propeller 

Small 

1 model 

Diameter, feet. 

D 

1 

d 

R.P.M. 

N 

n 

Speed of advance, knots. 

V 

V 

Thrust, pounds. 

T 

t 

Torque, pound-feet. 

Q 

Q 

Pressure on propeller, pounds per square inch. . . 

P i 

pi 

Power absorbed. 

P 

V 
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X = ratio of linear dimensions 


D = \d 

(32) 

T = \H 

(33) 

Vx 

(34) 

il 

(35) 

V = V Vx 

(36) 

Pi = Xpi 

(37) 

II 

GO 

ii' 

(38) 


These equations hold until cavitation .darts. 

It should be mentioned here that, in running tests to determine 
the performance of a small model in order that this performance 
may be converted to that of a propeller of large proportions, 
elaborate equipment is necessary if there is any likelihood that 
the large propeller might operate near the cavitation point. 
This equipment is necessary in order to obtain less than atmos¬ 
pheric pressure on the surface of the water in which the test is 
run. 

Such tests are usually run in a water tunnel with a vacuum 
pump attached and controls so arranged that the desired pressure 
will be maintained on the water surface throughout the test. It 
is beyond the scope of this book to describe the detailed operation 
of such a water tunnel. 

As will be brought out later, the pressure on the propeller has 
a great effect on the point at which cavitation or boiling will 
occur. As an example of this phase of model performance, 
consider the case of a ship that is to be equipped with a 15-ft.- 
diameter propeller with 4 ft. tip submergence. This is equivalent 
to 11.5 ft. of water at the hub plus atmospheric pressure of 15 p.s.i. 
11.5 ft. X 0.4335 = 5 p.s.i. Pi = 5 + 15 = 20 p.s.i. abs. pressure 
on the hub. 

Suppose a 6-in. model is to be run in order to predict therefrom 
the performance of the 15-ft. propeller. 

x = i - 30 

- x -1" °- 67 p - u ' 

or 1.36 in. of mercury absolute. With a 30-in. barometer this would 
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correspond to a negative manometer reading of 28.64 in. of mercury, 
or, in engine-room parlance, “28.64 in. of vacuum.” 

Tests that are run with full atmospheric pressure on the surface 
of the water are called “open-water” tests. All readings below 
that point at which cavitation would occur if the proper pressure 
were on the propeller are quite accurate. In other words, below 
cavitation, pressure does not appreciably affect torque and thrust 
readings. 

This extra-large proportionate pressure which exists in the 
case of small propellers operating in open water is one reason why 
motorboat propellers can operate at such high values of r.p.m. 
without cavitation difficulty. It is also the reason why self- 
propelled tests of ship’s models in open water are not always a 
true measure of performance especially at the higher powers. 
All those concerned with the testing of ship’s models under self- 
propelled conditions dream of the time when they will have a 
variable-pressure basin in which all factors are adjusted for. 

In order to choose a propeller for a given job, it is necessary to 
have all the data for the determination of B u . Required are N, 
the r.p.m. of the propeller; U, the useful horsepower; and V a the 
speed of advance of the propeller. 

The useful horsepower U is that part of the initial shaft horse¬ 
power (S.H.P.) which is available for propulsion after the propeller 
losses are taken into account. Having the useful horsepower, 
the hull effect must be considered in order to obtain the actual 
work on the ship, which is, of course, the effective horsepower, or 
E.H.P., of the ship at that speed. 

The hull efficiency may be greater than 100 per cent and con¬ 
sequently the useful horsepower U be less than the E.H.P. A 
strong wake helps or increases the hull efficiency, whereas a 
strong or heavy thrust deduction detracts from the hull efficiency. 

Wake effect is specified as “wake fraction” and is the speed 
of the wake divided by the speed of the ship with reference to 
undisturbed water. Since the propeller operates in wake, the 
speed of advance of the propeller through the water in which it 
finds itself will not be the same as the speed of the ship unless the 
wake has a speed of zero. If 
w = wake fraction, 

V = speed of ship, knots, 

V a = speed of advance of propeller, 
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w = 



or 


V a = F(1 - w) 


(39) 


Thrust deduction is due to the propeller drawing water past 
the surface, or skin, of the hull and thereby causing a backward 
drag. If the propeller were not there, this would not exist; con¬ 
sequently, it is not a regular part of the resistance such as would 
be evident or become evident in a towed test. It results in a 
deduction from the thrust that would ordinarily be produced by 
the propeller. 

Thrust-deduction effect is specified as the thrust-deduction 
coefficient and is the ratio between the thrust deduction and the 
initial thrust of the propeller. If 

T = propeller thrust, pounds, 
t = thrust-deduction coefficient, 

(1 — t) = proportion of the propeller thrust useful in driving 
the ship, 


T(l — t) = useful thrust 
326 E.H.P. 
(1 - t)V 

Hull efficiency is defined as 


1 - t 
1 — w 


(40) 

(41) 


Therefore, it can be seen that if the wake fraction is greater 
than the thrust deduction the hull efficiency is greater than 100 per 
cent. 


E.H.P. = U (jL-i) 


(42) 


Therefore, 


U = 


E.H.P. 
1 - t 
1 — w 


S.H.P. 


and 


S.H.P. 


E.H.P. 



(43) 


From the foregoing it is obvious that if values for E.H.P., 
w, t, V, and N are known the coefficient B u can be immediately 
determined. Since all these values are determined from hull 
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characteristics with the exception of N, the propeller designer 
should obtain them from the naval architect. N, of course, is 
determined by the marine engineer, and the propeller designer 
should obtain the value of N from him. 

However, the proper procedure is to allow the propeller designer 
a voice in the determination of the r.p.m. The best design is 
always a compromise, and the best ship cannot always be obtained 
unless each factor in the problem is given its proper weight. The 
marine engineer can usually build lighter and more efficient 
equipment if the r.p.m. of the propeller shaft is kept high. How¬ 
ever, this high r.p.m. may necessitate a very inefficient propeller 
to the extent of more than offsetting any gains due to the light 
machinery. In the design of a ship it is extremely bad policy not 
to let your right hand know what your left is doing. Close coopera¬ 
tion is essential; a propeller is far more than a mere piece of metal 
stuck on the end of the shaft. 

The procedure of design or choice is as follows : 

A tentative r.p.m. having been obtained from the marine 
engineer and the hull characteristics from the naval architect, B u 
is determined. 

As an example, take the case of a 16.5-knot 13,812-ton cargo 
ship with a tentative r.p.m. of N = 150, E.H.P. = 4700, thrust 
deduction t = 0.18, wake fraction w = 0.31, and hub depth = 
14.75 ft. A single three-bladed screw is desired, and S.H.P. is 
to be determined. 

( 22 ) 

3960 


0.31) = 11.4 


In Fig. 6, it will be noted that for maximum efficiency 

o = 5 = 0.67, 


B u 

N = 
U = 

JJH = 

v a = 
vj* = 

B„ = 


NU H 

150 

E.H.P. 

1 - t 
1 — w 
63 

F(1 - w) 

439 

150 X 63 
439 


4700 
1 - 0.18 
1 - 0.31 

= 16.5(1 - 


= 21.6 



Art. Ill 


PROPELLERS 


29 


5 = 217, and efficiency = e p = 0.58. It should also be noted at 
this point that the family of curves in Fig. 7 is based on an M.W.R. 
of 0.25 and a B.T.F. of 0.05. Assuming for the time being, that 
this M.W.R. and B.T.F. will be satisfactory, we shall proceed on 
this basis. 


5 X V a 217 X 11.4 
a ~ N ~ 150 

Pitch = 0.67 X 16.5 = 11 ft. 


16.5 


ft. 


S.H.P. to be determined later. 

This, therefore, fixes the complete dimensions of the propeller. 

The method can be worked in reverse in order to predict the 
performance of any propeller under any conditions. 

11. Cavitation.—If the blade of a propeller of given blade 
area is driving a ship through the water, a pressure exists on the 
driving face of the blade. For a given thrust on the part of the 
propeller the unit pressure will increase as the blade is made more 
narrow. At the same time, on the reverse side of the blade, 
the pressure is relieved; and if the revolutions are sufficiently 
high and the slip sufficiently great, a partial vacuum may exist 
to the extent that vaporization of the water takes place and a 
conventional boiling of the water on the back of the blade is 
evident. The result of this is that the whole propeller may become 
enveloped in a boiling mass of water and thrust may no longer 
increase in the same proportion to the torque applied as was the 
case before this boiling started to occur. The energy put into 
the propeller shaft is going, to a great degree, to boiling water 
rather than to propelling the ship. This phenomenon is called 
cavitation and, from its nature, is more likely to occur under the 
following conditions: 

1. The Pitch Ratio Is Great .—If the pitch ratio is small, the 
propeller more nearly approaches the condition of a disk rotating 
in the water, which would be the case were the pitch ratio zero. 
In this case, there would be no tendency to create a vacuum 
back of the blades and consequently no boiling. As the pitch 
is increased, this tendency to create the vacuum back of the blade 
grows greater with the allied tendency to boil. 

2 . The Slip Is Great .—If there were no slip, the effect would be 
the same as that of a disk revolving in the water, as in the case of 
zero pitch; therefore, there could be no tendency toward a vacuum 
and consequent boiling. 
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3. Thp Hub Depth Is Small .—The deeper the hub, the greater 
will be the pressure of water on the propeller and consequently 
the less tendency toward a vacuum and consequent boiling. 

4. The Blade Area Is Small .—The smaller the blade area, 
the greater will be the unit pressure on the driving face and the 
greater tendency to cause vacuum on the back of the blade. 

The foregoing characteristics refer to a propeller of given 
diameter. Since the speed of any portion of the surface for a 
given r.p.m. is proportional to the diameter, it follows that the 
r.p.m. at which cavitation will start is inversely proportional to 
the diameter. 

Capt. E. F. Eggert, U.S.N., developed a method for deter¬ 
mining the approximate r.p.m. at which cavitation will start. 1 
Among other factors, this method involves the thickness ratio 
of the blade section, or its maximum thickness divided by its 
width, where the maximum thickness is in the center as in the 
case of an ogival blade. Capt. Eggert called this ratio c. For 
the “airfoil” section where the maximum thickness is at about 
one-third the width from the leading edge, c is three-fourths the 
thickness ratio described above. Naturally, as the blade width 
is increased, the thickness increases; but, for all practical purposes 
in the case of ogival sections, 


c 


0.46 - 0.74& 
5.7 


(44) 


where b = M.W.R. 

For a given temperature the boiling pressure of water is the 
absolute pressure rather than the gage pressure. This can also 
be expressed in terms of feet head of water. Atmospheric pressure 
in terms of feet head is 33 ft. Since the absolute pressure on the 
propeller blades is the depth of water plus the atmospheric pressure 
on the surface of the water, the absolute head is 

h — 33 + depth in ft. 

Taking pitch ratio as a = p/d and slip as S, Capt. Eggert 
worked out an expression involving all the factors as follows: 

R.P.M. C X d /7."3(TT46) 

Vh ~ \ aS + 5.7 c 

1 Propeller Cavitation, Trans. Soc. Naval Architects Marine Eng., vol. 40, 1932. 
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or 


R.P.M. c 


60 Jh[ 7.3(1 + 46)] 
d \ aS + 5.7c 


(45) 


where R.P.M. C is the predicted r.p.m. at which cavitation will 
start. It will be noted from this expression that high pitch ratio, 
slip, and diameter lower the speed at which cavitation will start 
and that, the deeper the propeller works in the water and the 
wider the blade, the higher the speed which can be attained before 
cavitation will start. 

Hub depth is the depth considered, for this is the average depth 
of the blades. 

The propeller that has just been chosen in the foregoing problem 
on propeller design will now be considered from a cavitation stand¬ 
point. The first design was made on a basis of M.W.R. = 0.25 
and B.T.F. = 0.05 


h = 33 + 14.75 = 47.75 
6 = 0.25 

0.46 - 0.746 

c ~ 5.7 

5.7c = 0.46 - 0.74(0.25) = 0.275 

a = 0.67, S = 217 

, 0 101.33 

1 U ““ £ 

ao 

101.33 

1 ~ 0.67 X 217 °' 70 

S = 0.30 


R.P.M. C 


60 /M7.3(l + 46)] 

“ d \ aS + 5.7c 

60 / 47.75[7.3(1 + 1)1“ 

~ 16.5 \ (0.67) (0.30) + 0.275 
= 139 


(44) 


( 21 ) 


(45) 


Therefore, this propeller is unsatisfactory as regards cavitation 
because, although it is to operate normally at 150 r.p.m., cavita¬ 
tion will start at approximately 139 r.p.m. 

If we review the list of characteristics that cause cavitation,' 
there is apparently nothing on the list that can be conveniently 
changed except blade area. This can be made larger by making 
the blade wider, but at the sacrifice of some efficiency. 
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If we -take the cavitating r.p.m. as 150, an equation can be 
set up as follows: 


R.P.M.c 


150 


60 / 47.75[7.3(1 + 4b)] 

16.5 \ (0.67) (0.30) + 0.46 - 0.746 


Solving for b results in a value of 0.29 for M.W.R. 

Therefore, let M.W.R. = 0.30, which is a round figure. 

The question now arises as to what the efficiency will be and 
what power will be required to propel the ship. Since the pro¬ 
peller is to be used on a merchant ship that runs day in and day 
out at full power, the stress must be kept down. As a first esti¬ 
mate, with this blade of M.W.R. = 0.30, the B.T.F. will be made 
0.07, and stress will be checked later. 

Figure 7 shows corrections for values of efficiency e and 5 when 
M.W.R. and B.T.F. vary from 0.25 and 0.05, respectively. 

A new set of calculations will now be run through on the basis 
of M.W.R. = 0.30 and B.T.F. = 0.07 and the proper corrections 
made. 

As before, 


B u = 21.6 

8 (for M.W.R. = 0.25) = 217 
8 (for M.W.R. = 0.30) = 0.99 X 217 = 215 


d = 


a 

Pitch 
e p (for M.W.R. 
e p (for M.W.R. 


8 X 


215 X 11.4 
150 


= 16.35 


N “ 

0.67 

0.67 X 16.35 = 10.95 ft. 
0.25) = 0.58 

0.30) = 0.999 X 0.58 = 0.58 


ft 


This shows that when the correction is made for the change in 
M.W.R. and B.T.F. the diameter is lowered to 16.35 ft. and that 
the expected change in efficiency did not materialize, the latter 
being the same as before. 

12. Strength.—There now remains the question of strength. 
To calculate the blade stresses in propellers under given conditions 
of load is a complicated and involved procedure, so much so in fact 
that it is quite out of the province of this book. Among other 
things it is necessary to calculate the center of gravity of the 
blade, and this is a laborious task. 

However, in order to get a quick, if not too accurate, estimate 

of the strength of a propeller, Adm. Taylor drew some curves 
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through points indicating the strength of a number of propellers. 
By means of these curves, it is possible quickly to determine the 
maximum compressive stress approximately. These curves are 
shown in Figs. 10 and 11. 



Fig. 10. —Taylor’s short method for estimating stress. 

As an example of the use of these curves, consider the propeller 
which has been under discussion heretofore, the dimensions of which 
were determined. For convenience, these dimensions will be 
repeated. 

Pitch ratio = a = ^ = 0.67 
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Diameter = d = 16.35 

R.p.m. — N = 150 

M.W.R. = 0.30 

B.T.F. = 0.07 

U = 3960 

e p — 0.58 


ft. 


Therefore, 


S.H.P. = — = 

Cp 

Number of blades = 3 


= 6830 


S.H.P./blade = = 2280 


Taking the value of a = 0.67 and reading from the curve, 
Fig. 10, we obtain a value of Ci = 1530. 

In Fig. 11, 


Cipi 1530 X 2280 
A “ Nd 3 150 X (16.35) 8 b ' 6 

Y = % (M.W.R.) (B.T.F.) 2 = H(0.30)(0.07) 2 = 0.00098 


(46) 

(47) 


From the curve, it will be seen that the stress is 5200, which 
is probably satisfactory for a merchant ship with a manganese- 
bronze propeller. 

13. Drafting of Propellers. —The object in making a drawing 
of a propeller is to obtain a visual idea as to how it would appear, 
to obtain clearance dimensions with the hull, and to furnish the 
patternmaker and machinist with sufficient information to manu¬ 
facture the propeller properly. 

The drafting of propellers is fairly simple provided that the 
geometry is thoroughly understood. There are several methods 
of depicting propellers; the one that will now be demonstrated 
has proved to be satisfactory in practice. 

Sometimes it is necessary to incline the blades of a propeller 
in order to clear the ship’s rudder or other stern parts. In this 
event, the surface of the screw is generated by a straight line, 
moving forward at a certain rate, rotating about a fixed axis, 
and inclined, at a fixed angle, to the axis of rotation. In most 
cases, however, the surface is generated by a straight line moving 
forward at a certain rate, rotating about a fixed axis, and vertical 
to the fixed axis. The former is called an inclined generatrix 



= j(MWR)(BTF) 
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and the latter a vertical generatrix. Propellers having a vertical 
generatrix will be considered first. 



Projection on Athwartship Plane (Fig. 12A).—Draw AA' 
and oa. 
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R = radius of the propeller, which in this case is unity. In 
any practical case the actual diameter should be used. However, 
it would be more convenient to continue to consider the even 
percentages of the radius for determining the blade sections, as 
will be demonstrated. 

c 



Draw radial lines ob, ob', etc., forming equal angles at o. 

N = number of equal angles for a complete circle. 
p = pitch of propeller. 


-jy- == degrees in each equal angle. 

Draw arcs with radii of 0.25, 0.312, etc. 

Plot projected form of blade by means of proportions given 
in Fig. 5. 

Projection on Longitudinal Plane (Fig. 125).—Draw axes as 
before. Draw vertical lines spaced p/N apart and letter a, b, c , etc. 

Project points of intersection of projected form with the radial 
lines of Fig. 12A over to Fig. 125. The points where these pro¬ 
jection lines intersect corresponding lettered lines are points of 
longitudinal projected form as shown on Fig. 125. 
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Plan (Fig. 12(7).—Draw axis a, a i. Draw horizontal lines 
spaced p/N apart, and letter b, b', etc. 

Project points of intersection of radial lines with arcs 0.2 R, 
0.3 R, etc. (Figs. 12A to 12(7). The intersections of these pro¬ 
jection lines and the corresponding horizontal lettered lines 
(Fig. 12C) are points of helices, 0.2 R, 0.312, etc. 

Project points of intersection of projected form with arcs 
(Figs. 12 A to 12(7). The intersection of these projection lines 
and the corresponding lettered helices are points of plan projected 
form as shown in Fig. 12(7. 

Developed Form (Fig. 12A).—Take any arc as 0.5 R, and draw 
a horizontal line BC through its intersection with the projected 




Streamline Section 
Fig. 13.—Propeller-blade sections. 


form. Extend this line to the longitudinal section, Fig. 12 B, and 
obtain BD. Transfer BD to the athwartship elevation (Fig. 12/1) 
to axis oa. Draw DC. With DC as a radius and B as a center, 
draw an arc intersecting BC projected. This intersection is a point 
on the developed form. 

In the case of the inclined generatrix the procedure is exactly 
the same except that in the longitudinal elevation the lines 
a, 6, c, d, etc., are inclined to the right or left, as the case may be, 
at the proper angle but spaced apart horizontally a distance equal 
to p/N. Correction must be made for this inclination in the 
plan view by inclining, from which 0.2 R, OAR, 0.612, etc., are 
drawn. 

Blade Sections .—In the case of an ogival blade the section is 
formed by a straight line and an arc and in the case of a stream¬ 
lined blade by a series of curves. For the sake of simplicity, 
consider an ogival section as shown in Fig. 12A, but bearing in 
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mind th$t this section can be replaced by a streamlined one. In 
any case, the length of the blade section is 

Length = V(circumference) 2 + (pitch) 2 X (48) 

The angle is at o between radii through intersection of the pro¬ 
jected form and the arc at the radius at which the blade section 
is to be determined. Calculate the length as outlined above, 
project over to the longitudinal section to obtain the blade thick¬ 
ness at that point, and the section is known. 

14. Noise. —Propeller noise is usually caused by the propeller 
tips being too close to the hull, which causes the hull to vibrate, 
or by the leading edges of the blade being too blunt. Propeller- 
blade tips, in general, should not swing within 24 in. of the hull 
plating. Also, too few blades sometimes are the cause of syn¬ 
chronous vibrations. The greater number of blades, the greater 
the frequency at given r.p.m. (see chapter on Propulsion Shafting). 

Bad propeller whine, or “singing,” has been cured by merely 
sharpening the leading edges of the blades. 



CHAPTER III 

PROPULSION SHAFTING 

16. General. —As its name implies, propulsion shafting is for 
the purpose of transmitting the power from the reduction geai 
to the propeller. Since propellers must necessarily operate at 
low r.p.m., the torque transmitted to the propeller must be rela¬ 
tively high. In order to keep the stresses down to reasonable 
values, the shafting must be large, and this results in great weight. 
In order to utilize the material to best advantage, the shafting 
is often made hollow. 

No chances whatever can be taken with propulsion shafting, 
for a failure might be disastrous. The shafting is near the bottom 
of the hull; and if a break should occur, one part might flay around 
and tear a hole in the bottom of the ship in a short time. This 
actually happened in a passenger ship off the coast of South 
America. The ship sank in fifteen minutes, with great loss of life. 

16. American Bureau of Shipping Rules. —The American 
Bureau of Shipping publishes extensive rules as to the required 
dimensions of propulsion shafting, and these should be referred 
to. These rules involve expressions containing power and r.p.m. 
These rules are readily available in the bureau’s publications, and 
it is not necessary that they be repeated here. It is very desirable, 
though, that the marine engineer know what stresses exist in the 
shafting he is specifying, and the following methods are given. 
It is necessary, however, regardless of how low the stresses may 
appear, that the American Bureau of Shipping rules be satisfied. 

17. Pulsating Torque. —Torque applied to a propeller is not 
smooth except in the case of turbine drive or electric-motor drive. 
In other cases, such as that of the reciprocating steam engine or 
Diesel engine drive, corrections must be made depending upon 
crank arrangements, firing cycles, etc. (see Fig. 14). This dia¬ 
gram shows various arrangements of crank and cylinders of marine 
reciprocating steam engines. 

In the case of a given average torque, the greatest value of 
instantaneous torque will occur in the case of an engine with one 
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cylinder. And the instantaneous torque is no greater than the 
average torque in the case of an engine with an infinite number of 
cylinders. This latter is equivalent to a steam turbine or electric- 
motor drive. With varying arrangements of cranks and numbers 
of cylinders between one and infinity the value of instantaneous 
torque will vary in between. 



(F) (-1 K-/.00 

Fig. 14.—Values of K for shafting driven by reciprocating steam engines. 

The maximum twisting moment M T , in inch-pounds, when the 
shaft horsepower (S.H.P.) and shaft r.p.m. are known is 

Mr = X 63,024 X K (49) 

where A is a factor depending on the number of cylinders and the 
crank arrangement. In the case of turbine drive, K, of course, 
is unity, or 1. The value of K is shown on the diagram (Fig. 14) 
for other arrangements. 

If the indicated horsepower (I.H.P.) only is known, a mechani¬ 
cal efficiency of 92 per cent may be assumed, in which case 
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Mt = Sm: x 57 > 980 x K (50) 

In the case of Diesel engines with direct drive, the following 
values of K should be used: 

I H P 

M t = ^ p X 50,420 X K (attached auxiliaries) (51) 

I H P 

M t = R ~ p ~ X 53,867 X K (independent auxiliaries) (52) 

I I cylinder, K = 17 
4 cylinder, K = 2.3 
6 cylinder, K = 1.6 
8 cylinder, K = 1.38 
10 cylinder, K = 1.24 
12 cylinder, K = 1.15 

5 2 cylinder, K = 3.48 
3 cylinder, K = 2.10 
4 cylinder, K = 1.38 
6 cylinder, K — 1.15 
4 cycle 1 2 cylinder, K = 1.38 
double-acting ( 3 cylinder, K = 1.15 

This maximum twisting moment is a measure of the maximum 
stress to which the shaft is subjected. Naturally, the smoother 
the torque or the less the variation of K, the smaller the shaft 
that can transmit a given power safely. 

18. Stresses.—From the engine or gear reduction to the 
propeller will first run line shafting, then stern tube shafting, 
or that part which goes through the hull, then propeller shafting, 
or that part which attaches to the propeller. All are subjected 
to the twisting moment M T . There are also additional stresses, 
which will be discussed later. 

To take the line shafting first, it is well known that the section 
modulus and consequently the strength for a given weight of 
material are greatest when the material is distributed farthest 
from the center, or neutral axis. The weight or material in the 
exact center, or neutral axis, has no effect. For this reason, all 
propulsion shafting is usually made hollow or in the form of a 
pipe. In the case of merchant ships, the inside diameter of the 
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shafting is usually made 60 per cent of the outside diameter, but 
not always so. 

A = actual cross-sectional area of shaft, in square inches. 

F = weight of shaft per linear inch of length, pounds. 

L = distance from center to center of supporting bearings, 
inches. 

D = diameter of shaft, inches. 
d = diameter of shaft bore, inches. 

f b = bending stress due to shaft weight, pounds per square 
inch. 

f 8 = shearing stress due to torsion, pounds per square inch. 
ft = compressive stress due to thrust. 

/ = maximum combined stress, pounds per square inch. 

T = propeller thrust, pounds. 

Then, from fundamental mechanics, 


1.273 FL 2 D 
D 4 - d 4 


(53) 


This is the stress on any section of shafting between two bear¬ 
ings when the ship is lying idle in the water and the propeller is 
not turning. It is merely the stress in the shaft brought about 
by its own weight alone. The derivation of this expression is 
very simple and can be found in any good book on mechanics. 

In the discussion on propellers, it was seen that 


326 E.H.P. 

~ (1 - t)V 


(40) 


where t — thrust-deduction coefficient. 

V = speed of ship, knots. 

E.H.P. = effective horsepower. 

Then, 



16L 2 

25,000 (D 2 + d 2 ) 


(54) 


The derivation of this expression can be found in any good 
book on mechanics. It should be noted that the last part of the 
expression in the brackets contains the length in the numerator. 
This part covers the “column effect,” or the bending effect of the 
shaft under the compression. The longer the column, the greater 
the deflection outward and, consequently, the greater the stress. 



Art. 18] 


PROPULSION SHAFTING 


43 


If the column is extremely short, then the stress will be merely 
the thrust divided by the area. 


5.1M t D 

J* - D i _ d i 


(55) 


The derivation of this expression can be found in any good 
book on mechanics. It is that stress due to twisting alone. 

The resultant of all of these stresses is 


f = f± ^ + \ V <f» + ft) 2 + 4/? (56) 


By means of the latter expression the maximum stress for any 
part of the propulsion shafting that is situated between bearings 
can be determined. 

However, owing to the fact that propulsion shafting on ships 
is rarely equipped with a bearing aft of the propeller, the deter¬ 
mination of stress in the tail shaft, or propeller shaft, must be 
approached in a slightly different manner. In the first place, 
there is a stress due to bending brought about by the weight of the 
shaft plus the propeller. This bending moment would, when 
the ship is lying idle in calm water, be the weight of the propeller 
with its nut, etc., multiplied by the length of the shaft from the 
after strut bearing to the propeller center of gravity. To this 
should be added the slight moment due to this stub end of shaft 
weight. 

However, actually at sea under storm conditions when the ship 
pitches and yaws there is an additional inertia force on the propeller 
due to the accelerated and decelerated motion. No one can tell 
just how much this amounts to, but it is common practice to 
double the moment due to propeller weight alone. Therefore, 
the bending moment is considered as 

M B = 2 F 1 L 1 (57) 

where L x = length of propeller shaft from after strut bearing 
to center of gravity of propeller, inches. 

Fi = weight of propeller, nut, cap, and shaft to after end 
of propeller strut, pounds. 

10.2 M B D 

Jb ~ £4 _ d 4 

f - T 
Jt 0.7854(D 2 - d 2 ) 


(58) 

(59) 
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' ( 55 ) 

/ = + \ V (/ 6 +/ t ) 2 + (56) 

In the design of propulsion shafting both the S.H.P. and E.H.P. 
must be known. These are covered in the chapter on Propellers. 



Fig. 15.—Outboard shaft coupling. 

Where sections of the shafting are coupled together by means of 
couplings, in no case should keyways be cut below the outside 
diameter. The shaft should be upset on the end, thereby increas¬ 
ing its diameter at this point so that keyways will not be cut 
below the normal outside diameter. Figure 15 shows the con¬ 
ventional construction of outboard couplings. Note that keys 
are used across the diameters to prevent the shaft sections from 
pulling out of the tapers when the ship is backing. 

Often it is desirable to pull the stern-tube shaft out through 

Line shaft s t ern_ tube bearing in order to 

make repairs. This is much more 
convenient than taking this shaft into 
the hull and shaft alley and out 
through the engine room. This shaft, 
shaft of course, cannot be pulled out 

Fig. 16.— inboard shaft coupling, through the stern-tube bearing if the 
end has been upset for a coupling, as previously mentioned. In 
such cases, a different type of coupling is used such as that shown 
in Fig. 16. This stern-tube shaft has the same diameter all the 
way through. During backing the load is taken by a collar held 
in place by bolts as shown. 

As an example of the use of the foregoing method of stress 
calculation, the following case will be considered: 

A single-screw ship has an S.H.P. of 4000 at 90 r.p.m. The 
E.H.P. of the hull is 2500 at 14 knots, the rated speed at 90 r.p.m. 
of the propeller. 

It is proposed to make the shafting of the same diameter 
throughout. From a preliminary layout, it appears desirable 


Stern tube 
shaft 

Fig. 16.—Inboard shaft coupling. 
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to have a maximum span between bearings of 25 ft. This same 
preliminary layout indicates a distance of 25 in. from the after end 
of the stern tube to the center of the propeller. The propeller 
is to weigh 15,000 lb. and is 17 ft. in diameter. Pitch = 18.35 ft.; 
M.W.R. = 0.25. Total shaft length from gear to propeller = 150 
ft. The thrust-deduction coefficient, from model tests, is 20 per 
cent. 

In the solution of a problem of this general nature, the obvious 
method is to substitute the allowable unit-stress value in the 
formula and, the forces being known, substitute them in and 
solve for the dimensions of the member. Such a procedure 
cannot be followed here because the resultant stress is made up 
of a number of combined stresses, which can all be different 
insofar as the resultant stress does not exceed the allowable. 
Consequently, the most satisfactory method is to assume a size 
of shafting and from that work out the stresses. If the stresses 
are too low, assume a smaller size; if too high, assume a larger 
size of shafting, and work out the stresses again. After several 
attempts a curve can be drawn of stress versus shaft size, and 
then an intelligent choice can be made. 

As to allowable stress, for merchant ships, tankers, transports, 
and tugs, a steel corresponding to U.S. Navy Bs is ordinarily used, 
and the maximum allowable stress is 7000 p.s.i. This steel should 
have a tensile strength of 75,000 p.s.i. with a proportional limit of 
40,000 p.s.i. Longitudinal elongation (per cent in 2 in.) not over 
22, and a transverse elongation (per cent in 2 in.) not over 19 per 
cent. The carbon content should be 0.40 to 0.60 per cent, man¬ 
ganese 0.40 to 0.80 per cent, sulphur maximum 0.045 per cent, 
and phosphorus maximum 0.04 per cent. 

This corresponds very closely to the A.S.T.M. steel specification 
for class E forgings. 

To return to the solution of the problem, the American Bureau 
of Shipping rules give the equation for solid shafting 

3 / p 

D = c yjKi in. (60) 

P = 4000 S.H.P. 

N = 90 r.p.m. 

K\ = 64 (a factor for ocean service) 

c = 1 (for line shafting) 

D = 'V / 64 400 % 0 = 14.18 in. 
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Call it 14.75 in. to allow for increased stress due to bore. 
Make bore 0.60 X 14.75 = 8.85 in. 

Call it 8.75 in. 


F = 0.7854(Z) 2 - d 2 ) (0.284) 


F = 0.7854(14.75 2 
326 E.H.P. 


8.75 2 ) (0.284) = 31.3 Ib./in. 


T = 


(1 - t)V 

326 X 2500 


= 72,700 lb. 


(1 - 0.20)14 

M T = 63,024 = 63,024 = 2,810,000 in.-lb. 

L = 25 ft. = 300 in. 

L 2 = 90,000 

, 1.273 X 31.3 X 90,000 X 14.75 1<lnA 

f b =- 47,000 - 5920- = 1290 p S1 ’ 

A = 0.7854(217 - 77) = 110 sq. in. 

72,700 ^ + 16 X 90,000 


ft = 


110 


25,000(217 + 77) 


j = 790 p.s.i. 


/. = 
/ = 


5.1 X 2,810,000 X 14.75 


47,000 
1290 + 790 


5920 


= 5150 p.s.i. 


+ ^ V(1290 + 790) 2 + 4(5150) 2 


/ = 6300 p.s.i. 


(40) 

(49) 


Since this shaft corresponds to the American Bureau of Ship¬ 
ping rules and since the stress is under 7000 p.s.i., the line shafting 
should be satisfactory. 

The American Bureau of Shipping specifies that the tail shaft, 
or portion aft of the stern tube (or strut, as the case may be), 
must be increased in diameter over the line shafting diameter by 
an amount in inches equal to the propeller pitch in feet divided by 
12, or, in this case, 18.35 ft./12 = 1.53 in. Therefore the tail- 
shaft diameter should be 


14.75 + 1.5 = 16.25 in. 


The stress in this portion is calculated as follows: 

25 in. X 41.75 lb./in. = 1042 lb. weight of the overhung portion 
of the shaft 
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Propeller weight = 15,000 lb. 


F i = 15,000 + 1042 = 16,042 lb. 

I S = 2 X 16,042 X 25 = 802,100 in. lb. 

, 10.2 X 802,100 X 16.25 nnnn _ . 

& 70,000 - 5920 “ 2070 P-S1 ‘ 

, _ 72,700 _ . 

0.7854(264 - 77) ~ 495 psx 
, _ 5.1 X 2,810,000 X 16.25 _ . 

h 70,000 - 5920 dt)dU P-Sa ' 

/ = ——- + \ v / (2070 + 495) 2_ 4- 4(3630) 2 

/ = 5132 p.s.i. ‘it the overhang. 


Therefore, this section of the shaft is satisfactory. 

Because the section outside the ship is larger, the coupling at 
the end of this section should be made so as to permit the pro¬ 
peller shaft to be pulled through the stern tube (and through the 
strut bearing if there is one). 

19. Torsional Vibration. —Certain shaft installations, particu¬ 
larly those subject to a pulsating torque as with reciprocating 
engines, should be checked for critical torsional stress before 
final diameters are specified. For instance, the propeller ordinarily 
has great inertia, and the shaft is long and has elastic effect. 
Depending on the inertia of the propeller and the resistance of the 
shaft to twisting, this system will have a natural period of vibration 
similar to that of the balance wheel of a watch. If the shaft is 
held at its forward end and a force sufficient to turn the propeller 
is applied and then removed, the propeller will oscillate back and 
forth as does the watch balance wheel and at a fixed frequency. If, 
now, torsion is applied to the shaft at this same frequency, as by 
means of the impulses in a Diesel engine, these oscillations will be 
aggravated and increased in amplitude until such stress is reached 
that the shaft will fail. 

The determination of this natural period of vibration may be 
accomplished with sufficient accuracy in the following manner: 

From fundamental physics it is known that 
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where T = time, seconds, for one complete cycle* backward and 
forward to starting point. 

I = moment of inertia of the propeller assembly, mass 
feet squared, or ft. lb. sec 2 . 

I = ^ mr 2 where m = ^ 322 ^ an d r = ft. 


^ _ _ couple in ft.-lb. 

~ angular displacement in radians 
Having determined this frequency it is a simple matter for us 
to check and see if this matches with the impulses to the shaft 
given by the engine or possibly the propeller. If they do closely 
approximate each other, it will be advisable to enlarge and thereby 
stiffen up the shaft and consequently increase its natural frequency 
to get it out of the range of the engine. 

In the determination of the value of I for the u propeller 
assembly,” it can be proved by calculus that if the shaft is uniform 
in section for its entire length the effect is the same as if one-third 
of the moment of inertia of the shaft is concentrated at the pro¬ 
peller. Also, the inertia of the propeller proper is usually increased 
by 20 per cent to account for the water that must be moved with it. 

In other words, the effective moment of inertia of the “ propeller 
assembly” is 

/ = 1 . 2 / p + ML (62) 


where I p = moment of inertia of the propeller, together with 
nut, cap, etc. 

I s = moment of inertia of the line shafting with couplings. 
The value of R can be determined for hollow shafts as follows: 


a 


32 M t 

7 r(Z> 4 - d A )G 


radians per inch length 


(63) 


where a = radians. 

M t = twisting moment, inch-pounds. 

D — outside diameter of shaft. 
d = inside diameter or bore. 

All dimensions in inches. 

G =¥ modulus of elasticity in torsion == 12 X 10 6 for steel. 
The above expression is available in any good handbook. 
Then, 


M t 


in.-lb./radian for 1 in. length 


a 
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or 

R = ft.--lb. /radian 

for any length of L in. 

But 

M t tt(D 4 - d 4 )G 
a 32 


Therefore, 


R 

or 

R 


t(Z> 4 - d 4 ) 12 X 10 6 
12 X 32 X L 


98,500(7) 4 - d 4 ) 
L 


ft.-lb./radian 


(63a) 


As an example of the method of calculation, take the simple 
case of a propeller, the moment of inertia of which, together with 
the combined water, is equivalent to that of a solid disk of steel 
4 in. thick and 48 in. in diameter. Assume this to be driven by 
means of a 150-ft. shaft 10 in. in diameter and solid—no center 
bore. 

I (for disk) 

M 

I 


Mr 2 
2 

w _ 0.7854(48) 2 X 4 X 0.28 
g 32.2 

- ,25.6 


= 62.8 


7 shaft 


Mr 2 

2 


M 


7 shaft 

7shaft 

3 

I effective 

R 

T 


0.7854(10) 2 X 150 X 12 X 0.28 


w 
9 

1220 X (y 12 y 


32.2 


= 1220 


= 106 


106 


= 35.4 


125.6 + 35.4 = 161 
98,500(T) 4 d 4 ) 98,500 X 10 4 

L ~ 150 X 12 


= 0.546 X 10 e 



6.28 


Vo; 


161 


546 X 10 6 


0.1075 


sec. for one cycle 
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Frequency = q = 9.3 cycles/sec. 
or 

9.3 X 60 sec. = 558 cycles/min. 

This means that if impulses are applied at this rate they are 
in resonance with the shaft and destructive vibration in torsion 
will result. For instance, suppose that this propeller is to run 
at 93 r.p.m. and is driven by a four-cycle 12-cylinder Diesel engine. 
Such an engine produces one impulse per cylinder every other 
revolution or, in the case of a 12-cylinder engine, six impulses per 
revolution. 

In such a case, 6 X 93 = 558 impulses/min. would result, with 
probably disastrous consequences. 

It will be noted that in the foregoing it has been assumed that 
the propulsion shafting is anchored solidly at the forward end 
Actually, we know that this is not strictly true and that the driving 
machinery, be it Diesel engine, geared turbines, or what not, does 
have a finite moment of inertia. In short, there exists a long 
flexible shaft with moving elements at each end. 

In the case of Diesel engines, the moment of inertia of the 
engine is so great in comparison with that of the propeller that, 
in general, it is justifiable to consider it as infinite. 

A demonstration will now be made in an attempt to justify this. 

In the case where two inertia elements are connected by an 
elastic shaft, the time for one complete cycle of vibration at the 
natural frequency is 

T - 2 * 'Iwr^h < 64 > 

where Ji and / 2 are the moments of inertia of the individual 
elements at the ends of the shaft and the other symbols are as 
previously defined. The derivation of this expression can be 
found in any good physics book or bock on vibrations. 

Taking a value of 72 = 0.6 X 10 6 ft.-lb./radian and a value 
of I\, or propeller inertia, = 175 ft. lb. sec. 2 , which are reasonable 
values on a ship, it can be assumed that the value of 7 2 , or engine 
inertia, is four times that of the propeller assembly, or 700 ft. lb. 
sec. 2 This is a reasonable ratio to expect in the case of a Diesel 
engine drive. 
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/ 175 X 700 

T = 2tt yj0 6 x io«(175 + 700) = 6-28 X 0154 
T = 0.0968 

Frequency = -f = q qq 68 = 10.35 cycles/sec. 

Now, making the assumption that the forward end is anchored 
solidly, 

T ” 2l Vs 

T - 2 - XosWw - o - 28 Jw - 0107 

Frequency = 7 ^ = = 9.35 cycles/sec. 

Thus it can be seen that by making the assumption that the 
forward end of the shaft is anchored solidly an error of only 10 per 
cent has been introduced. 

Another argument in favor of assuming that the forward end 
of the shaft is anchored solidly or is attached to a body having 
infinite inertia is the difficulty of calculating the moment of inertia 
of the Diesel engine. This is a very tedious job, and often suffi¬ 
cient information is not available. The engine manufacturer 
is reluctant, for obvious reasons, to furnish either the complete 
moment of inertia or his detailed drawings. 

When geared-turbine drive is under consideration, the geared 
masses result in moments of inertia sometimes of the same order 
of magnitude as the propeller, and in this event it is advisable to 
abandon the assumption of infinite inertia and calculate the fre¬ 
quency on the basis of the two inertias. In such drives the dis¬ 
turbing periodic torque comes, not from the prime mover, but 
from the propeller’s inability to absorb steady torque owing to 
proximity of the blades to the hull. The blades approach and 
leave the hull at blade frequency, and it may be that this fre¬ 
quency will coincide with the natural period of vibration of the 
system, with deleterious results. 

Almost invariably, turbines are applied to marine drives today 
in the form of two elements, a high pressure and a low pressure, 
and these are geared double reduction to the propeller shaft. 
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These turbine rotors are relatively light as compared with a Diesel 
engine 6f the same power; and, in spite of the fact that the gearing 
increases their effective moment of inertia, the moment of inertia 
may be of the same order of magnitude as the propeller. 

In order to determine the moment of inertia of such a system 
and the natural period of vibration, the procedure is as follows. 



Gear ratio 2 to 7 = r 3 
Gear ratio 8 to 9 = r 4 

Fig. 17. —Effect of geared elements on the moment of inertia. 

In Fig. 17, if the propeller shaft is taken as a reference, the 
equivalent moment of inertia I A of gears 2, 3, and 7, which can 
be considered as one rotor, is 

I a = I 2 + T\Ii + r\I-, 

The equivalent moment of inertia I B of gears 4 and 5 is 
I B = r?J 4 + r\r\h 

The equivalent moment of inertia I c of gears 8 and 9 is 
Ic = r\I B + r\r\U 

The equivalent moment of inertia I D of rotor 6 is 

I D = r\rlh 

The equivalent moment of inertia I E of rotor 10 is 

Ie = r\r\Iu, 

The equivalent moment of inertia of the complete gear reduc¬ 
tion with turbines is 

I = I a + Ib + Ic + Id + 

The flexibility of the teeth and the elasticity of the shaft¬ 
ing in the assembly are generally so small that they can be neg- 
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lected. The natural period can now be calculated by means of 
the expression 

T = 2ir Vacfc + it) (64) 

which has previously been discussed. If this matches or coincides 
with blade frequency, something should be done to spread these 
frequencies. 

20. Critical Speed. —Still another type of synchronous vibration 
can occur in the shafting assembly, due to the natural period of 
vibration of the shaft in bending. 

In a manner similar to that whereby torsional frequency was 
obtained, from fundamental physics it is known that for linear 
vibration 



where T = time, seconds, for one complete cycle, backward and 

forward to starting point. 

, , , ,, , , wt. in lb. 

M = mass of the body =- 

J 0 


R = pounds per foot of deflection. 

If a length of propulsion shafting between supports or bearings 
is considered and M is the mass of that section and R is the pounds 
force for each foot of deflection (of course, actually the deflection 
due to its own weight would be only a few thousandths of an inch), 
then the natural period of vibration, or natural frequency of 
vibration, can be determined by the above expression. If the 
shaft then be run at such a speed that the up and down centrifugal 
force as the slightly deflected shaft whirls around coincides in 
frequency with the natural period, then destructive vibration 
will occur. The critical speed can be determined, as explained 
in the chapter on Turbines, by the expression 


R.P.M.c 


187.7 yjl 


( 66 ) 


It is considered that the total weight between bearings pro¬ 
duces—at rest—the deflection of A in. 

Assuming that the shaft between bearings acts as a uniformly 
loaded beam free to move longitudinally, the expression for 
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deflection is 


5WL 3 
A ~ 384#/ 


(67) 


All dimensions in pounds and inches. This expression can be 
found in any standard handbook. 

7 r(D* - d 4 ) 

1 ~ 64 

E = 30 X 10® for steel. 

W = total weight of shaft between bearings. 

W = FL. 


A = 


5 X FL 4 X 64 


FL 4 


R.P.M.c = 187 


384 X 30 X 10 6 X tt(D 4 - d 4 ) 
7 ^1.132 X 10 8 (D 4 - d 4 ) 


1.132 X 10 8 (D 4 - d 4 ) 


FL 4 


R.P.M. C = 


199 X 10 4 ID 4 - d 4 


L 2 


4 l 


F 


Owing to the fact that the shaft ends are not entirely free to 
move, there being some tension at the bearings due to the other 
sections of shafting, this expression gives a critical speed that is 
somewhat lower than will actually result but that is on the safe 
side, as was shown previously. And since the expression is closely 
approximate it can be simplified to 

2 v iflf / 

R.P.M. C = -jj- “ (68 ) 

between bearings. 

In the case of the propeller shaft where there is overhang, 


D 4 - d 4 


A = 


F 1 L\ 

ZEl 


All dimensions in pounds and inches. This expression can 
be found in any standard handbook. 

7r(Z> 4 - d 4 ) 

1 64 

E = 30 X 10 6 for steel. 


A = 


F 1 L\ X 64 


FM 


3 X 30 X 10 6 X tt(D 4 - d 4 ) 
R.P.M.c = 187.7 


4.42 X 10 6 (D 4 - d 4 ) 




42 X 10 6 (D 4 - d 4 ) 


F l L\ 

3.94 X 10 s ID 4 - d 4 


L x 


-f- 


FxLx 
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For the reasons given in the case of the shaft between bearings, 
this may be simplified to 


R.P.M.c 


4 X 10 5 ID 4 - d 4 

h Y FiLi 


(69) 


for overhung propeller shaft. 

As an example of the use of the foregoing method of calculating 
critical vibrations, calculations will be continued on the ship for 
which stress calculations on the shafting have already been made. 

Torsional-vibration frequency will be calculated first. 

It is necessary to know the moment of inertia of the propeller. 
To calculate this is a tedious and laborious process, and the value 
should be obtained from the propeller designer. However, if the 
moment of inertia is not readily obtainable, it can be approximated 
if the weight and diameter are known. In the case of propellers 
with a mean width ratio of approximately 0.25 and with three 
blades the radius of gyration is approximately 0.165d. In the 
case of propellers with an M.W.R. of 0.50 the radius of gyration 
is approximately 0.2d. 

Four blades: 


Wt. of propeller = 15,000 lb. 

Diameter = 17 ft. 

M.W.R. = 0.25 

Radius of gyration = H X 0.165 X 17 = 3.73 

Ip = (^?r) (3.73) 2 = 6500 


ft. 


The value of I s for hollow steel shafts can be determined from 
the following expression: 

I 8 = 6 X 10“ 6 X L(D 4 - d 4 ) ft. lb. sec. 2 


This is obtained from the simple expression found in any 
handbook, and the weight per cubic inch of steel has been incor¬ 
porated. The dimensions given are in inches as before, but the 
moment of inertia is in foot pound-seconds squared for use in the 
torsional-frequency expression. 

Therefore, 

I 8 = 6 X HT 6 X 12 X 150(47,000 - 5920) 

/ s = 445 ft. lb. sec 2 . 



56 


MARINE ENGINEERING 


[Chap. Ill 


It should be noted that the full length of the shaft from gear 
reduction to propeller was included. (Neglect tailshaft diameter 
increase.) 

I = 1.21 p + 4 s 


R = 


= 1.2 X 6500 + 44^ = 7948 
98,500 (D* - d 4 ) 


98,500(47,000 - 5920) 


t - - 6 - 2 s n£ 


150 X 12 
6.28 


= 2.25 X 10 6 


7948 


25 X 10 6 


0.372 sec. 


Frequency = 1/0.372 = 2.69 cycles/sec. This corresponds to 
2.69 X 60 = 161 r.p.m. Since the drive is to be geared turbine, 
there is no reason to suspect that this frequency will cause trouble. 
Any disturbance due to blade frequency with a four-bladed 
propeller would occur at 16 = 40.25 r.p.m. Since the full power 
occurs at 90 r.p.m., there is a good chance that there would hardly 
be enough energy due to blade action at 40.25 r.p.m. to cause 
trouble. 

The critical speed due to deflection between bearings will now 
be calculated. 


R.P.M., 


R.P.M., 


2 X 10 6 ID 4 - d 4 
~ X 2 V F 

2 X 10 6 /47,000 - 5920 
~ (300) 2 V " 31.3 

= 805 between bearings 


This is satisfactory. 

The critical speed due to deflection at the overhang will now be 
calculated 


R.P.M., 


4 X 10 5 /D 4 - d 4 
U V FiLi 
4 X 10 5 /70,000 - 5920 
25 \ 16,042 X 25 

5120 r.p.m. 


which is satisfactory. 

It should be mentioned here that it has been found that there 
is sometimes a rise and fall in torque due to the proximity of the 
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propeller blades to the hull of the ship. For ordinary clearances 
encountered in present-day design, this wave of pulsating torque 
riding on top of the steady torque, or mean torque, amounts to 
approximately per cent of the average torque in operating 
with a rounded stern. In the case of propellers operating closely 
behind a strut or skeg, this pulsation may amount to 15 per cent. 

There is still another critical vibration that may be encoun¬ 
tered, due to a pulsating thrust from a pulsating torque at blade 
frequency. If this pulsating-thrust frequency matches with or 
synchronizes with the natural frequency of the complete hull, a 
vibration will be set up that will break piping and cause general 
annoyance. If the natural period of the hull can be determined 
in advance, this can be avoided. In general, attempts to stiffen 
up the hull and change its period have not been successful. Chang¬ 
ing the number of blades on the propeller seems to be the most 
practical solution. Sometimes it is necessary to have as many 
as five blades on the propeller. 

No mention so far as has been made of increased stresses due 
to stress concentration brought about by small-radii fillets at 
points where the shaft changes section, as, for instance, where 
flanges are made for couplings. Methods for allowing for this 
are described in any good handbook. The greater the change in 
diameter and the smaller the radius of the fillet, the greater 
the concentration of stress at the point of the fillet, amounting to 
as much as five times the stress in the other parts of the member. 



CHAPTER IY 

REDUCTION GEARS 

21. General. —The steam turbine is inherently a high-speed 
machine, as is demonstrated in the chapter on Turbines. If the 
turbine is run at low speed, even if it has been designed for this, 
the efficiency will be low or a great number of stages must be 
incorporated, which would increase the cost and weight. When 
turbines were first applied to marine work, they were generally 
applied in conjunction with reciprocating engines. The engines 
received the throttle steam, and the exhaust from the engines 
was fed into the turbine or turbines. Because of the cylinder 
condensation that occurs in a counterflow engine, turbines can 
more efficiently exhaust at low pressures than can reciprocating 
engines. Generally, these early marine turbines were directly 
connected to a propeller shaft. 

As an example of this type of design, the triple-screw steamers 
Olympic and Titanic (White Star Line) had the wing screws 
driven by reciprocating engines that exhausted into a turbine 
directly connected to the center screw. It was soon realized, 
however, that the great advantages of the turbine could never be 
utilized unless it was operated at high rotative speeds, and this 
meant the use of gearing. 

22. Double-reduction Gearing. —Naturally, the greatest reduc¬ 
tion possible will permit the highest speed, lightest weight, and 
most efficient turbine. After much development within the last 
30 years, the industry seems to have settled on double-reduction 
gearing with two turbine elements, a high pressure and a low 
pressure. 

There are times when an intermediate-pressure element might 
be desirable, but the trend has been toward two elements. If 
three elements are used, the accessibility is impaired. There is, 
moreover, some difficulty in aligning the three. Furthermore, 
there are two more bearings and gland seals to care for. However, 
with three elements the load per pinion is reduced; and since the 
turbine spindle is shorter, the critical speed is higher. In one 
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reduction, approximately 20 to 1 is about all that can be expected. 
It is generally less than this. 

When gearing was first applied in conjunction with turbines, 
much trouble was experienced owing to the irregularities of the 
teeth. In spite of the fact that hobs were used to cut the gears, 
the hobbing was done at relatively slow speed and it was difficult 
to maintain close enough bearing clearances in the table on which 
the gear blank was fastened. Also, the gear material was not so 



Fig. 18. —Tandem type gear (locked train). (Courtesy of De Laval Steam Turbine Co.) 


uniform as it should have been; consequently, the hob would not 
cut so deeply at a hard spot as at a soft spot. Attempts to cut 
soft steel and then harden it afterward were unsuccessful because 
of warpage. Therefore, while the gear and pinion would operate 
smoothly during part of a revolution, the teeth would be too thick 
during another part and gear centers tended to separate. Also, 
there might be a minute inaccuracy in tooth spacing. 

For a long time the only solution to this problem seemed to 
be to make the teeth of soft material or to incorporate an unde¬ 
sirable amount of tooth clearance. The first solution involved 
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rapid wear, while the second solution brought extra noise, or 
hum, and increased wear due to slight shock from this clearance. 

One attempt at a solution to the problem was the Melville- 
MacAlpine flexible-frame support. In this device the pinions 
were carried in a frame, the frame resting on trunnions. This 
arrangement permitted the pinion assembly to weave slightly 
thereby accommodating the small irregularities of the teeth. 
This device was popular for a while, and many were built; however, 



improvements in metallurgy and methods of gear cutting have, 
by this time, permitted the manufacture of gearing of such accu¬ 
racy that the Melville-MacAlpine flexible frame is not necessary. 

A modern type of assembly sometimes called the “nested-” 
or “locked-train” tandem type of gear is shown in Figs. 18 and 19. 
It will be noted that the pinions directly connected to the high- 
and low-pressure turbines carry the load at two points diametrically 
opposite on their periphery. This obviates any great amount of 
load on the pinion bearings due to tooth pressure. This is impor¬ 
tant because these bearings are necessarily small and contain 
high-speed journals. The gears of the first reduction are integral 
with the pinions of the second reduction, and all these operate 
with one contact point on the rim. However, in the case of the 
second reduction gear, or “bull gear,” as it is often called, there 
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are four contact points, so that power is fed into this gear at four 
places. 

This nested construction permits compactness, and at the 
same time accessibility is retained. Note the accessibility of the 
thrust bearing just forward of the bull gear. 

23. Thrust Bearings. —For many years, thrust was taken at 
the end of the propulsion shafting where it connected with the 
engine or with the gearbox by means of a multiple-collar arrange¬ 
ment on the shaft bearing on babbitt-faced shoes. The great 
fault of this arrangement was that, in order to obtain sufficient 
bearing surface, a multiplicity of these collars was used and it 
was practically impossible to adjust them so that they would be 
equally loaded. Usually one was carrying a great deal more load 
than the others, and rapid wear would occur until the clearance 
was taken up automatically in the case of the lesser loaded collars. 

This type of thrust bearing has been almost universally super¬ 
seded by the Kingsbury type (known in Europe as the Michell 
type). This type of bearing is made up of a number of stationary 
segmental plates, similar to slices of a pie, which are pivoted on 
hardened-steel buttons in such a manner that they can rock around 
and adjust themselves properly to preserve a film of oil between 
them and the one thrust collar on the shaft. The edges of the 
segments are feathered away slightly so as to permit the oil to 
enter and not be scraped off by the edge of the segment, or plate. 
Even under great bearing pressure per unit area, this oil film is 
retained, and the pivoting of the segments tends to make each 
carry its share of the load. 

The thrust bearing is usually incorporated in the case with the 
gears. 

24. Lubrication. —The lubrication of reduction gears and thrust 
bearings is accomplished by means of oil sprays over the gears 
and bearings (see Fig. 26). A continuous shower of cooled and 
filtered oil sprays upon these parts, pressure being obtained by 
gravity from a tank at atmospheric pressure, located relatively 
high in the ship. The oil is pumped from the bottom of the gear 
case and thence through a heat exchanger or oil cooler, the cooling 
medium being sea water from the flushing line in the ship. Part 
of the oil is by-passed and filtered, and it is then pumped to the 
gravity supply tank. Various controls and safety devices are 
incorporated so that, if the oil level falls below a certain safe value, 
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the difference in pressure will close the main throttle valve of the 
propulsion turbines, thereby shutting down the machinery before 
damage can occur due to failure of lubrication. 

25. Check on Design Adequacy.— It is not the purpose of this 
book to cover the detail design of reduction gearing, for this is 
strictly not a marine engineer’s function, but that of a mechanical¬ 
engineering specialist. However, it is essential that the marine 
engineer be capable of making an approximate check on the 
design submitted. 

The following expression is recommended for use as an approxi¬ 
mate check on allowable transmitted tooth pressure: 

W 

Y = 90 D p (70) 

where W = total transmitted tooth pressure, pounds, not including 
dynamic load. 

F = face width meshing with gears, inches. 

D p = pitch diameter of pinion, inches. 

Values of W/F as calculated from the above formula must 
not exceed 1000 lb. per in. 

A more thorough method is the one developed by Buckingham, 1 
which takes into account the effective error in machining of the 
teeth as well as dynamic effect produced by velocity. This is 
demonstrated as follows: 

Let 

W w = limiting load for wear. 

D p = pitch diameter of pinion. 

F = tooth face width, inches. 

2 N 

Q = ratio factor = —;— 
n + N 

N = number of gear teeth. 
h = number of pinion teeth. 
a = helix angle. 

Wd = total dynamic load, pounds. 

W = transmitted load, pounds. 
v = pitch-line velocity, feet per minute. 

C = deformation constant. 
e' = effective error in teeth. 

1 Dynamic Loads on Gear Teeth, A.S.M.E. Research Committee Report, Ea,rle 
Buckingham, 1931. 
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76Z> P XF X Q 
cos 2 a 

0.05K W + F X C cos 2 a) cos a 
0.05r + VW + F X C cos 2 a 


(71) 

(72) 


Values of C for various effective errors in gear teeth are given in 
the following table: 


Deformation Constants C 


Tooth form 

e' 

j 0.0005 in. 

e' 

0.001 in. 

e' 

0.002 in. 

e' 

0.003 in. 

14)^ deg. involute. 

. 800 

1600 

3200 

4800 

20 deg. full depth. 

.j 830 

i 1600 

3320 

4980 

20 deg. stub. 

.! 860 

| 1720 

3440 

5160 


Experience in service has led to the conclusion that values of 
e ' in excess of 0.002 result in unsatisfactory performance. In 



other words, gears with teeth of less accuracy should not be 
accepted. 

Pinion length is limited by other considerations than mere 
unit tooth pressure. Pitch diameter and bearing arrangements 
affect performance, and a method of checking these features is as 
follows: 

Double helical pinions are made either with or without a 
center bearing (see Fig. 20). When without a center bearing L 
must be not greater than 2.5 D p . When with a center bearing 
F/2 must be not greater than 2.25 D p . 

As an example of the use of the foregoing in checking a design 
of a reduction gear, take the case of a high-speed pinion (H.P. 
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pinion) of the main reduction gear of a ship having the following 
specifications as to load and dimensions: 

S.H.P. = 8500 

R.P.M. = 3648 

Three bearings 

Total face width F = 39 in. 

Circular pitch p = 0.7255 in. 

Diametral pitch DP = 4.33 
Pressure angle = 14)^ deg. 

Helix angle a = 30 deg. 

Pitch diameter D p = 7.852 in. 

Number of teeth = 34 pinion, 549 gear. 

Y = 90Dp = 90 X 7.852 = 707 lb./in. 

W/F should be not greater than the above value and under no 
circumstances greater than 1000 lb. per in. 

7T D 

Pitch-line velocity = v = (R.P.M.) 


W = 

W__ 

F ~ 


T X 7.852 X 3648 
12 

S.H.P. X 33,000 


12 

= 7500 ft./min. 
8500 X 33,000 


7500 


= 37,400 lb. 


37,400 

39 


= 959 lb./in. 


Factor of safety = 70 Jt »59 = 0.738 

The pinion will now be checked by means of the more elaborate 
Buckingham method. 


W w = 

Q = 


76 Dp X F X Q 
cos 2 a 

2 N 2 X 549 

n + N ~ 34 + 549 


(71) 


= 1.89 


W w = 


76 X 7.852 X 39 X 1.89 


(0.866) 2 
58,700 
39 


= 58,700 lb. total load limit for wear 


= 1504 lb./in. for wear 


Assuming the maximum permissible effective tooth error 
of e' = 0.002, C, from the table (page 63), is 3200. 
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Wd 


_ 0.05t)(TT + FC cos 2 a) cos a ^ 

0.05r + VW + FC cos 2 a 
_ 0.05 X 7500[37,400 + 39 X 3200 (0.866) 2 ]0.866 
“ 0.05 X 7500 + V37,400 + 39 X 3200(0.866) 2 
= 57,600 + 37,400 = 95,000 lb. 

—nfr— = 2440 lb./in. total load on teeth 


(72) 

+ 37,400 


Factor of safety 


1504 

2440 


0.616 



This 0.616 compares with the 0.738 obtained by the simple 
method. 

Now as to pinion length: This proposal involves three bearings; 
therefore, 


2.25Dp = 2.25 X 7.852 = 17.7 
^ = vj- = 19.5 in. actual 


in. allowable 
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Fig. 22.—Double-reduction main propulsion gearing shown in Fig. 24. ( Courtesy 

De Laval Steam Turbine Co.) 

1. Lower case 22. Turning gear 


2. Intermediate case 

8. Upper case, L.P. 

9. Oil-flow indicator 

10. Thermometer 

11. Inspection plate 

12. Spray nozzle cover 

13. Upper case cover, L.P. 

14. Inspection plate 

20. Intermediate case cover 

21. Low-speed gear 


23. Upper case, H.P. 

47. High-speed pinion, H.P. 

49. Upper case cover, H.P. 

51. Intermediate-speed gear, H.P. 

53. Intermediate-speed gear shaft, H.P. 

56. Baffle 

57. Inspection plate 

58. Oil strainer 

59. Gear spray nozzle 

60. Inspection plug 


of 
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Therefore, it appears that this design should be rejected 
because both the tooth pressure is greater than allowable and 
the width of the pinion face is too great. Had the length of 
pinion face been less than 17.7 in., it could have been increased 
and the tooth pressure lowered. However, it seems that no simple 



Fig. 23.—Double-reduction main propulsion gearing shown in Fig. 24. For explanation of 
numbers, see Fig. 22. (Courtesy of De Laval Steam Turbine Co.) 


adjustments could save this design; it is definitely inadequate. 
As a matter of fact, this design was accepted and went into service 
on a ship. The pinion teeth have pitted, and continual replace¬ 
ments have been necessary. 

As regards the losses in reduction gears, the curve (Fig. 21) 
shows the efficiency to be expected of a double-reduction gear set. 
This is about the efficiency to be expected of any gear set between 
5000 and 50,000 S.H.P. rating. The losses in a single-reduction 
gear should be approximately half as much. 








Fig. 24.—Double-reduction main propulsion gearing (see Figs. 22 and 23). (Courtesy of 
De Laval Steam Turbine Co.) 
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Fig. 26.—Oil spraying into mesh of main propulsion gearing. (Courtesy of General 

Electric Co.) 
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Fig. 28.—Typical turbine and gear assembly for “C-3” type cargo vessels. (Courtesy of 

General Electric Co.) 





















CHAPTER Y 


MARINE FUELS AND COMBUSTION 


26. General. —There are two important marine fuels in use 
today, coal and oil. By far the greater number of ships in service 
use coal; but fewer coal-burning ships are being built, and even 
some of those originally designed for use of coal have been changed 
over to oil. 

27. Coal. —Coal is composed of carbon, hydrogen, oxygen, 
nitrogen, and sulphur, the elements predominating in percentage 
by weight in the order named. There are also some ash and 
moisture. Coal is commonly believed to have been formed through 
the ages by the slow transformation of wood and vegetable matter 
into the mineralized state in which we find it. Probably beds of 
vegetable matter were first converted into peat by decay under 
water; and then, becoming covered with silt, which settled and 
hardened and caused pressure to be exerted, the peat became 
coal. During this process the hydrogen and oxygen, which, 
in combination, form the more volatile portion, escaped in gaseous 
form. Therefore, as coal ages, the percentage of fixed carbon 
becomes greater and greater, the coal passing through the stages 
of lignite, bituminous, semibituminous, semianthracite, anthracite, 
and graphitic. The coal most commonly used for marine steam 
when bunkering in this country is bituminous. 

28. Ultimate Analysis. —The principal constituents of coal 
are carbon, hydrogen, oxygen, nitrogen, sulphur, and ash. The 
determination of the weight percentages of these constituents is 
known as ultimate analysis . This can be accomplished satis¬ 
factorily only by a trained chemist. The ultimate analysis of 
bituminous coal, the important marine coal, is approximately as 
follows: 


Per Cent 

Carbon. 83.5 

Hydrogen. 4.5 

Oxygen. 5.0 

Nitrogen. 1.0 

Sulphur.5 

Ash. 5.5 
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29. Proximate Analysis. —Proximate analysis, which can be 
accomplished by any engineer, determines only four characteristics, 
moisture, volatile matter, fixed carbon, and ash. But if these 
four are known, almost all the characteristics of the coal can be 
determined as well as from the ultimate analysis. In fact, ulti¬ 
mate analyses and proximate analyses go hand in hand. If one 
is known, the other generally corresponds for a given class of coal. 
Proximate analysis is made by heating the sample of pulverized 
coal to various temperatures and determining the percentage 
weight lost. When nothing remains but the fixed carbon and 
ash, the carbon is burned and the ash weighed. The sum total 
of all should equal 100 per cent. The proximate analysis of 
bituminous coal is approximately as follows: 


Per Cent 


Moisture. 3.0 

' Volatile matter. 14.5 

Fixed carbon. 77 

Ash. 5.5 


30. Heating Value. —There are two ways of defining heating 
value. 

The high heating value (H.H.V.) of a fuel is defined as the 
amount of heat absorbed from the products of complete com¬ 
bustion of a unit weight of fuel when they are cooled to the initial 
temperature of the fuel mixture under such conditions that all 
water vapor formed from the combustion of hydrogen in the* fuel 
is condensed. 

The low heating value (L.H.V.) is the same as the H.H.V. 
except that the aforementioned water vapor is not condensed. 

The unit used in this country is ordinarily the H.H.V. as 
expressed in B.t.u. per pound of fuel. 

Usually the H.H.V. is determined by means of a bomb calorim¬ 
eter. For any fuel of known chemical composition (ultimate 
analysis) it can be determined approximately by means of Dulong’s 
empirical formula 

H.H.V. = 14,150C + 62,000 (h - ^ + 40005 (73) 


where the symbols represent the weights of the elements per 
pound of fuel. 
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As an example, the ultimate analysis of an average bituminous 
coal, as previously given, can be used and the determination made 
as follows: 


H.H.V. = 14,150 X 0.835 + 62,000 ^0.045 - + 4000 

= 16,220 B.t.u./lb. 


X 0.005 


31. Ash. —Ash, in general, is a nuisance. There is free ash, 
due to dirt and matter other than coal being introduced. There is 
fly ash, which is carried in suspension when coal is burned rapidly. 
This may land on boiler tubes or may deposit on furnace walls 
and cause their deterioration. There is clinker, which is formed 
by the adhesion of particles of ash or the fusing of them to cause 
slag. When in a molten state, it may flow out and enclose 
unburned coal or choke air passages. 

The fusion temperature of ash is therefore an important char¬ 
acteristic. If it does not fuse or melt at a temperature lower than 
2200°F., it will cause little trouble. Bituminous coal ash fuses 
at or above this temperature. 

32. Sulphur.—Sulphur in a fuel is also a nuisance. Its heating 
value is negligible; but when it burns, sulphur dioxide and sulphur 
trioxide are formed. These gases, in combination with water— 
always present—form sulphurous and sulphuric acid, both of 
which are highly corrosive. At temperatures of flue gases in 
excess of 300°F. the sulphur oxides exist as gases and are harmless; 
but the effect of the presence of sulphur trioxide, even in very 
small quantities, is to increase the dew point of any steam or 
water vapor present to as high as 200°F. When it starts to 
condense, a liquid film of sulphuric acid is formed on the econo¬ 
mizer, or air-heater surface, which rapidly corrodes iron and steel. 
It is therefore important that flue-gas temperatures be above 
300°F. Working boilers at very light loads may result in corrosion. 

33. Oil. —Crude oil occurs in natural reservoirs in the earth. 
It is a mixture of hydrocarbons. Some of these hydrocarbons 
may be so light as to boil off and escape to atmosphere when the 
oil is brought to the surface. 

No one knows exactly how petroleum was formed. It is 
generally believed to be the result of prolific marine growths 
that, ages ago, became covered with deposits that later contracted 
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and exerted pressure. Through the ages its decomposition has 
been similar to that occurring during the formation of coal except 
that there has been no chance for the volatile matter to escape. 

Petroleum and its products, regardless of source, have ultimate 
analyses that vary very little from the following: 

Per Cent 


Carbon. 86 

Hydrogen. 12 

Oxygen.*. 1 

Nitrogen . 0.5 

Sulphur. 0.5 


If the ultimate analysis of the fuel under consideration is not 
known, the foregoing values may be used with the probability of 
very little error. However, the density of an oil may be more of 
an indication of its characteristics than anything else. This 
may be given in terms of its specific gravity as compared with 
water at 60°F., in American Petroleum Institute (A.P.I.) degrees, 
or in Baume degrees. Both of the latter are on a hydrometer 
scale. All bear the following relationship to each other: 

141 5 

Degrees A.P.I. = - gr - 131.5 (74) 

140 

Degrees Baume = sp , gr.W /WFT ~ 130 (74a ) 

From the above it can be seen that there is little or no difference 
between A.P.I. and Baume degrees. 

Fuel oil is graded according to numbers running 1 to 6, the 
last three grades being the heavier industrial fuel oils. The 
specific gravity of these oils will vary from 0.85 to 1.00 (35 to 
10°Be.). The lighter the oil, the greater the high heating value. 
It is given approximately by the following empirical equation: 

H.H.Y. = 18,250 + 40(°BA - 10) B.t.u./lb. (75) 

Sometimes crude oil as it comes from the ground is used as 
fuel oil, but generally the marine fuel oil available today is the 
residue after the refineries have extracted the lighter gasolines and 
benzines and those somewhat heavier distillates which can be 
economically cracked to produce lighter engine fuels. The 
specific gravity of the ordinary oil available for marine fuel is 
very close to 1.00. 

34. Combustion.— Combustion is the chemical combining of 
the carbon, hydrogen, and what little sulphur may be present 
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in the fuel with the oxygen supplied in the air. This chemical 
combination is accompanied by the liberation of heat or energy, 
and a portion of this energy is used to propel the ship. 

To ensure complete combustion, it is necessary that four 
requirements be met 

1. The fuel and air must be properly mixed. 

2. Sufficient air must be supplied. 

3. The temperature must be adequate to maintain combustion. 

4. There must be enough time allowed to permit the process 
to be completed. 

An examination of these four requirements, which may easily 
be remembered by means of the word “matt” (mixing, air, 
temperature, time), may be the means of solution of almost all 
combustion problems. 

For instance, if there is just sufficient air for combustion, it 
may be impossible to mix it properly; some excess may be neces¬ 
sary. Or it may be that the furnace volume is not sufficient to 
permit the process to be completed before the gases touch the 
relatively cold boiler tubes and are cooled down. 

A knowledge of simple chemistry is helpful in understanding 
combustion. 

The atomic weights of the active fuel constituents are as follows: 

Carbon = C = 12 

Hydrogen = H = 1 

Oxygen = 0 = 16 

Sulphur = S = 32 

The molecular weights of the active constituents are as follows: 

Carbon = C =12 

Hydrogen = H 2 = 2 

Oxygen = 0 2 =32 

Sulphur = S =32 

The chemical equations for combustion are as follows: 

Carbon to Carbon to car- Carbon monoxide Hydrogen to Sulphur to 
carbon bon monoxide to carbon dioxide water vapor sulphur 

dioxide dioxide 

Equation C+0 2 = C0 2 2C+0 2 = 2C0 2C0+0 2 = 2C0 2 2H 2 +0 2 = 2H 2 0 S+0 2 = S0 2 

Relative 1+2 = 3 2+2 = 4 4+2 = 6 4+2 = 6 1+2 = 3 

atoms 

Relative 12+32 = 44 2X12+32 = 2X28 2X28+32 = 2X44 2X2+32 = 2X18 32+32 = 64 
weights 

Wt. per lb. 1+2% 1 + 1%=2% 1+% = 1% 1+8 = 9 1 + 1 = 2 

fuel =3% 
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By means of accurate experiments it has been found that, 
when 1 lb. of pure carbon is burned to carbon dioxide, 14,150 B.t.u. 
is liberated; and when burned to carbon monoxide 3960 B.t.u. is 
liberated. When 1 lb. of carbon monoxide is burned to carbon 
dioxide, 4367 B.t.u. is liberated. 

From the foregoing, the weight of oxygen to just completely 
burn 1 lb. of oil of any analysis would be the sum of the weights 
required for each constituent. Since hydrogen is a very unstable 
element, it must be assumed that any oxygen which might show 
up in the fuel analysis has already combined with part of the 
hydrogen in the fuel; therefore, that pare of the hydrogen would 
not be available for production of heat; therefore, since hydrogen 
combines with eight times its weight of oxygen to form water 
(see above equations), the available hydrogen is the total hydrogen 
minus one-eighth the oxygen present on a weight basis, or 

W 

Wt. of available hydrogen = Wh - ^ 

Therefore, the weight of oxygen required to burn 1 lb. of fuel 
to C0 2 , H 2 0, and S0 2 is 

W oxygen = 2 | W e + 8 + W s (76) 

in which W c , Wh , W Q , and W s are the fractional parts by weight 
from the fuel analysis. 

Since air contains only 23.2 per cent of oxygen by weight, the 
weight of air needed to supply the oxygen is 

W. = +-8-MM + 

yr * lT 0.232 c ^ 0.232 - 8/ ^ 0.232 

W aix = 11.5Wc + 34.5 - ^) + 4.31 W s (77) 

If the weight of air per pound of fuel is known, the volume of air 
or cubic feet per pound of fuel can be determined from any reliable 
psychrometric chart. 

After the fuel is burned, the products of combustion go out 
through the stack, together with any excess oxygen, moisture 
that was in the air entering the burners, and nitrogen that was 
in the fuel or air. The important constituents of the stack gases 
are carbon dioxide, C0 2 ; carbon monoxide, CO; and oxygen, 0 2 . 
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The sulphur dioxide, S0 2 , due to the burning of any sulphur 
present in the fuel is of negligible importance as regards its heating 
value. 

The fractions by volume of the three important constituents 
can be readily determined by means of an Orsat apparatus. In 
this, the gas is successively drawn, first, through a tube con¬ 
taining a solution of caustic soda that absorbs the C0 2 ; second, 



through a tube containing either 
pyrogallol or phosphorus sticks 
to remove the 0 2 ; and, finally, 
through a tube containing acid 
cuprous chloride to remove the 
CO (see Figs. 29 and 30). 

After passing through each 
tube, the remaining gas is brought 
to atmospheric pressure in a 



Fig. 29.—Orsat apparatus for combustion Fig. 30.—Detail 

gas analysis. of gas-absorbing 

tube on Orsat ap¬ 


paratus. 


graduated burette and the reduction in volume noted. This 
reduction divided by the original volume gives the fraction, by 
volume, of that constituent in the sample. The N 2 content or 
nitrogen content is assumed to make up the rest of the volume 
to 100 per cent of total. 

Of course, water vapor is always present in stack gas; but 
since the collection of the sample over water occurs in an Orsat 
apparatus and since it is passed through water solutions, it will 
become saturated. This being the case and since a proportion 
of gas is removed by a reagent each time, then a proportionate 
volume of water vapor will also condense. Therefore, the Orsat 
analysis results are exactly as if a dry gas were being analyzed. 
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The actual dry gas leaving the furnace will now be considered. 
The weight of carbon, C g , in 1 lb. of dry flue gas must be, when the 
atomic and molecular weights are considered 

C g = %C0 2 + i% 8 CO (by weight) 

Let C b = weight of carbon actually burned per pound of fuel 
fired. Then the weight of dry flue gas per pound of fuel fired is 

c c 

Wg== t = %cOlHMHs'CO (fractionsb y wei ® ht ) 

The dry-stack-gas analysis, whether by weight or volume, 
will show only percentages of C0 2 , CO. 0 2 , and N 2 , and these 
must add up to 100 per cent, or 

C0 2 -(- CO + 0 2 4- N 2 = 1.00 


Therefore, 


W.= 


C b ( C0 2 + CO + 0 2 + N 2 ) 

'HtCO* + iy 28 co 


(fractions by weight) 


If these weight fractions are now multiplied by the molecular 
weights of the individual gases, the result will be an equation involv¬ 
ing volume fractions, or 

w C b { 44C0 2 + 28CO + 320 2 + 28N 2 ) 

W ° ~ 12C0 2 + 12CO 

Tir (76(3.67002 + 2.33CO + 2.670 2 + 2.33N,) 

Wg ~ co 2 -t- CO 

(fractions by volume) (78) 

Thus the results of the Orsat apparatus can be used in the 
foregoing equation to determine the weight of dry stack gas. 

The weight of air actually supplied for combustion can be 
determined from the Orsat test by means of the last equation. 
When oil is fired, the amount of nitrogen, N 2 , in the fuel is negli¬ 
gible; therefore, it can be assumed that all the nitrogen in the 
stack gas came from the air. Nitrogen constitutes 76.8 per cent 
of air by weight; therefore, the weight of the air supplied for 
combustion per pound of fuel burned is 


Cfc(2.33N 2 ) 1 

~ C0 2 + CO X 0.768 

w (3.03N 2 )C 6 „ u , 

W A = (fractions by volume) 


( 79 ) 
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Subtracting the value of air just necessary from the value 
above and dividing by the value above will result in the percentage 
of excess air supplied. 

36. Losses. —The losses will now be considered. These losses 
are: 

1. Loss due to energy in the dry stack gases, owing to their 
leaving at a higher temperature than the combustion air. 

2. Loss due to incomplete combustion. If there is unburned 
carbon, it will appear as smoke. If there is incompletely burned 
carbon, it will appear as carbon monoxide. It is practically 
impossible for hydrogen or light hydrocarbons to appear in the 
stack gas. 

3. Loss due to energy carried away by water vapor, the water 
vapor being due to burning of hydrogen in the fuel. 

4. Loss due to energy carried away by water vapor, the water 
vapor being due to that brought in by combustion air. 

5. Loss due to moisture in fuel. 

We shall discuss these losses in the order listed. 

Dry-gas Loss. — c p = mean specific heat at constant pressure 
of the stack-gas mixture (0.24 is a common value to use for this). 

W B = weight of dry stack gas, pounds. 
t a = temperature of air supplied for combustion. 
t x = temperature of exit gases. 

Qd = dry-gas loss, B.t.u./lb. of fuel fired. 

Qd = c p Wg(t x — t a ) B.t.u./lb. of fuel (80) 

Incomplete-combustion Loss. —There is no way of determining 
the loss if smoke is present because the carbon escapes out the 
stack. If the loss is due to unburned carbon falling into the ash¬ 
pit, in the case of coal as a fuel, this carbon, as a percentage of the 
ashpit refuse, can be determined by a proximate analysis. Know¬ 
ing the percentage of ash in the fuel, the weight of unburned 
carbon per pound of fuel, W uc , can be readily determined. 

The Orsat apparatus reading will indicate the carbon monoxide 
volume percentage; therefore, to determine the weight percentage 
of carbon monoxide, all the stack-gas-constituent percentages 
can be multiplied by their molecular weights and the sum of these 
divided into the carbon monoxide fraction to give weight per¬ 
centage of carbon monoxide. This multiplied by the weight of 
dry stack gases per pound of fuel, W„, will result in the weight of 
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carbon monoxide per pound of fuel, W co - Therefore, the loss 
is 

Qt = 14,150 Wuc + 4367IFco B.t.u./lb. of fuel (81) 

To burn 1 lb. of CO to C0 2 liberates 4367 B.t.u. 

There is not much reason to be concerned about incomplete 
combustion because as soon as smoke appears at the stack or 
carbon monoxide is indicated in the Orsat apparatus, adjustment 
should be made in the fuel-air ratio to get rid of it. 

An example of incomplete combustion will be worked out later 
in this chapter (page 84). 

Water-vapor Loss Due to Hydrogen. —As previously demon¬ 
strated, there is 9 lb. of water vapor formed for each pound of 
available hydrogen burned. If 

JVah = available hydrogen 
W 

w ah = w h - 

h x = heat content of water vapor at exit 

hr = heat content of water at temperature of entering fuel 

The heat content of superheated steam at pressures less than 
2 p.s.i. abs. and at temperatures between 200 and 600°F. is approxi¬ 
mately equal to 1057 + 0.46;*, or 

h x — 1057 + 0.464 

At approximately atmospheric temperatures, 
h/ = tf — 32 for water 

Therefore, the heat lost is 

Q m = 9IF oA (1057 + 0.464 - t f + 32) 

Q m = 9114/!(1089 + 0.464 — 4) B.t.u./lb. of fuel (82) 

Water-vapor Loss Due to Moisture in Air. —The specific heat of 
steam in the range under consideration is approximately 0.46. 

If W v = lb. of water vapor in each pound of combustion air, 
then the loss Q v is 

Q v = 0.46(4 — t a )W v W A B.t.u./lb. of oil (83) 

The value W v can be obtained from any reliable psychrometric 
chart when the wet- and dry-bulb thermometer readings are known. 
It is generally given in grains of moisture per pound of dry air. 
There are 7000 grains in 1 lb. 
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Wate,r-vapor Loss Due to Moisture in Fuel. 

w mf = i y 8 w 0 

Q mf = 1.125TT o (1089 + 0.46k - </) B.t.u./lb. of fuel (84) 

This covers all of the losses in a boiler except radiation. A 
fair figure to use for this would be 0.5 per cent of input. 

Determination of Boiler Efficiency .—A demonstration of deter¬ 
mination of boiler efficiency will now be made, using the foregoing 
theory. 

The oil had a chemical analysis as follows: 

Per Cent 


C. 87.75 

H. 10.53 

S. 0.98 

X. 0.14 

O. 0.60 


The Orsat apparatus gave a stack-gas analysis as follows: 

C0 2 = 12.5 
0 2 = 4.8 
CO = 0 
N 2 = 82.7 

Calorific value of fuel. 18,515 B.t.u./lb. 

Air temperature entering. 90°F. 

Gas temperature at exit. 455°F. 

Weight of air dry entering. 0.075103 lb./cu. ft. * 

Weight of moisture in air. 0.000039 lb. /lb. * 

Oil temperature at burners. 168°F. 

* From wet- and dry-bulb reading. 

The weight of air just required for combustion is 

w (tn - f) 

= 11.5 X 0.8775 + 34.5 ^0.1053 - 
= 13.76 lb. of air per lb. of oil 
The weight of air actually supplied for combustion is 

(3.03N 2 )C 6 


JFafc = 11.5W C + 34., 


+ 4.31 TF. 

0.006' 
8 


) 


(77) 

+ 4.31 X 0.0098 


W A = 


C0 2 + CO 

(3.03 X 0.827) (0.8775) 
0.125 + 0 


(79) 


17.59 - 13.76 
13.76 


= 17.59 

lb. of air per lb. of oil 


= 27.83 per cent excess air 
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C 6 (3.67C0 2 + 2.33CO + 2.670 2 + 2.33N 2 ) 
w e ~ nn. _j_ pn 


W„ = 


C0 2 + CO 

0.8775(3.67 X 0.125 + 2.67 X 0.048 + 2.33 X 0.827) 


0.125 + 0 


W g = 17.65 lb./lb. of oil 


Bear in mind that this is dry, without any moisture from any 
source. 

The losses are as follows: 

Dry-gas loss: 


Qd = C p Wg(t x - to) (80) 

= 0.24 X 17.65(455° - 90°) 

= 1546 B.T.U./lb. 

Incomplete combustion loss: 

Zero. 

Water-vapor loss due to hydrogen: 

W 

W ah = W h - = 0.1053 

Q m = 9 TT 0 & (1089 + 0.46k 

= 9(0.1046) (1089 - 0.46 X 455 - 168) 

= 1062 B.T.U./lb. 

Water-vapor loss due to moisture in air: 

Q v = 0.46(455 - 90) (0.000039) (17.59) 

= 0.115 B.t.u./pound 

Loss due to moisture in fuel: 

W mf = 1.125TU, = 1.125 X 0.006 = 0.00675 
Q m f = (0.00675) (1089 + 0.46 X 455 - 168) = 7.6 B.t.u./lb. 

Total losses: 


Dry gas. 1546 B.t.u./lb. 

Incomplete combustion. 0 

Water vapor from H. 1062 

Water vapor from air. 0.115 

Water vapor from fuel. 7.6 

Total losses. 2616 B.t.u./lb. 


0.0060 


8 


= 0.1046 


— tf) 


(82) 
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calorific value of fuel — losses . . , 

Eff - = -calorific value of fuel-arbitrary percentage for 

radiation and unaccounted for (85) 

Take this latter item as 0.5 per cent. 

Eff. = ~~~ 18 515^^ “ 0-5 = 85.8 — 0.5 = 85.3 per cent 

The elaborate and accurate boiler laboratory test on this 
boiler resulted in 85.55 per cent efficiency. 

Example of Incomplete Combustion .—As an example of a case 
in which there is carbon monoxide in the flue gas and it is neces¬ 
sary to determine its weight in order to determine the loss, the 
following may be considered: 

A fuel oil having the following analysis is burned in the furnace 
of a ship: 

Per Cent 


C. 0.86 

II. 0 .12 

0 . 0.01 

X. 0.005 

S... 0.005 


An Orsat test showed the following: 


co 2 . 

CO. 

0 2 .. 

n 2 . 

What is the loss due to incomplete combustion? 
The solution is as follows: 

Weight of dry gas: 


Per Cent 
.. 0.12 
.. 0.01 
.. 0.08 
.. 0.79 


w g = 


C„(3.67C0 2 + 2.33CO + 2.670 2 + 2.33N-,) 


(78) 


C0 2 + CO 

0.86(3.67 X 0.12 + 2.33 X 0.01 + 2.67 X 0.08 + 2.33 X 0.79) 

.12 + .01 

= 16.6 lb. of dry gas per lb. of fuel 


In order to determine the weight of carbon monoxide, CO, 
it is necessary to convert the volumetric analysis as determined 
by Orsat test to a gravimetric analysis or weight analysis. This 
is done by multiplying the volume fractions of the constituent 
gases by their molecular weights (the molecular weight being a 
measure of the weight of a given volume of gas) and then working 
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out the weight percentages from the relative weights so obtained. 
This is done simply as follows— 


Gas 

Volume 

Molecular 

Weight 

fraction 

weight | 

1 

Relative j 

Fraction 

co 2 . 

' 0.12 

44 

5.28 

0.1742 

CO. 

0.01 

00 

<N 

0.28 

0.0093 

o 2 . 

! 0.08 

32 

2.56 

0.0845 

n 2 . 

0.79 

28 

22.12 

0.7319 


Total. 



30.24 

1.0000 





Therefore the weight of CO in the 16.6 lb. of dry flue gas per 
pound of fuel is 

W co = (0.0093) £16.6) = 0.1545 lb. 

Qt = 4367TFco (81) 

= 4367 X 0.1545 = 675 B.t.u./lb. of fuel 

In all calculations regarding fuel and combustion, it is necessary 
that the value of C b , weight of carbon actually burned per pound 
of fuel fired, does not include carbon in smoke or ashpit. In the 
case of oil as fuel and when there is no smoke showing from the 
stack, the value of C b would be the percentage of carbon showing 
in the ultimate analysis. 

However, in the case of coal as fuel, even though no smoke 
is showing from the stack, it may be that some unburned coal is 
dropping into the ashpit. Therefore, in the case of coal, it is 
necessary to make an analysis of the refuse in the ashpit and 
thereby determine the amount of carbon in it. 

For instance, suppose that an analysis of a coal showed that 
it contained 75 per cent carbon and 6 per cent ash and that an 
analysis of the ashpit refuse showed that it contained 20 per cent 
unconsumed carbon. 

If X per cent of the original pound of coal dropped through to 
the ashpit in the form of carbon, then 

j 

q -g = 20 and X = 1.5 per cent 

Then 

C b = 0.75 - 0.015 = 0.735 lb. 

This value of C b is the one to be used in determining weight of 
dry flue gas and air actually supplied. 











CHAPTER VI 


BOILERS, OR STEAM GENERATORS 

36. General. —Boilers, or steam generators, as complete units, 
consist invariably of the following elements: 

1. Boiler, or evaporator. 

2. Furnace. 

Often the following additional elements are present: 

3. Superheater. 

4. Economizer. 

5. Air heater. 

6. Steam reheater. 

7. Desuperheater. 

37. Scotch Marine Boilers. —After many years of development 
during the latter half of the nineteenth century, the marine boiler 
culminated, at about the turn of the twentieth century, in the 
type known as the Scotch marine boiler. This is shown in Fig. 31. 

As can be seen, the furnace, or combustion chamber, is integral 
with the boiler, or evaporator, the whole constituting a com¬ 
pletely self-contained unit. The furnace walls are cylindrical pipes, 
usually corrugated to give added strength. All combustion takes 
place in space completely surrounded by water to be heated. The 
hot gases pass to the rear and up, then forward through tubes, 
which are surrounded by water. 

It will be noticed that, to cover the rear of the combustion 
chamber and furnace with a water jacket, it is necessary to use two 
flat plates, or sheets. These have a comparatively large area; 
and since they are subject to full boiler pressure, the total force 
on these plates is great. In order to support them and prevent 
buckling, it is necessary to use many stay bolts such as are used 
in railway locomotive boilers. By making the boilers double- 
ended, that is, firing from both front and back, some staying can 
be eliminated. 

For the same reason, it is necessary to use girder stays and 
long stay rods at other points in the boiler. These stay bolts, 
stay rods, and girders add to the first cost and to the weight and 
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are therefore disadvantageous. The main tube sheets proper 
are, of course, supported by the tubes. 

Such boilers may have as many as four cylindrical fireboxes 
feeding four sections of tubes and may have four 
uptakes. The outer shells range from 6 to 16 
ft. in diameter. They cannot be built practically 
for pressures above 300 p.s.i. on account of the 
hoop stress in the shell. If 
p = pressure, p.s.i., 
d = diameter of shell, inches, 
t = thickness of shell, inches, 

$ = stress, p.s.i., 

the total force per unit of length tending to rup¬ 
ture the shell is pd. This is resisted by the ten¬ 
sion in the shell plate (see Fig. 32). There are, 
of course, two sides to the hoop; therefore, 
pd = 2 ts 



or 


/ = 


pd 

2s 


A stress of 10,000 p.s.i. would be a reasonable value to use; 
therefore, in the case of a 6-ft.-diameter shell at 300 p.s.i., the 
thickness should be 

_ Vd _ 300 X 6 X 12 
~ 2s 2 X 10,000 

which is quite thick. Therefore, it can be seen that the Scotch 
type of boiler is definitely unsatisfactory when modern steam 
pressures are to be used. 

No serious attempt to apply superheaters has ever been success¬ 
ful in the case of the Scotch boiler. It might be accomplished by 
inserting hairpin coils in the fire tubes as is done in the case of 
locomotive boilers, but this would add greatly to the complication 
of an already intricate structure. 

Economizers have never been popular in conjunction with 
Scotch boilers, probably on account of the high-pressure joints 
that must be maintained and on account of corrosion. 

Air heaters have been used for many years in conjunction with 
the Scotch boiler. The heat-exchanger surface has been put 
just forward of the upper stay rods and where the flue gas leaves 
the boiler tubes on its way to the uptakes. This is the familiar 
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Howden system and has probably done more to keep this type of 
boiler afloat than any of the few merits possessed by the boiler 
inherently. With this type of air heater the efficiency is well over 
80 per cent. 

Steam reheaters are rarely applied to Scotch boilers. 

Desuperheaters are, of course, unnecessary because no super¬ 
heated steam is generated. 

Scotch boilers contain large quantities of water, which is a 
doubtful advantage, and have voluminous steam space which is a 
definite advantage because it minimizes carry-over of unevaporated 
water. 

Since the circulation is poor, this type of boiler cannot be 
“forced” in an attempt to obtain much more than rated power. 

With water, Scotch boilers weigh about 70 lb. per sq. ft. of 
boiler heating surface and will evaporate 5 to 7 lb. of equivalent 
evaporation (from and at 212°F.) per square foot. 

Many of these boilers are still afloat and giving good service, 
but they are no longer being built because of the limitations 
mentioned. 

38. Cross-drum Water-tube Boilers. —At about the time of the 
First World War, it was realized that a radically different type 
of boiler would have to be applied in marine service if satisfactory 
progress was to be made. Land experience was drawn upon, 
and the cross-drum boiler such as is shown in Fig. 33 A and 332? 
was developed for both coal and oil fuel. The water circulation 
in this boiler is very definite, and all girder stays and stay bolts 
were eliminated. There was no limit as to pressure because the 
amount of heating surface was not dependent on the diameter of 
the drum. This drum could be made of a tubular forging of 
enormous strength instead of the low-grade boiler plate with 
riveted construction. Headroom requirements were no greater 
than in the case of the Scotch boiler, this being due to the fact 
that the drum is set crosswise instead of longitudinally. These 
boilers can be made either single-pass or triple-pass by the use of 
baffles. 

Superheaters can be installed by running hairpin coils in at 
right angles and between the water tubes, or evaporating tubes. 
These, of course, would be convection superheaters; radiant super¬ 
heaters are never used. Invariably, the superheater tubes are 
screened by water tubes from the direct contact of highest tempera- 
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ture gases. This is done on account of the danger of burning 
out the superheater tubes under conditions of very light super- 



Fig. 33A. —Sectional views of the Babcock & Wilcox single-pass marine boiler. The 
boiler heating surface consists of groups of 2- and 1%-in. tubes expanded at their ends into 
sectional sinuous forged-steel headers. There are four 2-in. or nine 13^-in. tubes in a group, 
and opposite each group is a handhole of sufficient size to permit inspection, cleaning, 
removal, or renewal of the tubes. (Courtesy of Babcock & Wilcox Co.) 

heated steam load. Superheat is sometimes controlled by placing 
the superheater tubes between two baffles and then regulating the 
flow of flue gas into this space by means of a damper. Many 
installations have no provision for superheat control. 
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perature 450°F. (Foster Wheeler Corp.) 
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Economizers are often applied and are invariably placed in 
the space above the boiler where the flue gas is on its way to the 
uptakes. Air heaters are more often applied and are placed in the 
space mentioned for the economizers (see Fig. 33A). Sometimes, 
but seldom, both economizers and air heaters are applied in con¬ 
junction with this type of boiler. 

Steam reheaters are rarely applied. They should be assembled 
in the manner described for the superheater assembly. 


Swash Plate 



SECTION A-A 



Fig. 34. —Desuperheater for cross-drum boiler. (Babcock & Wilcox Co.) 


Desuperheaters are applied in those instances in which it is 
deemed advisable, for the sake of simple design, to take all the 
steam from the drum directly into the superheater. Then, for 
the small amount of saturated steam to be used on the ship, some 
of the superheated steam is led through a coil immersed in the 
water in the drum (see Fig. 34). This water being at saturation 
temperature, the steam temperature will be brought down approxi¬ 
mately to this amount. Owing to the temperature gradient through 
the desuperheater surface the steam will leave the desuperheater 
with a few degrees of superheat. 

Many of this type of boiler have been and are still being built. 
They are easy to repair by plugging or replacing a damaged tube. 
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The tubes are straight and interchangeable; therefore, it is not 
necessary to carry many spares (see Figs. 35 and 36). The boiler 
is rugged and will stand many hours of steaming without shut¬ 
down. It weighs, with water, approximately 40 lb. per sq. ft. 
of boiler heating surface and will 
evaporate 5 or 6 lb. of equivalent 
evaporation per square foot. This 
boiler, having good circulation,.can 
be forced. The efficiency is well 
over 80 per cent. 

39. Three-drum Naval Boiler 
Express Type. —The three-drum 
bent-tube boiler, or “express 
type,” as it is sometimes called, 
was developed to meet the demand 
for a lightweight reliable boiler, 
not necessarily low in cost or 
capable of standing full load for 
long periods without increased 
maintenance costs. It was in its 
fundamental present form in about 
1910, as shown in Figs. 37 and 
38. 

The boiler consists of a larger 
drum at the top and two smaller 
drums at the bottom and sides. 

The two bottom drums are not 
connected to each other, but both are connected to the top 
drum by means of tubes, which are bent, as shown, in order that 
the tubes may be properly spaced and yet enter the drums. It 
will be noted that none of the tubes enters the upper drum at 
points above the horizontal center line of the drum. The reason 
for this is that the tubes must always be below the water level 
in the drum in order that circulation may take place; if water level 
is too high in the drum, there is insufficient steam space. This 
would result in excessive liquid-water carry-over and might even 
be dangerous from the standpoint of explosion if there were insuffi¬ 
cient elastic medium (steam) to permit of water expansion. 

Mud will collect in the bottom drums. Provision must be 
made to blow this out periodically. 



Fig. 35. —Assembly of headers and 
tubes in a cross-drum boiler. (Foster 
Wheeler Corp.) 
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Originally, this type of boiler was designed and built for 
saturated steam. The water circulation is natural, of course, 
steam bubbles forming in the tubes adjacent to the furnace and 
rising and carrying water to the upper drum. The cooler water 
drops downward through the outer tubes to the lower drums. 

There is no limit to the pressure that can be generated when 
strength is considered. However, after a pressure of 800 p.s.i. 
or thereabouts is reached, trouble starts due to lack of circulation 



Fig. 36. —Handhole plug and gasket for cross-drum boiler. (Foster Wheeler Corp.) 


unless more headroom is incorporated than is ordinarily available. 
The efficiency at full load is approximately 85 per cent. 

Superheaters are almost invariably applied. The superheater 
surface is applied in the form of tubes running at right angles to 
and between the boiler, or evaporator, surfaces (see Fig. 37). 
Always, in this type of superheater, that is, in the convection type, 
the superheater tubes are screened by water tubes, as shown, in 
order to minimise the burning out of superheater tubes. 

Frequently, economizer surface is added at a point above the 
outside tubes (see Fig. 38). Air-heater surface is sometimes 
added at this point, but rarely are both economizer and air-heater 
surface added. Steam-reheater surface is rarely if ever used. 





Fig. 37.—Three-drum express type boiler. (Babcock & Wilcox Co.) 
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There is little occasion for the use of a desuperheater because 
saturated steam is generally taken directly from the top drum. 



Fig. 38.—Three-drum, A type marine steam generator fitted with water-cooled furnace, 
convection superheaters, extended surface economizers, and air-jacketed furnace. {Foster 
Wheeler Corp.) 


However, when very little desuperheated steam is necessary, a 
desuperheater can be installed in the top drum in the manner 
described for the cross-drum water-tube boiler. 

The principal application for this boiler is on naval vessels, 
which spend very little of the total time at full power, on fast 




















Fig. 39.—Separately fired superheater marine steam generator (merchant type). {Foster Wheeler Corp.) 
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yachts, which must have lightweight plants, and on some large 
passenger ships for transatlantic service. 

In the case of merchant ships this type of boiler weighs, with 
water, approximately 18.5 lb. per sq. ft. of boiler heating surface 



Fig. 40. —Two-drum bent-tube boiler. (Babcock & Wilcox Co.) 


and will evaporate 6 lb. of equivalent evaporation per square 
foot. 

In the case of naval combat vessels the ratings per square foot 
may be increased to three to five times the value for merchant-ship 
service. 
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40. Three-drum Separately Fired Superheater—Naval Type.— 

Another type of naval boiler coming rapidly to the fore is one 
similar to the three-drum express but with separately fired super- 



Fig. 41.—Cut away view of two-drum bent-tube boiler. Note soot blower tubes under 
sections of air heater. (Combustion Engineering Co.) 


heater (see Fig. 39). As can be seen, this is a radiant superheater, 
and the superheat can be controlled by means of the burner or 
burners in that section. The addition of economizers or air 
heaters, seldom both, is made in a manner similar to that described 
for the three-drum express type. 

41. Two-drum Bent-tube Type.—A boiler recently developed 
for merchant-ship service is that shown in Figs. 40 and 41. As 

































Fig. 42.—Two-drum boilers assembled in a ship. For explanation of numbers see page 101. (Combustion Engineering Co.) 
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can be seen, this boiler has two drums, the one at the top being 
slightly larger and the tubes not entering above the horizontal 
center line. 

The furnace is built on one side of this tube bank and furnace 
surfaces, three or four sides and roof, are lined with water-carrying 
tubes, the floor being lined with water tubes also, but covered with 
high-temperature refractory. Headers, or manifolds, are placed 
at the bottoms of the walls lined with tubes and supplied with 
water through the floor tubes from the water drum. 

Oil burners fire the furnace, and the hot gases flow across a 
number of boiler tubes set upon wide centers and constituting a 
screen for the superheater tubes, which are next in the line of flow. 
This superheater, of the convection type, of course, is placed in a 
space between the upper and lower drums between banks of boiler 
tubes. It is usually made of seamless steel tubing bent in U 
shape set horizontally and at right angles to the boiler tubes and 
also arranged to be self-draining. 

After leaving the superheater (in Fig. 41) the gases enter the sec¬ 
ond bank of boiler tubes at the top—being guided by baffles—and 
flow downward to the lower drum. The gases then turn upward 
and pass through an economizer and thence through an air heater. 
Soot blowers are provided at the economizer surface. 

These two-drum boilers weigh, with water, approximately 
25 lb. per sq. ft. of boiler heating surface and will evaporate 
approximately 9.25 lb. of equivalent evaporation per square foot. 
Efficiency at full load is approximately 88 per cent. 

42. Forced-circulation Boilers. —Several types of boiler have 
been developed incorporating forced circulation as a means of 
obtaining greater rates of heat transfer and consequently less 
surface and lighter weight. A greater rate of circulation than 


Explanation of Numbers in Fig. 42. 


1. Steam drum 

2. Water drum 

3. Steam nozzle (saturated steam to super¬ 
heater) 

4. Lower water wall headers 

5. Water wall tubes 

6. Upper water wall headers 

7. Water wall riser tubes 

8. Superheater 

9. Superheater inlet connection 

10. Superheater outlet connection 


11. Economizer 

12. Economizer inlet header 

13. Economizer outlet header 

14. Feed water supply tubes 

15. Oil burners 

16. Surface blow 

17. Bottom blow nozzle 

18. Baffle 

19. Water gages 

20. Desuperheater inlet nozzle 

21. Tube removal door 
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can be obtained naturally is almost essential when high pressures 
are involved. 

Until recent years, little was done in this country with these 
types of boiler. In Europe the Loeffler, or steam-pumping type, 



Fig. 43.—Typical arrangement of forced-circulation boiler circuit. (Combustion Engineer - 

ing Co.) 


was a moderate success, and several marine applications were 
made. 

The Velox, or water-pumping type, in which combustion takes 
place at relatively high pressures has been moderately successful. 
The outstanding feature of the Velox boiler is the use of the cool 
combustion gas in a turbine, which drives a compressor for com¬ 
pressing the combustion air. 

In this country in recent years, several forced-circulation 
boilers have been developed. These boilers have a multiplicity of 
tubes through which water is circulated at high velocity by means 
of a pump. Part of this water is evaporated and goes into a 
superheater, the remainder going to the feed-pump suction or to 
a circulating pump for recirculation. Such boilers have been 
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applied successfully in marine service. The resistance drop of the 
combustion gases through the boiler is high, necessitating excessive 
blower capacity. Also, the head pressure of the main feed pump 
must necessarily be quite high. Figure 43 shows a typical flow 
diagram. 

43. Air Heaters and Economizers. —The fundamental purpose 
of air heaters and economizers is to recover heat from gases that 
cannot be recovered by the higher temperature boiler tubes. 
The higher the pressure in the boiler, the higher will be the satura¬ 
tion temperature of the water and consequently the higher the 
temperature of the boiler tubes. This ir-.creases the desirability 
of using air heaters or economizers in order to bring the exit-gas 
temperature down to an economical figure. Which one to use or 
whether to use both is a question that frequently arises. There¬ 
fore, the advantages and disadvantages will be listed. 

The advantages of air heaters are: 

1. There is a saving due to reduction of uptake-gas temperature. 

2. There is a saving due to improved combustion conditions 
because of the hot air to burners. 

3. Air heaters can be fabricated at relatively low cost because 
they do not have to withstand high pressure. 

4. In the event of trouble from breakage or leaks, repairs are 
easily made. 

5. Higher feed-water temperatures are possible with the same 
degree of economy when air heaters are used because temperature 
differential between the two flowing fluids is not affected by feed- 
water temperature. 

6. No greater care is necessary as regards feed-water corrosive 
action than if the air heater were not used. 

The disadvantages of air heaters are: 

1. Air heaters are relatively large and heavy. 

2. All points must be kept above the dew point of S0 2 and H 2 0. 

3. Fan or blower load is increased due to increased air resistance. 

4. Improved combustion conditions may result in higher 
furnace maintenance. 

5. Higher draft pressure may necessitate double-cased boilers. 

6. Soot-blower requirements are increased. 

7. Heated air ducts to burners must be insulated. 

The advantages of economizers are as follows: 

1. There is a saving due to reduction in uptake-gas temperature. 
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2. They are very compact as compared with air heaters and 
very light. 

The disadvantages of economizers are as follows: 

1. Higher draft pressure may necessitate double-cased boiler. 

2. Soot-blower requirements are increased. 

3. Fan or blower load is increased owing to increased air 
resistance, but to a lesser extent than in the case of air heaters. 



Fig. 45.—Mechanical atomizer for oil burner. ( Babcock & Wilcox Co.) 


4. Feed water must be very free of oxygen—less than 0.03 cc. 
per 1.—to prevent corrosion. 

5. All parts of the economizer must be kept above the dew 
point of the corrosive S0 2 and H 2 0. 

6. Economizers add greatly to the number of high-pressure 
joints, entailing greater care and greater difficulty of repair. 

7. Economizers are not very effective if the feed-water tem¬ 
perature is high. 

Thus, it can be seen that it is difficult to determine by calcula¬ 
tion which device should be used. Service experience is the 
deciding factor, and it is interesting to note that the verdict to 
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date has clearly favored air heaters. A far greater number of ships 
are afloat today equipped with air heaters than with economizers, 
and there seems to be no break in this trend. The general con¬ 
sensus among operators is that air heaters offer less of a hazard 
and less opportunity for interruption of schedule than do econo¬ 
mizers; consequently, air heaters are most frequently adopted. 



Fig. 46. —Babcock & 

1. Firebrick molded tile 

2. Grid for holding tile 

3. Bladed cone 

4. Register 

5. Positive acting air doors 

6. Insulated cover plate 

8. Handle for operating air doors 

9. Distance piece 

11. Quick-detachable yoke 

12. Mechanical atomizer assembly 

13. Tee handle for setting up atomizer 

15. Impeller plate 


Wilcox decagon C.D. oil burner. 

16. Thumbscrew 

17. Headless setscrew 

18. Seamless-steel oil tube 
20. Peephole door 

22. Spider assembly 

25. Distance piece cover 

26. Distance piece cover spring 

27. Oil drip tube 

28. Oil burner drip pan 

29. Handle quadrant 
assembly 40. Gasket 

41. Oil drip cleanout cap 


Figure 41 shows air heaters in place and economizers below 
them. Figure 44 shows economizer elements and soot blower. 

44. Oil Burners and Fuel-oil System.— All oil burners used 
in marine work are of the mechanical atomizing type, and the 
amount of oil delivered into the furnace is controlled by oil pressure 
for small variations of load and by cutting out complete burners 
for large variations. Figures 45 and 46 show the construction 
and operation of a typical good design. 
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Fuel oil is usually pumped first from the bunkers to settling 
tanks in the boiler room, where it receives some heat. It is then 



pumped at high pressure, 300 or 400 p.s.i., through the fuel-oil 
heaters and thence to the burners. The oil not used in the burners 
is by-passed to the fuel-oil service-pump suction. The heat in 
the oil is therefore not lost (see Fig. 47). 






CHAPTER VII 

TURBINES 

45. General. —In a steam turbine, the thermal energy in the 
steam is converted into kinetic energy, or velocity, by means of 
nozzles. The energy in this rapidly moving steam, which, of 
course, has mass, is converted into mechanical power, or torque, 
at a given r.p.m. by having the steam impinge on blades or buckets. 
This latter phase or stage of the conversion is mostly a mechanical 
problem and has little to do with thermodynamics. Since all 
the thermodynamic process of converting some of the heat energy 
of the steam into kinetic energy takes place in the nozzles and 
since the thermal performance of the turbine to a large extent 
depends on the proper design of the nozzles, an understanding 
of the principles of flow through nozzles and of the transformation 
of thermal to kinetic energy is desirable. The second phase or 
transformation of the kinetic energy to torque at r.p.m. will also 
be discussed. 

In certain types of turbines the moving blades are in the form 
of nozzles; and expansion taking place in them results in the 
production of kinetic energy, which has a reaction effect causing a 
force on the moving blade. 

46. Nozzles. —In the case of a reciprocating engine, steam 
enters a cylinder at a given pressure, and this pressure is exerted 
against a piston, which moves under the pressure. As long as 
steam is entering the cylinder, the work done on the piston is 
proportional to the pressure multiplied by the distance the piston 
has moved. In other words, force acting through distance is 
work. However, the unit pressure multiplied by the area of the 
piston is the total force, and this multiplied by the distance moved 
is the work. But area of piston multiplied by distance moved is 
volume of steam. Therefore, as long as steam is entering the 
cylinder, the work is pressure multiplied by the volume of steam. 
This is known as “flow work,” or work due to the motion of the 
steam alone, and would be true in the case of any fluid that did not 
expand, even water. 
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However, in the case of steam, after the supply to the cylinder 
has been shut off, the steam in the latter starts to expand and 
pressure is still exerted on the piston, but the pressure decreases 
owing to the expansion. Finally, at the end of the stroke, assum¬ 
ing that an exhaust valve opens 
at this instant, the piston starts 
moving in the opposite direction 
and forces the steam out at the 
pressure it had finally reached at 
the end of the stroke. 

The actual work done on the 
piston by a unit quantity of 
steam under such circumstances 
is represented by the area to 
the left of the curve ab in Fig. 
48, or the area abed . 

First, steam is admitted while the piston moves from e to /. 
Taking units of pressure as pounds per square foot and units of 
volume as cubic feet, the work in foot-pounds done during admis¬ 
sion is P a V a or dafe. At point a, the steam is cut off, and expansion 
occurs. The work done during this part of the cycle is due to the 
isentropic expansion from a to b . By “isentropic” is meant that 
expansion takes place at constant entropy, that is, that no heat is 
added from any external source nor is any heat taken out. All 
the energy of the steam goes into work on the piston. 

From elementary thermodynamics, it is known that most 
gases follow fairly closely the law PV n = const, during isentropic 
expansion or compression. Knowing this relationship, we now 
have the problem of finding the area under the curve ab or the 
area abgf , this being the work done on the piston during expansion. 



Fig. 48.—Work done by a unit quantity of 
steam. 


If 


PV n = K (86) 

P = KV~ n 

Work = \PdV= ( b KV~ n dV 
Ja Ja 



( P>V b - PqVg Sj = f PgVa - P h V b ^ 
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Up to this time, work has been done on the piston. Now some 
work must be done by the piston on the steam in forcing the steam 
out of the cylinder at exhaust pressure. This work is, of course, 
negative and is equal to the area cbge or PbV b - 

Therefore, the net work done by the unit quantity of steam, 
say 1 lb., is as follows: 


Net work = P a V a + f bFb ) - P b V b 

(PaV a - P b V b ) 


= (P a V a - P b V b ) + 


n — 1 


- ~~l ( p " v « - P*V b ) ft.-lb. (87) 


V a = cu. ft./lb. since 1 lb. of steam was under consideration. 

It is obvious that this is the total amount of energy available 
from 1 lb. of steam working in any device when entering at the 
pressure P a , expanding isentropically according to the exponent n, 
and being exhausted at the pressure P*>. This takes into account 
the flow work, or motion of the steam before any thermodynamic 
action takes place, and also takes the negative flow work, or work 
required to exhaust the spent steam. As mentioned above, this 
is true in the case of any device and is true in the case of a nozzle. 

The purpose of a nozzle is to convert the thermal energy of 
steam into kinetic energy or to velocity energy. In other words, 
velocity is imparted to steam by means of a nozzle. Therefore, 
if we expand steam in a nozzle from a pressure and volume P a 
and V a to a pressure and volume of P h and V b , the energy imparted 
to the steam will be 


n J ^J (.PaVa ~ P b V b ) ft.-lb. 


provided that expansion takes place according to the exponent n. 

And if the steam enters the nozzle at a velocity slow enough 
to be negligible, which it usually does, and it leaves at a velocity 
v hy the kinetic energy contained therein will be and, if the 

weight is 1 lb., the energy will be 


Therefore, 


vl vg 

2 X 32.2 64.4 

vl n 

64.4 n — 1 


(PaVa - P b V h ) 
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All the foregoing is supposed to take place under ideal condi¬ 
tions, that is, without any losses. 

Since the purpose of the nozzle is to change thermal energy 
into kinetic energy, then, under ideal, or no-loss, conditions, the 
drop or decrease in thermal energy of the steam in passing through 
the nozzle must be equal to the increase in kinetic energy. There¬ 
fore, assuming negligible velocity of entrance as before, 

2 

6^4 = (fa - fa) (778) ft.-lb. 

where fa is the enthalpy, or heat value, of the steam in B.t.u. per 
pound at entrance and fa that at exit. It must be remembered 
that the values of fa and fa include the flow work of the steam 
since enthalpy is used and so the situation is analogous to the 
case previously worked out. 

Since 1 B.t.u. is equal to 778 ft.-lb., the energy drop in B.t.u. 
is multiplied by 778 in the above equation. 

If the heat drop is known, the exit velocity under ideal condi¬ 
tions is readily obtainable from this equation, which can be 
simplified as follows: 


6^4 = {fa - fa) (778) 
v$ = 50,103 (fa — fa) 
v b = 223.7 fak a — fa ft./sec. 

Taking the work equation, 


If 


m = ^ 


PV n = K 

p a v: = p 6 f ? 

/PaV _Vh_ /PA-I 
\Pj ~ V a ~ \Pa) 

-i£- — ( — - —^ (p v) (i — p&y A 

64.4 \n - l) {laVa) V PaVj 

L = /.— Vl —^ (p v ) [l — Y^rl 

64.4 \n - lj {raVa) L \Pa) J 
[7 64.4n\ T—T / P b \— ] 

Vb ~ \\n - l) (Po7a) L 1 \P a ) 


( 88 ) 
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Therefore, if the initial pressure and volume and final pressure 
together with the value of the exponent n are known, the velocity 
in feet per second can be determined. 

Since units of feet, pounds, and seconds were chosen at start, 
P a and Pb are necessarily in pounds per square foot. This is not 
so common a pressure unit as pounds per square inch. Therefore, 
to put the expression in a more practical form, P a and Pb will be 
changed to p a and Pb as pounds per square inch, and all pressures 
must be multiplied by 144 in the above equation to obtain 


*’* = yj 

i'b = 9( 

[/ 64.4rA 
\n ~ l) 

1 (144 ){p a V a ) [l 

- {—) 
\PaJ 


S - 26 4n 

n T7 

_ | Va V a 

1 - 1 


i 


(89) 


Consider any section x of this nozzle between the point of 
steam entrance a and exit b where the pressure has dropped to p x . 
The velocity at that point x must be 


Vx 


96.26 





and with expansion, according to PV n = K, 


V x = V a 



cu. ft./lb. 


(90) 


If w lb. of steam per second is passing through the nozzle, the 
velocity in feet per second is 


Vx 


wV x 

A x 


where A x is the area in square feet at the point x. 
Therefore, 


A x 


wVx 

Vx 


(91) 


and, for known values of p a , V a) and n, substitutions can be made 
in the foregoing equations or formulas and values of area can 
be determined for an ideal nozzle for as many sections as required. 

It must be remembered that nothing has so far been said about 
the length of the nozzle and no consideration has been given to 
whether the nozzle shall be made so as to have uniform pressure 
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drop through its length, uniform heat dfop, uniform increase in 
specific volume, uniform increase in velocity, or any such specifica¬ 
tion. However, regardless of this, it will always be found that for 
ordinary pressures the areas first decrease in magnitude, that is, 
the nozzle is convergent; then, if the discharge pressure is made 
sufficiently low, the areas increase in magnitude, and the nozzle 
becomes divergent. 

The reason for this is that, at first, the velocity increases faster 
than does the specific volume but, later, the specific volume 
increases faster than does the velocity. If the exhaust pressure 
is not low enough to permit the latter situation, the nozzle will 
consist of only the contracting portion and will be a convergent 
nozzle. 

The pressure at the point where the area of the nozzle is a 
minimum is known as the critical pressure , and the corresponding 
velocity is the critical velocity . Sometimes these are called the 
throat pressure or the throat velocity. 

Since the critical pressure occurs at the point of minimum area, 
the weight of flow per unit area w/A t must be greater there than 
at any other point. This must be true because the weight of 
flow of w lb. per sec. must be the same at all points. In other 
words, w/A x is a maximum at the throat. 

It is known that 


w 

v, 96 - 26 Vi 


'elf?' 

\Pa) . 

A x - 

" Vx ~ 



w 

96.26 


~ (fP 

A x " 

1 _ 1 

V a 


ii 

96.26 PaPa ” 
V* \ 

/(» - x) - 5 [‘ 

Px n 

-m 


w 96.26p> 2 j( n \( 1 p x ^\ 

a x v a H \l\n-i)y* ~ 

Since the only two variables in the above equation are A x 
and p x , in order that w/A x be a maximum (or A x be a minimum) 
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must be a maximum, or the derivative of the above expression in 
parentheses with respect to p x must be zero, or 



Of course, p t = p x in this case, or 



Therefore, it follows that if the exponent n is known for a gas 
the ratio of the throat, or critical, pressure to the initial pressure 
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can be readily determined. Since this is based on the relationship 
PV n = const., the critical velocity can also be determined if n is 
known. 

Because this method of determining critical velocity is little 
used and is not of much practical importance, the expression 
will not be derived here. However, from the foregoing, it is 
obvious that the derivation is simple. 

The value of the exponent n depends on the nature of the gas 
and its condition at entrance to the nozzle. For gases the mole¬ 
cules of which contain two atoms, such as air (a mixture of dia¬ 
tomic gases), carbon monoxide, nitrogen, or oxygen, the exponent 
n is equal to y = c p /c v , or the ratio of the specific heats at constant 
pressure and constant volume, and this varies from 1.40 at 0°F. 
to 1.23 at 5000°F. 

Steam is not a perfect gas, and its characteristics change with 
temperature and pressure. For superheated steam at pressures less 
than 500 p.s.i., the exponent for expansion at constant entropy 
is very nearly 1.3. This, when substituted in the equation 
derived above, results in a ratio of pt/p a = 0.545; in other words, 
the throat pressure is 54.5 per cent of the admission pressure. 

For saturated steam at pressures less than 500 p.s.i., the expo¬ 
nent for expansion at constant entropy is very nearly 1.13. This, 
in the same manner, results in a throat pressure which is 58 per cent 
of the admission pressure. 

The weight of fluid discharged through a nozzle is determined 
by the throat area of the nozzle, the throat velocity, and the specific 
volume at that point. If the nozzle discharges at less than the 
critical pressure, it is necessary that the nozzle be divergent. 
Regardless of how much increase in area is attained in the divergent 
part, the conditions at the throat are not changed, and therefore 
the weight discharged is not affected by a discharge pressure that 
is less than the throat, or critical, pressure. However, if the 
discharge pressure is greater than the critical, the weight dis¬ 
charged depends on both the initial and the discharge pressure. 

A nozzle which discharges fluid at exactly the pressure of the 
medium into which it discharges is said to have complete expansion. 

When the fluid is discharged at a pressure greater than that 
of the medium into which it is flowing on account of too small 
exit area, it is said to be underexpanding. Of course, the fluid 
continues to expand after leaving the nozzle, but the additional 
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expansion is of no avail because the velocity energy produced is in 
all directions instead of in one desired direction. 

If the exit area is made too large, the fluid first drops below 
the pressure of the medium into which it is flowing, then rises to 
that pressure. Such a nozzle is said to be overexpanding. 

The effect of either over- or underexpanding is to reduce 
the exit velocity and cause energy loss. Overexpansion is worse 
than underexpansion; in general, it is better to design nozzles 
to be somewhat underexpanding. This is especially true in the 
case of naval marine turbines, which will probably run much 
of the time at light load and under conditions of throttled steam 
to the nozzles. However, in the case of merchant ships, which 
run at full power most of the time after reaching the open sea, it is 
better to design the nozzles for nearly complete expansion. 

As regards the weight of steam discharged through a nozzle, 
it is known that 


Vb 


- 96-26 (89) 


A b V b ]i f 

w = lUV b lb -/ sec - 
where A b is in square inches. 

96.26A 


w = 


144 F 6 

/ nn 

V, 




W 


w 


w 


_ 

= 0.668A, J-5-f \ 1 - 1 

\ n - 1 \ l \p a / L ypj J 




(94) 


This expression can be used for * determining the weight of 
fluid flowing per second for any condition of back pressure pro¬ 
vided the area and exponent n are known. 

If the back pressure is less than the critical, then the critical 
pressure should be used as the back pressure for reasons explained 
previously. Therefore, for saturated steam flowing through a 
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nozzle t,o a pressure equal to or less than the critical, the weight 
would be 


w> sa t = 0.668A, 
ww = 0.306A ( 


^^I^KO.5 8 ) 1 - 77 - (0.58) 189 ] 

U aJjt lb./sec. (95) 

In the same manner, for superheated steam it would be 

Waupht = 0.316A 4 yjy- lb./sec. (96) 

In the case of saturated steam being discharged at a higher 
pressure than the critical, the weight would be 


/1-13 p a 

\(Pb) 

/0.13 V a 

- w 


—#.[(s)‘” -(?:)'"] (97) 

In the case of superheated steam being discharged at a higher 
pressure than the critical, the weight would be 


*>&*[©“•-©1 

».*=u Ml> /t[(gr-(g) ,n ] < 98) 

The purpose of a nozzle is to convert thermal energy into 
kinetic or velocity energy and nozzle efficiency is based on this 
purpose. This velocity is useful only when it acts in a straight 
line in the desired direction. Therefore, the efficiency of a nozzle is 

_ actual gain in kinetic energy in actual nozzle . 

€n ~ calculated gain in kinetic energy in ideal nozzle ' 

This kinetic energy is, of course, due to velocity. The velocity 
in an actual nozzle is measured by impulse or reaction on test, 
and this brings out another characteristic called the velocity 
coefficient of a nozzle. 

The velocity coefficient is 

_ actual discharge velocity as measured by impuls e or reaction 
calculated ideal velocity 


(100) 
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Since kinetic energy = }imv 2 , 

e» = c* (101) 

Well-designed nozzles such as are used in steam turbines 
generally have velocity coefficients of 0.95 to 0.99; by the same 
token, the efficiency will run from 0.90 to 0.99. 

Generally, the losses up to the throat can be neglected. Effi¬ 
ciencies do not change much up to 2000 ft. per sec. of velocity; 
however, above this value, they fall off rapidly. 

Still another characteristic is the rate of discharge, or discharge 
coefficient. 

_ wt. of fluid actually discharged in unit time 
Ci wt. discharged in ideal nozzle in unit time 

The values for discharge coefficients in well-designed nozzles 
such as are used in steam turbines will run from 0.97 to 1.00. 




Fig. 49 . 

Nozzle efficiency has a vital effect on turbine efficiency. 
After the wire drawing and various friction losses that may occur 
in passing through the throttle valve, the next losses are those 
which occur in the nozzle owing to fluid friction and turbulence. 

By the definition of isentropic, or constant-entropy, expansion, 
no losses occur in the ideal nozzle. 

If the temperature-entropy and the Mollier diagrams (Fig. 49) 
are considered, it will be clear that in an ideal nozzle where there 
are no losses the expansion will be along the line ah. The two 
curves between which it passes are the constant pressures for the 
initial and exhaust pressures, respectively. 
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If h a is the enthalpy, or heat content, at a and h b is the enthalpy, 
or heat content, at b, then (h a — h b ) is the heat given up by the 
steam and this heat energy must be converted to kinetic energy 
and the velocity at the point b must be 

v b = 223.7 Vh a - h b ft./sec. (88) 

as was previously demonstrated. However, if there are friction 
and turbulence, the amount of heat energy produced thereby will 
appear as heat, or thermal energy , in the steam at the exit pressure, 
rather than as kinetic energy . Therefore, the kinetic energy in 
this case would equal the available energy due to an isentropic 
drop minus the loss due to friction and turbulence . Referring 
again to the diagrams (Fig. 49), the path the steam would take 
in the actual nozzle would be that shown on the dotted line ab'. 
The energy at b' is the energy at b plus the losses, or 

h b > — hb = losses 


The efficiency of the nozzle e n is 

_ h a — h b ' 

6n - h a - hi 


(103) 


The velocity at b' would be 

v b r = 227.3 Vh a — h b » 
or 

v b > = 227.3 V (h a — h b )e n (104) 

Thus, the nozzle efficiency and the isentropic heat drop being 
known, the exit velocity of the steam can be determined. 

In the same manner, if the efficiency is known, the losses in 
B.t.u. per pouiid can be determined. This loss when added to 
the heat in B.t.u. per pound at the end of isentropic expansion 
will result in the heat in B.t.u. per pound of the exit steam at the 
exit pressure, and its condition can be determined therefrom as 
regards moisture or superheat. In the case of a turbine containing 
several stages, this is important in determining the condition of 
the steam entering the next stage. Probably the most convenient 
way of determining this condition is by use of a Mollier diagram. 

Forms of Steam Nozzles .—In all the foregoing discussion, no 
mention has been made of the length of the nozzle. The sectional 
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Fig. 50.—Nozzle form for uniform drop in 
pressure per unit length. 


areas at various points have been discussed, and methods of 
arriving at these areas have been developed. 

If the sections are so spaced relative to length as to result in 
uniform drop in pressure per unit length, the form of the nozzle 
will be very nearly as shown in 
Fig. 50. Such a form has two 
outstanding disadvantages. Its 
peculiar and complicated con¬ 
tour make it difficult and expen¬ 
sive to manufacture; also, the 
exit is so flared that it disperses 
the steam rather than ejecting 
it unidirectionally. 

If the sections are so spaced 
relative to length as to result 
in uniform drop in heat per unit 
length, the form of the nozzle 
will be very nearly as shown in Fig. 51. Such a form has the same 
disadvantages as the nozzle with uniform pressure drop, but not 
to so great a degree. It should be noted that uniform drop in 

heat is the same thing as uni¬ 
form acceleration. 

If the sections are so spaced 
relative to length as to result in 
uniform increase in specific vol¬ 
ume, the form of the nozzle will 
be very nearly as shown in Fig. 
52. Such a form has the advan¬ 
tage that it ejects the steam 
nearly unidirectionally, but it 
is difficult to manufacture. 

In view of the manufacturing 
difficulties and since high effi¬ 
ciency can be attained just as well, the form most generally used 
is one having uniform increase in diameter after passing the throat, 
in other words, a cone. This results in a cross between uniform heat 
drop and uniform increase in specific volume. Sometimes, when 
space is at a premium, the nozzle may take the form of a pyramid. 

With such forms, it is merely necessary to compute the throat 
area and the exit area, then make the nozzle sufficiently long so as 


Fig. 51 .- 


-Nozzle form for uniform drop in 
heat per unit length. 
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to prevent undue flare, which would cause dispersion of the steam, 
yet not so long as to result in undue friction and too much space. 
From the throat to the exit the length is generally seven to ten 
times the throat diameter. The length from the entrance to the 
throat is generally made equal to the throat diameter, a 90-deg. 

arc making the curve from en¬ 
trance to throat. Such a nozzle 
is shown in Fig. 53. 

In assembling the nozzle into 
the turbine, it is usually oblique 
with respect to the plane of mo¬ 
tion of the turbine blades; in 
that event, a cylindrical or rec¬ 
tangular extension is added, 
depending on whether or not 
the nozzle is conical or pyram- 

Fig. 52 .—Nozzle form for uniform increase idal. This extension guides the 
in specific volume per unit length. . . . , . .. 

issuing jet and separates the 
outer streamlines from the dead steam in the wheel space (see 
Fig. 54). 

Sometimes several nozzles are grouped together with twin 
partitions between to form what is called a “ nozzle block” (see 

Fig. 544). 





Fig. 53.—Nozzle proportions. 


47. Turbine-blade Dynamics. —In turbines of the impulse 
type, the jet of steam, on issuing from the nozzle, impinges on a 
curved blade or bucket, is partly reversed, and leaves the blade 
at relatively low speed. The giving up of or reduction in this 
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energy of motion, or kinetic energy, causes force and motion, or 
energy, to be transmitted to the moving blade (see Fig. 55). 



In turbines of the reaction type, the jet of steam, on issuing 
from the nozzle, impinges upon and enters a curved blade of ■ 
nozzle form. This first action causes force on the moving blade 



Fig. 54A.—Blades and nozzle partitions. {Courtesy of General Electric Co.) 

in a manner similar to that of the impulse turbine. Then the 
steam expands in the moving nozzle, or blade, thereby increasing 
the velocity of the steam relative to the moving blade. The 
steam is reversed partly and leaves with a relatively low absolute 
velocity, thereby causing a reaction effect that imparts more 
force and motion to the moving blade (see Fig. 56). 
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In order to analyze these actions, it is necessary to consider 
absolute velocities, or velocities relative to the stationary parts 
of the turbine, and relative velocities, or velocities relative to the 
moving parts of the turbine. 

Impulse Blade 


Fig. 55. Fig. 56. 

The symbols commonly used are as follows. All velocities are 
in feet per second, enthalpies in B.t.u. per pound. 

= absolute velocity of jet at blade entrance. 
v<i = absolute velocity of jet at blade exit. 

Ri = relative velocity of jet at blade entrance. 

R 2 = relative velocity of jet at blade exit. 
u = peripheral velocity of blade. 

/ii = enthalpy at blade entrance. 
h 2 = enthalpy at blade exit. 

w = weight of steam passing, pounds per second. 

Under the discussion of nozzle performance, it was demon¬ 
strated how velocity was imparted to the jet. In this discussion 
on blade dynamics it will be demonstrated that the jet will be 
received and part of the kinetic energy extracted from it and 
imparted to the blade. However, in some blades, those of the 
so-called “reaction type,” the steam also gives up thermal energy 
as it passes through the moving blades. This energy is converted 
to kinetic energy, and thereby the kinetic energy of the steam 
through the blades is increased. 

The work done by the steam on the blade must equal the 
total energy entering minus the total energy leaving, considering 
the sums of both kinetic and thermal in each case. 

}^mv\ = kinetic energy of steam entering blade system, 
foot-pounds. 



Reaction Blade 
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Hmvl = kinetic energy of steam leaving blade system, foot¬ 
pounds. 

lw v\ wv\ 

2g 778 


= kinetic energy of steam entering blade 


50,000 

system, B.t.u. ThisisB.t.u.per second since w is pounds per second. 

1 w v\ wv\ 

2 ~g 778 


= kinetic energy (per second) of steam leav- 


50,000 
ing blade system, B.t.u. 

Therefore, the rate of doing work on the blade is 

W b = w(}h — h 2 ) + ~gooo5"^ B.t.u./sec. (105) 

Taking the moving-blade system alone and considering the 
steam relative thereto, 

= kinetic energy (per second) of entering steam relative 
to moving blades, foot-pounds. 

%mRl = kinetic energy (per second) of exit steam relative to 
moving blades, foot-pounds. 

1 w R\ wR\ 

2 0 778 


= kinetic energy (per second) of entering 


50,000 

steam relative to moving blades, B.t.u. 

\ ~g = 5(7oOO = kinetic energy (per second) of exit steam 

relative to moving blades, B.t.u. 

w(R\ — R\) ...... , . 

— qqq —- = gam in kinetic energy (per second), B.t.u. 

But this gain in kinetic energy is due to the heat drop, or 
w{R\ — R\) 


50,000 


= w(hi — hi) 


(106) 


It should be borne in mind that this may be negative. In the 
case of an impulse turbine the enthalpy change may be a heat gain 
due to turbulence and friction through the blade passage, and 
this would result in a loss of kinetic energy. 

But, in any event, since 


w - w(R * - + w(v * ~ 

VVb ~ 50,000 

_ w[(«1 ~ V D ~ (M ~ 

~ 50,000 


B.t.u./sec. 

B.t.u./sec. 


B.t.u./sec. 


(107) 
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in B.t.u. per second where w is in pounds per second. This is a 
valuable expression where all velocities are known. 

Figure 55 shows a velocity diagram such as should be expected 
in an impulse turbine. Figure 56 shows a velocity diagram such 
as should be expected in a reaction turbine. 

It will be noted that the steam enters the blades at an angle 
instead of tangentially. If it entered tangentially, there would be 
no velocity component of the steam through the turbine longi¬ 
tudinally and the steam would, of course, not pass through. 
Also, there would be no space occupied by the stationary nozzle 
that was not swept by the blades, which is an impossible situation. 
However, no more longitudinal velocity is desired than that neces¬ 
sary to carry the steam through, and the nozzle angle A is made 
as small as is practically possible. In marine turbines, this angle 
is practically never made less than 14 deg. 

It will be noted that the entering velocity relative to the blade 
is the vectorial difference between the absolute entrance velocity 
Vi and the blade velocity u. This operation also determines the 
correct entrance angle of the blade. 

Only the tangential component of velocity produces work on 
the blade. In the blades the velocity is reversed so that the 
reaction on the part of the steam when it leaves the blade will also 
produce force. The most desirable effect is produced when the 
absolute velocity of the steam leaving the blade is as low as possible. 

An expression for work on the blade will now be derived, 
based on the various velocities and angles. The tangential com¬ 
ponent on the entering side is (see Figs. 55 and 56) 


Vi cos A = u + Ri cos B 


On the leaving side, it is 

v 2 cos C = u — R 2 cos D 


Since the same weight of steam is involved in each case and 
since these velocities are opposed to each other if v 2 cos C is in 
the same direction as cos A and augment each other if v 2 cos C 
is in the opposite direction from Vi cos A, then the resultant 
velocity is 


v x cos A — v 2 cos C = Ri cos B + R 2 cos D 
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But force = mass X acceleration. Therefore, if to lb. per sec. 
is flowing, then 

w 

— = mass per sec. 

9 

— v — mass per sec. 2 = force 
9 

Therefore, force on the blade is 

7 /) 

Fb = ~ g (Ri cos B + R 2 cos D) lb. (108) 

7/1 

F b = — (v i cos A — v 2 cos C) (109) 

Since work is force through distance, then the rate of doing work 
on the blade is 


w 

W b — F b u = — (Ri cos B + R 2 cos D)u ft.-lb./sec. 
w 

= — (vi cos A — v 2 cos C)u ft.-lb./sec. 


( 110 ) 

( 111 ) 


Torque in foot-pounds is the force acting at a. 1-ft. radius; there¬ 
fore, if the mean radius of the row of blades is r ft., then 


w 

Torque = F b r = — (R i cos B + R 2 cos D)r (112) 

w 

— — (t’i cos A — v 2 cos C)r ft.-lb. (113) 

It will be noticed from the above equations that, the larger 
Ri and R 2 are, the greater the torque. Also, from the velocity 
diagrams (Figs. 55 and 56) it can be seen that, the smaller u is, the 
greater Ri (and consequently R 2 ). As a turbine is reduced in 
speed, then, the torque increases and reaches a maximum at zero 
speed. 

48. Blade Efficiency. —The efficiency of any turbine blade is 
the ratio of the work done on the blade to the energy applied to 
the blade. 

In the case of an impulse blade the energy applied is purely 
kinetic energy, and there is no heat drop in the steam as it goes 
through. In fact, there is a heat gain due to losses that change 
some of the kinetic energy to heat. 
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In the case of a reaction blade the energy applied is in the form 
of both kinetic and thermal energy, the steam giving up heat as it 
goes through. Also, as in the case of the impulse blade, some of 
this energy goes out in the form of heat at the exhaust pressure 
owing to losses. 

Therefore, the general equation for blade efficiency is 

. = („ 4) 

W \ ha + 50^000/ 

where h s is the heat drop at constant entropy through the pressure 
drop that occurs through the blade. 

Note that if it is desired to use W b in the form of foot-pounds 
per second the denominator in the efficiency equation must be 
multiplied by 778, the mechanical equivalent of heat. 

49. Impulse Blade Efficiency. —In the case of an impulse 
turbine no heat drop takes place within the moving blades. As a 
matter of fact, there is some heat gain owing to turbulence and 
friction causing loss of steam speed. Therefore, the whole energy 
input to the blade can be considered as in the form of kinetic 
energy or equal to 


\ — v\ = ft.-lb./sec. 

2 g 

The work done on the blade, as previously demonstrated, is 
w 

Iff, = — (Ri cos B + R* cos D)u 
The efficiency, therefore, is 


C'ib 


&ib — 


cos B + Rz cos D)u 


1 w 


2 g Vl 

cos B + i? 2 cos D) 

..9 


(115) 


It is common practice to make the exit angle of impulse blades 
equal to the entrance angle. Assuming this to be the case, 
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2u(Ri cos B + R 2 cos B) 

Gib 

€>ib 

&ib 

Let p = u/v i be the ratio of the blade velocity to the jet 
velocity; then 

e» = (2 p cos A - 2p 2 ) (l + |-*) (116) 

It is obvious that, when u is zero or p = 0, there is no power 
output. Also, when u is equal to V\ or p = 1, there can be no 


2uRx cos B 


0-t) 


2u{vi cos A — u) 


0 - 1 ) 


v\ 



Velocity ratio=p = ^ 

Fig. 57.—Variation, of blade efficiency with velocity ratio. 


power output because the jet would barely touch the blade. 
Therefore, at some point between these two conditions there must 
be a value of u relative to Vi or a value of p that results in the 
greatest power output and the greatest efficiency (see Fig. 57). 

This value can be found by differentiating the efficiency 
with respect to p and equating the result to zero. 
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$-<2cosA-4p)(l+|)-0 

0 = 2 cos A — 4p 
cos A 
9 ~ 2 


(117) 


Therefore, maximum efficiency is attained when p is half of 
cos A y and this is true whether or not R i is equal to R 2 . In practice, 
J? 2 is always less than R i on account of friction. If the friction 
loss through the blade is known to be a certain percentage of the 
energy entering the blade, generally approximately 10 per cent, 
then 

R<i — R\ Vl — per cent loss (118) 


This is obvious when it is realized that kinetic energy is propor¬ 
tional to the square of the velocity. 

Substituting-the optimum value of p obtained above into the 
general-efficiency equation, a value of maximum efficiency is 
obtained. 


Maximum e ib = 


cos 2 A — 2 


cos 2 A 


t 


)(>+» 


(119) 


The fact that has just been developed can be expressed simply 
by stating that the best blade speed is about half the jet speed. 
If the entrance angle A were zero, the best blade speed would be 
exactly half jet speed. 

50. Reaction Blade Efficiency. —No simple and general equa¬ 
tion for reaction blade efficiency can be derived unless certain 
assumptions are made that cannot be depended upon in average 
practice. However, each individual case can be worked out on its 
own merits. This can be easily and simply done by using the 
general-efficiency equation previously given [Eq. (114)]. 

One thing, however, is obvious and important. Since the 
steam picks up velocity within the moving blade, naturally the 
jet velocity of the steam entering must be lower, for an equal 
blade speed, as compared with an impulse turbine; therefore, for 
a given heat-drop total, a single-stage reaction turbine must 
have a higher blade speed, that is, must run faster, than an impulse 
turbine, in order to obtain the same approximate efficiency. 
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In short, more reaction stages than impulse stages are required 
to obtain the same effect. 

51. Staging. —From the foregoing it can be seen that the higher 
the blade speed the greater the amount of thermal energy which 


Fig. 58.—Single-stage velocity compounded turbine (section shown in Fig. 59). (Courtesy 

of The Elliott Co.) 

can be absorbed and consequently the smaller the turbine for a 
given output. However, there is a limit to blade speed for two 
reasons. In the first place, the mechanical problem of structural 
strength becomes difficult. In the second place, with high blade 
speeds the r.p.m. becomes so high that it cannot be utilized except 
in the case of some high-speed centrifugal pumps. Therefore, 
even after the value of blade speed u has been increased to the 
maximum, in view of the above considerations and the proper 
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Fig. 59.—Single-stage velocity compounded turbine (photograph shown in Fig. 58). (Courtesy of The Elliott Co.) 
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value of p, or velocity ratio, used, the resulting value of heat 
drop will be so small that it would be a very small percentage 
of the total available energy of modern marine installations, 
which run to hundreds of B.t.u. per pound of steam. 

Obviously, the solution is to take a number of turbines and 
put them all on one shaft, then put the steam through them 
in series so that each single wheel will use a part of the total energy 



Fig. 62 .—Typical cross section of Westinghouse L.P. turbine. 


available. This is known as staging; and each wheel, together 
with its nozzles and other such accessories, is known as a stage . 

By properly proportioning the inlet and outlet nozzle areas 
of the stages through the turbine the pressures in the various 
stages can be determined and consequently the heat drop across 
the stages fixed. 

If there are S stages in a turbine and it is assumed that each 
stage absorbs 1/S of the total available energy, then, since jet 
velocity is proportional to the square root of the energy, the speed 
of this multistage turbine would be VI /S of that of a single-stage 
turbine having the same mean radius of blades and the same value 
of p. Therefore, to reduce the speed of a multistage turbine to 













Art. 51] 


TURBINES 


133 


one-fourth that of the corresponding single-stage unit would 
require 16 stages. 

Another method of staging is to run the steam through several 
sets of wheels after having sped it up through one initial nozzle or 
set of nozzles. The steam loses, not the greater part of its velocity 
through the first wheel, but only part. The steam is then redi¬ 
rected by means of a stationary set of blades and enters a second 
moving set of blades, and so on. This is called “Curtis” or 
“velocity compounding,” and it 
must be realized that there is 
no drop in pressure after the 
steam leaves the nozzle through¬ 
out the whole series of wheels, 
only drop in velocity (see Figs. 

58 and 59). 

A velocity diagram for such 
staging is shown in Fig. 60. 

Figures 58 and 59 show a photo¬ 
graph of a disassembled turbine 
as well as a sectional view. This 
turbine has the steam velocity 
compounded three times. 

Figures 61 and 62 show all 
the stages from throttle to con¬ 
denser, some being velocity- 
compounded, some simple 
impulse and some reaction, and 
the whole being divided into 
two spindles, a high pressure 
and a low pressure. The reversing, or astern, blading is also shown 
in the low-pressure casing. 

The number of times the steam is redirected is the number of 
compoundings, Q. The velocity ratio for maximum efficiency 
with symmetrical and frictionless blades is 



cos A 

p - ~w 


( 120 ) 


In other words, each time the steam reenters the moving-blade 
system, the blade-speed component u is added again. 

Reentry velocity compounding is accomplished by having 
a single row of blades and by redirecting the steam after it leaves 
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the blades back into them by means of stationary guide passages, 
which cause the steam to take a sinusoidal or helicoidal path. 
Since the pressure does not change, the specific volume of the 
steam does not change, but its velocity is continually decreasing; 
therefore, the sectional area of the path must be made larger and 
larger. 

Schemes for obtaining reentry-velocity compounding are 
shown in Figs. 63 and 64. 



Fig. 64. — Reentry velocity compounding. (Courtesy of Westinghouse Electric & Manufac¬ 
turing Company.) 


Straight velocity compounding is ordinarily used in the first 
stage of a multistage turbine. This disposes of much of the super¬ 
heat which corrodes blades and nozzle materials to the extent 
that special and expensive materials must be used. In the lower 



Fig. 65. 


stages, ordinary materials may be used. Also, in spite of the 
fact that velocity compounding is not so efficient as straight impulse 
staging on account of the extra blade friction, the heat therefrom 
is not completely lost because it is available to the lower stages. 

52. Turbine Losses. —The losses in a steam turbine are as 
follows (see Fig. 65): 
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1. Leakage of Steam .—In a single-stage impulse turbine 
there should be no leakage because all the steam goes through the 
nozzles and is immediately thereby brought to exhaust pressure. 
However, in multistage turbines, the steam from one stage enters 
a nozzle or nozzles at the exit of that stage and expands to the 
next lower stage. Naturally, both wheels of these two stages 
are carried on the same shaft. These two stages, therefore, 
must be separated by a wall, or diaphragm, which, where it 
approaches the shaft, must have a packing arrangement, or stuffing 
box, because there is relative motion at that point. Therefore, 
there will be a tendency toward leakage at that point and steam 
will go through there instead of through the nozzle or nozzles, the 
resultant energy being lost. This loss may be as much as 5 per 
cent of the available energy. 

2. Nozzle Losses .—As explained under Nozzles, there are 
frictional resistance and turbulence in the nozzle, resulting in a 
loss of 3 to 12 per cent of the available energy. 

3. Blade Loss. —Owing to the friction and turbulence in the 
blade passage there is a loss. Also there is a leaving loss due to 
the exit velocity of the steam from the blades. The total is 10 
to 25 per cent of the available energy. 

4. Windage Losses. —The wheel of the turbine containing the 
blades rotates in an enveloping mass of dead or relatively motion¬ 
less steam at the pressure and density of the steam leaving the 
blades. The churning of this steam requires energy, and torque 
at the shaft is reduced thereby. Fortunately, the largest blades 
and largest diameter wheels are at the lower stages where the steam 
density is lower. These losses range from 2 to 7 per cent of the 
available energy. 

5. Mechanical Losses. —These are due to friction of bearings 
and to any load of accessories such as oil pumps, governors, etc., 
that may be driven from the main shaft. These losses should 
amount to not more than 2 per cent of the available energy. 

6. Radiation from Casing. —This loss is usually so small that it 
can be ignored. 

53. Turbine Efficiency. —There are three types of efficiency 
generally considered. 

1. Thermal efficiency is the ratio of the turbine output to the 
difference between the energy in the steam at the throttle and the 
energy in the liquid water at exhaust pressure. Figure 49 shows 
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a temperature-entropy diagram. If h a is the enthalpy at a, hb 
the enthalpy at b, and h c the enthalpy at c, then if P is the output 
at the turbine shaft in B.t.u., thermal efficiency is 

P 

■^thermal ~ ^ ^ (121) 

The logic behind this definition is that h a — h c is the amount of 
energy that must be put into each pound of steam by the boilers. 
A reference to the diagram will make this clear. Assuming that 
the feed water enters the boilers at condition c, this must first be 
raised in temperature to condition d, then evaporated to condition 
e, and finally superheated to condition a, under which condition 
it enters the throttle. In short, the total amount of energy that 
must be supplied to the turbine per pound of steam is h a — h c . 

2. Engine efficiency or turbine efficiency is the ratio of the 
turbine output to the energy available to the turbine. In Fig. 49, 
the energy h' b — h c all goes into the sea water used in the con¬ 
denser. There is no way known to man at the present time of 
converting heat of condensation into mechanical power. A tur¬ 
bine that is 100 per cent efficient would exhaust under condition b. 
Therefore, the total energy available to the turbine is h a — hb. 
The engine efficiency or turbine efficiency therefore is 

Fturtine = (122) 

A comparison of engine, or turbine, efficiency is a much more 
illuminating method of judging turbines as to performance than 
any other. A comparison of water rates, that is, the pounds of 
steam per horsepower-hour, does not mean much unless throttle 
and exhaust conditions are known. 

3. Internal efficiency is the ratio of the energy delivered to the 
blades to the energy available to the turbine. It corresponds to 
the “indicated efficiency” of a reciprocating engine. Internal 
horsepower is equal to power output plus bearing friction losses 
plus any power used to drive pumps, governors, etc. Therefore, 
internal efficiency is 

Eint = F a - kb (123) 


Pint must be in B.t.u. per pound of steam (see Fig. 65). 
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54. Reheat.—All the internal losses which occur in any stage’ 
of a turbine, that is, those losses which occur before the net power 
is delivered to the blades, produce friction and turbulence in the 
steam and thereby reduce the final power delivered. If the 
negligible amount of heat that might be transferred out through 
the casing is ignored, all these losses are absorbed by the steam 
itself. This results in more heat in the steam at the exhaust 
pressure of this stage than would exist if isentropic expansion had 
occurred. Therefore, since the enthalpy has increased (at this 
pressure), the entropy and volume will also be greater. If the 


Enthalpy 


Fig. 66. 

steam would have been wet under isentropic conditions, the steam 
would be drier and the quality improved under the actual condi¬ 
tions. This excess of heat in the steam at exhaust over and above 
the amount of heat that would have existed under conditions of 
isentropic expansion to the same exhaust pressure is called the 
reheat or RH of that stage. 

Reheat in any one stage means that less energy has been 
delivered to the blades in that stage but that more energy is 
thereby available in the next stage. In Fig. 66, suppose the steam 
to enter the stage under condition a. If isentropic expansion took 
place, it would exhaust under condition 1. However, since there 
are losses and since these losses reheat the steam, it actually 
exhausts under condition 1', which is at the same pressure but with 



Entropy 
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* more heat content. The reheat RH i of this first stage is 

RH l = hi - hi 

If this action is continued through the several stages of the 
turbine, the path followed by the steam will be as shown on Fig. 66 
from a to V to 2', etc.; and from this it can readily be seen that, 
whereas if the whole expansion had been isentropic the available 
energy would have been (fa — fa), on account of the losses and 
reheat the actual available energy was 

(h a - h,) + (h[ - fa) + (fa - fa) + (fa - fa) 

This sum is invariably greater than (h a — fa) because, as will be 
disclosed by an inspection of a Mollier diagram of steam, there 
is a continuing divergence of the constant-pressure curves as the 
heat content increases. In other words, these curves spread 
as the enthalpy and entropy increase. 

Since the sum is greater than (fa — fa), if the sum is divided 
by (fa — fa) a factor is obtained by which the apparent available 
energy is multiplied to obtain the actual available energy. This 
factor is called the reheat factor or R.F. 

t > t ? (fa — hi) + (fa — h 2 ) + (fa — fa) + (fa — h 4 ) 

R.F. Jfa^fa) (124) 

and this may run anywhere from unity to 1.1. In a single-stage 
turbine, the R.F. would, of course, be unity. 

In any turbine the stage efficiency e s is the ratio of energy 
delivered to the blades to that available in that stage. For 
example, in a single-stage turbine, the stage efficiency e s is equal 
to the internal efficiency E ini . However, for a multistage turbine, 
the internal efficiency is greater than the stage efficiency because 
reheat increases the actual energy available. Therefore, 

-E'int = R.F.e s for any turbine (125) 

The impression must not be gained from the foregoing that, 
since reheat is always available in the next stage, stage efficiency 
is of no importance because the losses are always available for 
more work. It must be remembered that there is no opportunity 
to use any of the reheat in the last stage. 

Obviously, from the foregoing, reheat increases the available 
energy of the steam at a given pressure. From this it naturally 
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follows that the available energy could be increased by taking 
the steam from the turbine and reheating it by some outside means. 
This is often done in the case of power plants on land and is being 
experimented with in marine plants. 

Generally the steam is reheated to the original throttle tem¬ 
perature or thereabouts. The maximum gain is accomplished 
when the steam is allowed to expand and drop in temperature in 
the turbine until the temperature drop is approximately half the 
total drop that would have occurred had the steam gone to exhaust 
pressure in the conventional manner. Practically, it is not 
expedient to drop to this point because of the volume of the steam 
under such circumstances. Furthermore, the reheating increases 
this volume still further because under no circumstances should 
steam be bled from the turbine for reheating unless there are a 
few degrees of superheat still remaining. Since the volume 
involved complicates an already complicated piping problem, 
reheating does not pay unless the throttle pressure is in excess of 
1200 lb. or the temperature at throttle is approximately 1000°F. 
This can readily be seen by inspecting a Mollier diagram. 

There are two practical ways of reheating. One is to lead the 
steam from the turbine into a heat exchanger, the hot side of 
which is receiving steam at throttle pressure and temperature 
from the boilers. This is known as "steam reheat” and has the 
advantage that the runs of large piping from turbine and return 
are small. The heat exchanger can be put alongside the turbine. 
The other method is to lead the steam from the turbine over to 
the boiler and through a heat exchanger across the hot side of 
which hot combustion gases flow. This is known as “gas reheat.” 
This second is somewhat more economical. 

In short, reheating involves relatively high throttle pressures 
and temperatures and increases piping complication. It has the 
advantage that there is a great increase in available energy and 
that it renders the amount of heat lost in the condenser, which 
is approximately the same for each pound of steam regardless of 
throttle conditions, a smaller percentage of the heat applied to 
the water as it passes through the boilers. Furthermore, a glance 
at a Mollier diagram will disclose that for a given throttle condition 
( here will be less moisture in the steam at exhaust in the case of 
reheat than otherwise, this for a given exhaust pressure. This 
is a decided advantage when the turbine maintenance is considered. 
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because moisture causes blade erosion in the lower stages. Any 
amount greater than 10 per cent is dangerous. 

Several experimental ships, mostly with gas reheat, have been 
built and are operating, but no conclusive results are available 
yet. The problem mostly involves boiler design and piping layout. 
Greater economy is certainly possible with these schemes, and more 
work will undoubtedly be done along this line. 

56. Critical Speed, Vibration, and Balance.—From the steam- 
jet speeds, blade velocities, etc., previously discussed it naturally 
is apparent that the steam turbine is inherently a high-speed device. 
The higher the rotative speed, the smaller the unit for a given 
power output. 


Static Balance 



Dynamic Balance 



High rotative speed aggravates vibration due to lack of bal¬ 
ance. Therefore, proper balance is important. 

If a shaft having two weights that have equal and opposite 
moments from its axis is placed on knife-edges, it will be found 
that it will stay in any position without any tendency to turn. 
This shaft is said to be in static balance , meaning that when sta¬ 
tionary in any position it is balanced (see Fig. 67). 

However, should this shaft with its weights be rotated, the 
weights would produce a tension in the arms due to centrifugal 
force and a couple would exist tending to pull the rotor askew 
from the knife-edges. This statically balanced rotor, therefore, 
is not in dynamic balance , meaning that, when rotating, forces 
are set up which cause vibration. 

Therefore, a rotor can be in perfect static balance yet in bad 
dynamic balance . 

Obviously, the cure is to add (or subtract) weighty at the 
proper radii and distance from the point of bearing (knife-edge, 
in this case) so that the couple tending to pull the rotor askew 
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when rotating is counteracted by another couple of equal and 
opposite effect or reduced to zero (see Fig. 68). 

In practice, this is accomplished by adding or subtracting 
weights at certain fixed longitudinal distances from the bearings 
(knife-edges), the rotor being arranged to permit screwing in 
balancing screws or removing them (similar to the arrangement 
on the balance wheel of a watch) or by some other method—some¬ 
times welding. The amount of weight change is determined either 
by cut-and-try methods or by the use of balancing machines. The 
description of such a machine is beyond the scope of this book. 


T“^"T 

(a) 

However, even after the rotor has been dynamically balanced, 
there is another source of vibration due to the natural period of 
vibration of the completely balanced rotor. From fundamental 
physics, it is known that if a mass is supported resiliently, as shown 
in Fig. 69a, it will have a natural period of vibration of 



where M is the mass of the body and R is the resistance of the 
spring in pounds per foot. If the system is disturbed, the mass 
will vibrate up and down, taking T sec. to complete one cycle. 

If the turbine rotor resting in its bearings is considered as in 
Fig. 69fe, it will be seen that the mass of the rotor with shaft 
corresponds to the mass of Fig. 69a whereas the shaft acts as the 
spring. Therefore, this system will have a natural period of 
vibration. If the rotor is now rotated at such a speed that the 
up-and-down frequency of the centrifugal force, due to the minute 
sag of the shaft and the mass being therefore off center, is such as 
to coincide with the natural period of vibration of the system, then 
the amplitude of motion will continue to be augmented by this 
force acting at just the proper moment until the vibration is 



Fig. 69. 
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disastrous. Such a speed as to cause this to happen is called the 
critical speed, and a simple method for determining its value 
approximately will now be derived. 

Since critical speed coincides with the natural period of vibration, 


R.P.M.c 

R.P.M.C 

w 

R 

V2w 

R 

R.P.M.c 

R.P.M.c 


60 _ 60 
T ~ 2ir VMjR 

9.55 
deflection, feet. 




deflection, inches = 

955 -JW - 955 

187.7 yj± 



( 127 ) 


Therefore, if the deflection, or sag, of the shaft is known in 
inches the critical speed can be readily determined. 

Ordinarily, the calculation of the deflection of a turbine rotor 
is an involved calculation. Most books on machine design and 
mechanics demonstrate methods for doing this accurately. How¬ 
ever, a rough estimate can be made by considering rotor weight as 
concentrated between the bearings at the center. Then, if the 
dimensions of the shaft are known, the deflection under such condi¬ 
tions can be simply calculated by means of the beam formulas 
given in any handbook. Such a method will, of course, result in a 
deflection slightly greater than the actual. This, in turn, will indi¬ 
cate a critical speed slightly lower than actual, which is on the safe 
side. However, there is another phase of the problem that is more 
difficult, and that is the added deflection due to the flexibility of the 
bearings and their supports. This may be as much as the deflection 
due to the shaft. 

It should be noted that, at low speeds or speeds below the 
critical, rotation is about the geometric axis. After having passed 
through the critical speed the rotation tends to be about the center 
of mass. The shift occurs at the critical speed. 

Marine turbines are not designed to operate above the critical 
speed. Those land installations which do operate above the 
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critical manage to pass through this point without damage owing 
to the internal friction, or damping. 

56. Turbine Construction. —Small turbines for driving pumps 
and other auxiliaries are generally made with one pressure stage 
and several stages of velocity compounding of the type in which 
the steam takes a helical path and there is only one row of moving 
blades, as previously described under Staging. Naturally, since 
there is only one pressure stage, the steam expands in the nozzle 
(or number of nozzles in parallel) until it rea'ches exhaust pressure. 
This means that all the steam in the chamber where the wheel 
revolves is at exhaust pressure. In most marine applications, this 
pressure is somewhat above atmospheric—approximately 10 p.s.i. 
gage—and therefore the problem of sealing the joint where the 
shaft goes through the casing is not difficult. This is usually 
accomplished by a number of metallic or carbon rings composed 
of segments carefully fitted into the grooves of the retaining cages. 
These packing pieces are prevented from rotating with the shaft 
and are held together in proper position by means of springs on 
their backs (see Fig. 59). 

There may be a number of nozzles all receiving steam at 
throttle pressure but with means whereby the steam may be shut 
off from the individual nozzles, depending on the load. 

In the case of high-speed turbines, the wheel proper may be a 
forging with the blades keyed to it. For moderate speeds, the 
wheel may be fabricated. 

In larger turbines or main-propulsion turbines, the best con¬ 
struction is that in which the complete rotor, with the exception 
of the blades, is machined from one solid forging. The blades 
are keyed to the several protruding rings. In view of the high 
temperatures and corresponding stresses now existent, it is best to 
use cast-steel casings (see Figs. 28 and 70). 

The astern-turbine rotors, consisting sometimes of as many 
as three wheels, are assembled adjacent to the last stages of the 
ahead turbines and rotate, when the ship is going ahead, in steam 
at exhaust pressure and temperature (see Figs. 28 and 70). This 
exhaust temperature is approximately 100°F., and it may be 
necessary suddenly to close the ahead throttle and open the astern 
throttle, admitting, thereby, steam at a temperature of as high as 
800°F. This rapid change in temperature results in rapid expan¬ 
sion of the astern casing. In view of this, it is well to support 
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the astern oasing in a manner permitting free movement so as to 
allow this expansion to take place without undue stress. 



Fig. 70. —General Electric Co. L.P. turbine containing both impulse and reaction 
staging. The last two stages are reaction. Note astern turbine. (Courtesy of General 
Electric Co.) 



Fig. 71.—High- and low-tooth packing as used by General Electric Co. This is an enlarged 
view of the drum at the left of Fig. 72. (Courtesy of General Electric Co.) 

With the high throttle temperatures now used, special steels 
must be used in the upper stages. These steels must be impervious 
to creep and plastic flow brought about by the combination of 
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high stresses and high temperatures. The metallurgists are 
solving these problems satisfactorily. 

As regards the sealing of joints where the shaft passes through 
the casing, the pressures run from almost throttle pressure to 
considerably below atmospheric. These joints are sealed by 
means of glands consisting of numerous rings or collars so as to 
provide a labyrinth (see Figs. 71 and 72). Steam condensing in 
this passage aids in sealing. The low-pressure glands of both the 



Fig. 72. —Carbon packing being installed in a marine turbine. (Courtesy of General 

Electric, Co.) 


straight carbon-ring and labyrinth types always have intermediate 
grooves that are supplied with steam under pressure higher than 
atmospheric. If this steam were not supplied, the air would leak 
into these lower stages owing to atmospheric pressure. This air 
would then enter the condenser and plug up the condenser with 
noncondensable gas of greater amount than the air ejectors could 
eliminate. 

However, if the intermediate grooving is supplied with steam, 
some of it will leak into the lower stages and be carried to the 
condenser where it will condense, some of it leaking out to atmos¬ 
phere. In some of the older installations, this gland leak-off 
steam is allowed to escape into the engine room, and the presence 
of this small plume of steam is an indication that the gland is 
properly sealed. There are two arguments against this practice. 
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In the first place, it will fog up the engine room, impairing visi¬ 
bility and rendering conditions humid and uncomfortable. In the 
second place, it is a waste of valuable feed water. 






Fig. 73. —Steam seals and piping diagram for marine turbine set. Sealing steam can 
be supplied by extracting from stage of L.P. turbine if pressure in that stage is sufficiently 
high. (Courtesy of General Electric Co.) 

Modern practice involves trapping this gland leak-off steam 
and condensing it, returning the condensate to the feed system. 



This will be covered more thoroughly in the chapter on Heat 
Balance (see Figs. 73 and 74). 

The normal source for gland-sealing steam at full power is the 
leak-off from the high-pressure end or a tap from one of the lower 
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stages. However, in running at reduced power, the pressure at 
these points may be less than atmospheric; under such circum¬ 
stances, gland-sealing steam must be supplied from the exhaust 
line or some such reliable source. Gland-sealing steam is charge¬ 
able to the steam consumption of the turbine. 

Water-sealed glands in which an impeller revolves in a pocket 
containing water are not in favor with some marine engineers. 
Complications of water supply and the 
hazard of a broken seal-impeller render¬ 
ing the complete turbine inoperative are 
the reasons for this (see Fig. 75). In Partial 
turbogenerator turbines, they are more '^eam 
acceptable. 

Lubrication is invariably of the J 
forced-feed type. Oil is pumped into 
tanks set fairly high in the ship, and this 
difference in head causes the oil to run 
to the turbine bearings (as well as the 
gearbox). The bearings are of the sleeve 
type, babbitt-lined. The oil COOls as well Fig - 7°.—Water-sealed gland, 
as lubricates the bearings and then passes through oil coolers and 
back to the tanks. Sensitive control devices maintain the proper 
level in the tanks and close the main-turbine throttle in the event 


Wo/ter supp/y line 


Air at 

atmospheric 

pressure 


'-Shaft 


of the level in the tanks dropping below a predetermined point (see 
Fig. 76). 

57. Governing.—Maneuvering valves are provided for the 
ahead and astern elements; in addition, a guard valve should be 
installed in series with the regular astern valve. It is good prac¬ 
tice to place a small drain between the astern valve and guard 
valve in order to remove the condensate, which might otherwise 
get into the astern blading. It is also good practice to place some 
hand valves at the inlet of the high-pressure turbine so as to per¬ 
mit some adjustment of the first-stage nozzle area—that is, to 
permit the cutting out of some first-stage nozzles—depending 
on the load. 

The governing mechanism proper has two chief purposes, (1) 
to provide an upper limit to the speed of the turbines; (2) to shut 
off throttle steam automatically in the event of imminent failure 
of oil supply to bearings or gears. The governing system shown 
in Fig. 76 is the type supplied by the General Electric Company 






Fig. 76.—Governing system. (Courtesy of General Electric Co.) 
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and is of the oil-pump governor type. It is satisfactory and 
flexible in its operation. 

A positive-displacement gear-type pump is on the forward 
end of the low-pressure turbine shaft. It produces an oil pressure 
of an amount in accordance with a predetermined setting of the 
by-pass needle valve shown. If the speed of the turbines should 
exceed the desired maximum, the oil pump increases the pressure 
sufficiently to close the pre-emergency governor valve. In the 
same manner, if the lubricating-oil pressure should become low, 
the low-oil-pressure trip valve operates so as to close the throttle. 

The emergency operating lever shown can be used to permit 
opening of the emergency valve regardless of the governor oil 
pressure. This permits operation of the propulsion turbines even 
though lubricating-oil supply has failed. 



CHAPTER VIII 

MARINE PUMPS 


58. General. —There are five fundamental types of marine 
pumps in use today, exclusive of aspirator-type air ejectors, 
described in Chap. IX under Condensers and Air Ejection. 

1. Steam-driven reciprocating pumps, which have no rotating 
parts and have pistons. 



Fig. 77. —Steam-driven reciprocating pump. (Courtesy of Worthington Pump and Machin¬ 
ery Corp.) 

2. Motor- or turbine-driven geared reciprocating pumps with 
pistons. 

3. Centrifugal pumps including propeller-type pumps. 

4. Positive-displacement rotary-type pumps. 

5. Scoops. 

59. Steam-driven Reciprocating Pumps. —Steam-driven recip¬ 
rocating pumps consist of a steam cylinder with piston and a 
water or liquid cylinder with piston. These two pistons are 
directly connected by means of a single rod, and there is no relative 
motion between the two pistons. For this reason, such a pump is 
called direct-acting. When there is only one combination of a 
steam and a liquid cylinder, it is known as a simplex pump; in the 
case of two combinations, a duplex pump; in the case of three, a 
triplex pump. Combinations of more than three are seldom 
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assembled together. Almost invariably, they are double-acting 
(see Fig. 77). 

In marine work the assembly is generally vertical in order to 
save floor space. The general appearance and operation of these 
pumps are sufficiently familiar to render a general description here 
needless. Steam is admitted to and exhausted from the steam 
cylinder by valves of the sliding type very similar to those in the 
simpler types of reciprocating steam engines. However, there is 
this important difference. In steam engines the steam is usually 
cut off before the piston has reached the end of the stroke, and some 
energy, or work, is obtained by means of the expansion of the 
steam, the pressure falling during tins process. In the case of 
reciprocating steam-driven pumps, if the steam is cut off before 
the end of the stroke, the drop in pressure may be so great as to 
cause the total pressure on the steam end to fall below that on the 
liquid end and the piston will stall. Consequently, it is common 
practice to use nearly a full cylinder of steam at each stroke. This 
is very inefficient and wasteful of steam but is justifiable when the 
pump is small or is used intermittently or for emergencies. Gen¬ 
erally the exhaust from such pumps is used for feed-water heating, 
and so the thermal energy is mostly saved. Of course, as covered 
in the chapter on Heat Balance, there is a limit as to how much 
exhaust can be used for this purpose. 

As regards the liquid end of these pumps the valves are usually 
of the poppet type, spring-loaded so that they will close automat¬ 
ically in the event of the liquid tending to flow in reverse. For 
low-pressure cold-water service, rubber valve disks are usually 
employed. For low-pressure hot-water service, metal valve disks 
are usually employed. Metal valve disks are also used for all 
lubricating- and fuel-oil services. For all high-pressure services 
involving cold or hot water, disks made of fabric impregnated 
with phenolic-base gum are used. 

Assume the following notation: 

G.P.M. = gallons per minute for one pump. 

R.P.M. = revolutions per minute or double strokes per 
minute. 

W = pounds per hour of water pumped. 

L = length of stroke of pump, inches. 

D w = bore of water end of pump, inches. 

D s = bore of steam end of pump, inches. 
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P w = water pressure, pounds per square inch. 

P a = steam pressure (net), pounds per square inch. 
v — piston speed, feet per minute. 

The derivation of the following expressions is obvious: 


G.P.M. = 0.002TF 

L(R.P.M.) 
“ 6 


(128) 

(129) 


v to be determined from the curves in Figs. 78 and 79. 



Fig. 78.—Steam-driven reciprocating pump. Basic operating speeds with 70°F. water. 


For reliable operation, there should always be 50 per cent 
margin of pressure of the driving over the driven side, or 


©ffi' - >•* 

(130) 

This 1.5 is the minimum value. 


G.P.M. = 0.00645DJL (R.P.M.) 

(131) 

G.P.M. = 0.0385Z>> 

(132) 


This is the delivery to be expected from any double-acting 
reciprocating pump and includes volumetric efficiency, together 
with area loss due to rod, amounting to 94.5 per cent. 
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In specifying the size of a reciprocating steam-driven pump, 
three figures are given to cover size of steam cylinder, water 
cylinder, and stroke in the order given. Thus a pump specified 
as duplex 13 X 8 X 18 would indicate a pump containing two 



combinations of cylinders with a 13-in. diameter steam cylinder, 
an 8-in. diameter water cylinder, and an 18-in. stroke—in short, 
D a XD w XL. 

The performance to be expected from steam-driven reciprocat¬ 
ing pumps is shown from the curves in Figs. 78 and 79. It will 
be noted that one covers basic speed and that it is for water at 
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70°F. For hotter water the speed must be reduced in line with 
the corrections shown on the curve in Fig. 79. 

As an example of the use of the foregoing data, suppose that 
it is required that a pump be specified to deliver 20 g.p.m. of 
200°F. water at 75 p.s.i. total head while being supplied with 
steam at 150 p.s.i. gage, 443°F., and operating at an exhaust 
pressure of 10 p.s.i. gage. 



Fig. 80 .—Steam-driven reciprocating pump mechanical efficiency. 

Assume D w = L to obtain approximate size. This is a good 
proportion for a steam pump. Make duplex for smooth action, 
n P M 

2 = 0.00645D£L (R.P.M.) (131) 

2 % = 0.00645L 3 (R.P.M.) 

L 3 (R.P.M.) = 1550 

In the curves, Figs. 78 and Fig. 79, 

1 

L 3 (R.P.M.) = ~~ = 2370 

when corrected for water temperature. This corresponds very 
closely to L — 3)4 in. 

P . = 150 - 10 = 140 lb. 
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Therefore the pump should be 

3 X 3.5 X 3.5 


Choose the nearest standard size. 

What should be the steam consumption when pumping 20 
g.p.m. at 75 p.s.i. total head? Assume 3 X 3.5 X 3.5. 

In the curve, Fig. 80, 


Water hp. 


(G.P.M.) (lb. total head) 
1715 _ 


20 X 75 
1715 


0.875 


(133) 


3 Yi in. stroke, efficiency = 50 per cent. 

I.H.P. = ~ = 1.75 


0.50 


Two cylinders, duplex pump 
1.75 


2 = 0.875 hp./cylinder 

PLAN 


= 0.875 


198,000 

L = 3M 

A = (0.7854) (3.5) 2 = 9.6 

— 1 = 0.00645.D£L (R.P.M.) 

10 = (0.00645) (3.5) : *(3.5) (R.P.M.) 

R.P.M. = 36 = N 
P X 3.5 X 9.6 X 36 


198,000 


= 0.875 
P = 143 


This is the mean effective pressure; and since the exhaust is 
at 10 lb. gage, the actual pressure in the cylinder is 

143 + 10 = 153 lb. gage 

This is close enough to the throttle pressure. The supply steam 
at 150 lb. gage 443°F., 1243.4 B.t.u. per lb. would have a specific 
volume of 3.1 cu. ft. per lb. (see Steam Tables). 
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Steam volume/min. 

v 

V 

Steam volume/min. 
Total steam 


D 2 

0.7854 77 ^ v 
144 

G.P.M. „ , . . 

0.0385 Dl X 2 ( ' for du P Iex ) 

20 

(0.0385) (3.5) 2 (2) = 21,3 
(0.7854) (3) 2 (21.3) (2) 


144 


= 2.1 


2.1 


X 60 = 40.6 lb./hr. 


What should be the steam consumption for this same pump 
when operating against a 50-lb. total head? 


Water hp. 

Efficiency 

I.H.P./cylinder 

PLAN 

198,000 

L 

A 

. G.P.M. 
2 

10 

R.P.M. 
P X 3.5 X 9.6 X 36 
198,000 

P 


20 X 50 


1715 
50 per cent 
0.583 


= 0.583 


.50 X 2 
0.583 


= 0.583 


3.5 

9.6 

0.00645DJL (R.P.M.) 

(0.00645) (3.5 ) 3 (R.P.M.) 

36 = N 


0.583 

95 


The pressure in the cylinder should be 95 + 10 = 105 lb. gage; 
therefore, the steam must be throttled considerably in order to 
obtain this performance. 

G.P.M. 

v “ 0.0385 Dl X 2 

v = (0.0385) (3.5) 2 (2) = 21,3 ft -/ min - 
Steam volume/min. - C0. 7 854) (3^(21.3) (2) _ ^ 

Specific volume of 105 lb. gage steam at an enthalpy of 1243.4 
B.t.u. per lb. is approximately 4.3 cu. ft. per lb. 
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Therefore, 

Total steam = ^ X 60 = 29.3 lb./hr. 


60. Motor- or Turbine-driven Reciprocating Pumps. —Motor- 
driven reciprocating pumps are almost the same as the direct- 
acting pumps except that the steam end is absent, being replaced 
by crank and connecting rods. These pumps are usually single- 
acting and, except in the very small sizes, have more than one 



: If secondary chain, belt or gear drive is wsedh 

- decrease efficiency by 3 percent. For double | 

- redaction gearing,decrease efficiency by 
-5 per cent 

(G.p.m)(Lbs.p.s.i.total head)f 
n o rse p °wer = i ; t m m ttt . 

80 100 120 140 160 180 200 220 240 260 

Water horsepower 


Fig. 81 .—Motor-driven reciprocating pump mechanical efficiency. 



Stroke, inches 

Fig. 82.—Motor-driven reciprocating pump basic operating speed with 70°F. water. 

cylinder. If only one cylinder is used, the variation in torque 
required by the pump over a complete cycle is so great as sometimes 
to require the installation of a motor of greater size than would be 
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otherwise required. The efficiency to be expected from such 
pumps is shown on the curve, Fig. 81. In order to apply a lighter 
and cheaper motor of higher speed, chain, belt, or gear drive must 
be used, and this entails approximately 3 per cent more loss. 
Conservative operating speeds are shown on the curve, Fig. 82. 
In some marine applications where weight saving is most essential, 
these speeds may be exceeded. It should be borne in mind that 
increased speed is accompanied by lower efficiency and higher 
maintenance. 

This type of pump is rarely used today in marine service except 
in those cases where the load is so small that a centrifugal pump 
for the same service would have prohibitively low efficiency. 
This will be discussed further under Centrifugal Pumps. The 
motor-driven reciprocating pump is very efficient, and the added 
complication of the many parts is justifiable in the small sizes 
where the more simple centrifugal pumps cannot compete as 
regards efficiency. This is generally true on small ships only 
(see Fig. 83). 

As an example of the use of the foregoing data in specifying a 
reciprocating motor-driven pump, take the case of a feed pump 
required to deliver 50 g.p.m. of 235°F. water with a discharge 
pressure of 575 p.s.i. 

Assume D w = L/2 in order to obtain approximate size. This 
relationship is not essential but makes for good symmetrical 
design. 

Take three cylinders, single-acting. 

G.P.M. = 0.00645D£L(R.P.M.) X H (131) 
2 * - 5 ° = 0.00645 j (R.P.M.) 

L 3 (R.P.M.) = 20,660 
See the curve, Fig. 79. 

Correction to be made for 235°F. water is 63.5 per cent. In 
the curve, Fig. 82, 

L 3 (R.P.M.) = Mp = 32,500 

This corresponds very closely to 8.25 in. stroke, R.P.M. = 60, 
D w = 4.25 in. 

4K X 8}i pump, 60 X 0.635 = 38 r.p.m. operating. 
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Apply 1750-r.p.m. motor with double-reduction gearing. 

(G.P.M.)(lb. total head) 


Water hp. = 


1715 


(133) 


Assume suction pressure is atmospheric or 15 lb. abs. There¬ 
fore, total head would be 590 lb. abs. — 15 lb. abs. = 575 lb. 

Water hp. = ( 5 ?ifJ 5) = 16.8 


1715 


In the curve, Fig. 81, 


Efficiency = 76 — 5 = 71 per cent 


Horsepower input 


16.8 

0.71 


= 23.7 


Install 25-hp. motor. (This same problem will be worked out 
for a centrifugal pump in the following section.) 

61. Centrifugal Pumps.—The centrifugal pump is a type that 
converts mechanical energy to fluid pressure or potential energy 
through a transition stage of fluid velocity, or kinetic energy. 
It differs from the reciprocating pumps discussed heretofore in 
that the reciprocating pump does not take the fluid through a 
kinetic-energy stage. 

The centrifugal pump, which, as will be demonstrated, is a 
high-speed device and contains only one moving part, is conse¬ 
quently cheap, light, and reliable and requires relatively little 
space. In view of this, it has almost wholly replaced the recipro¬ 
cating type in the larger capacities. 

The theory of operation of the centrifugal pump is simply 
outlined in Fig. 84. The center of the rotor, where the fluid 
enters, is known as the “eye.” If a given amount of fluid enters 
this eye and progresses radially outward, it will, for a given inside 
diameter of the eye, have an outward absolute velocity of Vi. 
If the rotor is revolving at a given r.p.m., any point on the diameter 
of the eye will have an absolute velocity of U\. The vector differ¬ 
ence of V! and u i will result in Ri, which is the velocity of a particle 
of the fluid relative to the rotor at that point. The angle of Ri 
will fix the entrance angle of the impeller blade. 

Assume, for the time being, that this pump is to have impeller 
blades inclined backward as shown (this feature will be discussed 
later); then the value of R 2 , the relative velocity of the fluid leaving 
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the rotor or impeller, will depend upon the increase in area of the 
passage through the impeller. It must necessarily be smaller 
than 22 1 because the diameter is greater at this point and the 
fluid is of the same density. (This theory holds good for air when 
the changes in pressure are a matter of inches of water—insufficient 
appreciably to change the density.) However, u 2 , the absolute 



velocity of a point on the impeller at the outside diameter, has 
increased above u { proportionate to the increase in diameter. 
Therefore, v 2 , the absolute velocity of the fluid leaving the impeller, 
is the vector sum of R 2 and u 2 and is considerably greater than v i. 

The kinetic energy of the fluid entering is 

x Amv\ 

The kinetic energy of the fluid leaving is 

y 2 mv\ 

This gain in energy has, of course, been supplied through torque 
at the impeller shaft. 

It is now desirable to convert this kinetic energy to potential 
energy. According to Bernoulli’s theorem, the velocity head plus 
the pressure head of a fluid must remain a constant quantity if 
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there are no losses. Therefore, the fluid is carried through a 
stationary passage of gradually increasing section, which causes 
the fluid to decrease in speed, the velocity head thereby changing 
to pressure head. 

It should be mentioned here that the changing of pressure head 
to velocity head is a very efficient process. Conversely, the change 
of velocity head to pressure head is much more difficult and cannot 
be accomplished so efficiently. 



Fig. 85.—Assembly of diffusing vanes with volute. 


There are two methods of converting this velocity head created 
by the impeller, one by means of diffusing vanes (see Fig. 85) and 
the other by means of a “scroll,” or volute (see Fig. 84). Where 
diffusing vanes are used, it is necessary that they be so arranged 
that the entrance of v 2 is at the proper angle; otherwise, there 
will be excessive turbulence and loss. Naturally, the position of 
v 2 will change if the load on the pump changes; therefore, it is 
inadvisable to apply diffusing vanes unless there is some assurance 
that the load will be fairly constant. However, the diffusing vanes 
have the advantage of being somewhat more efficient because there 
is not so much turbulence as in the case of a volute. Diffusing 
vanes are more expensive. 

The scroll, or volute, is effective at almost all loads because the 
turbulence is not affected so much by a change in the entrance 
angle of v 2 . This is one of the reasons it is popular in marine 
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applications. Another reason is that a pump manufacturer can 
use one volute design (it is the more expensive part of the pump) 
for a great many different impeller designs and thereby obtain a 
wide range of performance without having to carry so many 
varieties of volutes in stock and with little sacrifice of efficiency. 
This is sound engineering economy and constitutes a consideration 
not to be ignored by the pump operator. 



Fig. 86.—Approximate relative impeller shapes and efficiencies variations with specific or 
basic speed. ( Courtesy of Worthington Pump and Machinery Corp.) 


As regards the design of the impeller, in view of the foregoing 
it is obvious that, the greater the difference in diameter between 
the eye and the outside, the greater will be the pressure obtained. 
Also, the higher the r.p.m., the greater will be the pressure. It is 
obvious that, the wider the space between the walls or shrouds of 
the impeller, the greater will be the delivery volume in g.p.m. 
For low pressures and high volumes, it is generally better to make 
the impeller of the propeller type, the design changing from 
centrifugal to propeller type as the service changes, as shown in 
Fig. 86. 

Where higher pressures than can conveniently be attained by 
one impeller are necessary, it is common practice to run the fluid 
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Fig. 87. —Section through main condensate pump (two stage). (Courtesy of Worthington 

Pump and Machinery Corp.) 
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through several impeller and diffuser combinations in series, 
thereby raising the pressure in stages. If the several impellers are 
strung on one shaft, this is known as a “multistage” pump and 
each impeller and diffuser combination is known as a “stage.” 

Further reference to Fig. 84 will show that the fluid must enter 
the eye of the impeller at such a velocity as to result in v x radially. 
This means that the fluid must have an entering velocity head. 
It can be readily seen that if v x is very small the entrance angle of 
the impeller blade, or vane, will be unpractically flat or sharp 
unless Mi is correspondingly small. 

In other words, pumps working on fluids with low suction heads 
must necessarily operate at low speeds. An example of this is 
condensate pumps or feed booster pumps. These pumps are funda¬ 
mentally required to operate at low speeds (see Fig. 87). On the 
other hand, main feed pumps which can be fed with water dis¬ 
charging from a booster at 50 to 80 p.s.i. can be designed to operate 
as high as 8000 to 10,000 r.p.m. and with several stages (see Fig. 88). 

One of the attendant advantages of the centrifugal pump is 
that, since it is inherently a high-speed device, it lends itself well 
to being driven by either steam turbines or electric motors, them¬ 
selves inherently high-speed devices and well adapted to marine 
service. 

As to whether the impeller blades, or vanes, should be inclined 
backward from the direction of rotation, or forward or without any 
inclination at all, refer to Fig. 89. First the backward inclination, 
or that assumed in Fig. 84, will be discussed. 

In Fig. 89, if the discharge valve from the volute is closed, no 
fluid will flow and v 2 will be zero, as will R 2 . A particle of fluid at 
the outer rim of the impeller will be travelling at the absolute 
velocity u 2 . Since kinetic energy is the kinetic energy of 

this particle will be Since this energy must show as 

potential energy on a pressure gage, the pressure at the discharge 
of the pump must be proportional to u\. If, now, the discharge 
valve from the volute is slightly opened, fluid will start to flow. 
R 2 being in the direction it is, owing to the backward-inclined 
blade, will, when combined vectorially with u 2 , result in a value 
of v 2 slightly smaller than u 2 . Therefore, owing to the ^mv 2 con¬ 
sideration previously mentioned, the discharge pressure will drop 
somewhat as the flow through the pump starts. As the valve is 
further opened, this effect increases and the discharge pressure 
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should theoretically decrease as the pump discharge increases. 
The actual tests on such a pump result in a performance approxi¬ 
mately as shown in Fig. 89. Of course, when the discharge volume 
is zero, the efficiency is zero and, when the discharge pressure is 
zero, the efficiency is zero. The efficiency curve therefore goes 
from zero to zero, taking a path somewhat as shown. 



Fig. 89.—Blade inclination of centrifugal pumps (actual performance shown on curves 

at right). 


The radially straight, cr ‘‘paddle-wheel,” type of blade will 
now be discussed. For the reasons given before, the discharge 
pressure with discharge valve closed will be proportional to u\. As 
the discharge valve is opened, R 2 takes a slight value above zero 
and v 2 results. v 2 is only slightly larger than u 2 ', and as the dis¬ 
charge valve is opened, the theoretical pressure rises slightly as 
the volume increases. Actual tests on such a pump result in a 
performance approximately as shown in Fig. 89, that is, the drop 
in pressure from the ideal is sufficient to cause a net falling off in 
pressure as the discharge volume increases. However, it is very 
close to constant. This might appear to be a desirable type of 
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pump, and it would be, were not the efficiency poor as compared 
with that of the backward-inclined blade. One important advan¬ 
tage of this type is that it can be operated with equal efficiency 
and performance in either direction; however, this is of no impor¬ 
tance in marine work. 

The forward-inclined blade will now be discussed. For the 
reasons given before, the discharge pressure with discharge valve 
closed will be proportional to u\. As the discharge valve is opened, 
Hi takes a slight value above zero and v 2 results. v 2 is larger than 
u,; and as the discharge valve is further opened, v 2 continues to 
become increasingly larger than u 2 and the result is a theoretical, 
or ideal, rise in pressure. Actual tests on such a pump results in 
a performance approximately as shown in Fig. 89, the pressure 
rising as the discharge volume increases. The efficiency, however, 
is not so good as that of the backward-inclined blade. 

However, even if the efficiency of the forward-inclined blade 
compared favorably with that of the backward-inclined blade, the 
unstable operating characteristic would render it impractical. For 
instance, if the pump is operating at steady load and some slight 
resistance should occur in the line, the volume would momentarily 
decrease. There would immediately be reduction in pressure and 
a corresponding further reduction in volume. This action would 
result in the pump unloading completely and then picking up the 
load again, with consequent surging and hunting, which, with an 
inelastic fluid like water, might result disastrously. It may be 
mentioned at this point that some blowers, or fans, are made with 
these forward-inclined blades but, owing to their instability, are 
losing popularity. 

The backward-inclined blade is practically the only type built 
today for pumps. The shape of the performance curves lends 
great stability and absence of surging. 

Assume the following symbols: 

Q = volume of fluid delivered, g.p.m., c.f.m., or any suitable 
unit. 

D = diameter of impeller, any unit. 

N = r.p.m. 

H = discharge pressure, any unit. 

Assume a pump of certain proportions, and call it pump 1. 
Assume another pump of the same proportions, that is, geo¬ 
metrically similar, but larger or smaller, and call it pump 2. 
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The fluid passages through these pumps would have areas 
proportional to the squares of the linear dimensions; and if the 
fluid velocities were kept constant, then 

Qi _ , _ Q‘> 

D\ ~ const ' ( ~ D\ 

Iii other words, for geometrically similar pumps operating at 
the same fluid velocities, 

Q_ 

D 2 


= const. 


In the same manner, in order to operate at the same velocity, 
the peripheral velocity must be constant, or 


Therefore, 


D iNi = const. = D 2 N 2 

Qi _ A Q2 


or 


or 


DID.N, 

Qi 

D\N 1 


= const. = 


= const. = 


DID 2 N 2 

Q 2 


DIN 


2^2 


Q 

= const, for all geometrically similar pumps 

As has already been demonstrated, the discharge pressure is 
proportional to the square of the peripheral velocity, or 

D\N\ . D\N\ 

= const. = - 


H ! 


H 2 


or 


or 


D 2 N 2 

H 

1DN 
\/H 


= const. 


= const. 


Therefore, 

Q 


dWh 


= const, for all geometrically similar pumps 


or 


VQ 


D </H 


= const, for all geometrically similar pumps 



170 


MARINE ENGINEERING 


[Chap. VIII 


Two constants multiplied result in another constant, or 

VQ DN N Vq 

DVH X VH H* 

= const, for all geometrically similar pumps 

Therefore the term N \/Q/H 3/i is a measure of basic r.p.m. 
This term is known as “basic” or “specific speed” and is constant 
for all geometrically similar pumps. 


N b 


n vq 
</ip 


(134) 


In similar manner, the term D /V Q is a measure of basic 

diameter. This term is known as “basic” or “specific diameter” 
and is constant for all geometrically similar pumps. 


D h 


_ D </H 

Vq 


(135) 


Since for a given set of values for Q, H , D, and N, all being 
actual values, a corresponding basic speed and basic diameter can 
be calculated, it also follows that if one pump has a certain effi¬ 
ciency under these operating conditions a geometrically similar 
pump will have the same efficiency under the same basic conditions 
because fluid velocities and all other factors affecting efficiency 
will be the same for these basic conditions. Therefore, each corre¬ 
sponding basic diameter and basic speed will have also a basic 
efficiency corresponding. 1 Since efficiency is dimensionless, being 
only a ratio, the term “basic” can be dispensed with and the term 
“efficiency” used. 

In view of the foregoing, if a performance test is run on a given 
pump, measurements being taken of delivery volume, discharge 
pressure, r.p.m., and efficiency, a curve of “basic performance” 
can be drawn, N b and D b being determined by substituting in the 
expressions 


N b 


nVq 

VlP 


and 


D VH 
b ~ VQ 


1 Motion of water at the boundary layer is a function of absolute size rather than 
scale of model; consequently, larger models will show slightly higher efficiency than 
smaller, but the difference is not great. 
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Such a curve is shown in Fig. 90. It should be noted that, from 
this basic curve, the performance of this pump or of any geo¬ 
metrically similar pump can be predicted at any speed, pressure, 
or delivery. As is obvious, the point of optimum efficiency can 
be obtained; also, new pumps can be designed to obtain desired 
performance. 

This relationship does not always hold ideally and exactly, the 
deviation being due to the viscosity of the fluid. Pumps handling 
viscous fluids such as fuel oil do not follow the law as well as do 



N B =Basic speed, r.p.m 


Fig. 90.—Fire and flushing pump. Basic performance with sea water. Maximum 
peripheral speed 10,000 ft. /min. Curve A derived from 504b. test. Curve B estimated 
for 1004b. performance. Curve C derived from 1504b. test. When pump is to be used 
for two pressures, design for the high pressure using curve C; then work out performance 
for low pressure using curves B or C. Units are inches, p.s.i., r.p.m., and hundreds of 

g.p.m. B.H.P. = 


water pumps, and air pumps (blowers and fans) follow the law 
closest of all. 

It is much more convenient and accurate to use the relationship 
just described to estimate the performance of pumps (or blowers) 
at changed load than to use the one often formulated as follows: 

R.P.M.i G.P.M.i VTT Vpoweri 

R.P.M. 2 ~ G.P.M. 2 “ VF 2 ~ A^WiF 2 [ ’ 

While the relations for varying conditions have been specifically 
set down, it should be borne in mind that they do not function 
independently and that each varies simultaneously with the change 
of any one of the others. For instance, if the head Hi changes, 
g.p.m., r.p.m., and power change too. 












Basic diameter, inches 
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As an example of the use of the basic relationships, assume that 
a flushing pump is to be specified. The pump is to have a rated 
capacity of 1000 g.p.m. at a discharge pressure of 50 p.s.i. The 
pump is to be motor-driven at 1750 r.p.m. 



First, the performance of a satisfactory flushing pump 
replotted in basic units as shown on Fig. 90. 

Q = 10 (hundreds of g.p.m.) 

H = 50 p.s.i. 

N = 1750 r.p.m. 


N b 


NVQ 

m 


1750 VlO 

50 ^ 


294 


is 


In the curve, Fig. 90, 


D b = 12 


D = 


D b VQ 

</H 


e = 77.5 
12 VlO 
\/50 


per cent 
= 14.3 in. 





















Efficiency at rated capacity 
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This should be the outside diameter of the impeller, and all 
other dimensions should be in proportion according to the “model” 
pump tested. 


B.H.P. 


HQ 50 X 10 
17.2e 17.2 X 0.775 ~ 


Install a 40-hp. motor. 

It so happens in this particular case that the operating speed 
necessary, 1750 r.p.m., resulted in the basic speed for optimum 
efficiency. 



As an example of how the same pump performance can be 
obtained at higher speed with a smaller pump and motor but at 
some sacrifice of efficiency, assume that it must run at 3500 r.p.m. 


3500 VlO 
JSh ~ 50 % 


588 
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In the curve, Fig. 90, 


D 


Dj, = 8.5 e = 70 per cent 
_D b VQ _ 8.5 VlQ _ 


B.H.P. = t ~ 


'v / 50 

no v in 


in. 



Per cent of rated capacity 

0 0.5 1.0 1.5 20 2.5 3.0 

Rated capacity, hundreds or thousands of gallons per minute 

Fig. 93.—Low-head centrifugal-pump efficiencies. 

As has been mentioned, this same method can be applied to 
fans or blowers. Figure 91 shows the basic performance of a very 
good blower. 

In working up the heat balance of a ship in order to specify 
the sizes of auxiliaries and pumps and to determine economy, it is 
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not justifiable to go too deeply into the pump design at this early 
stage. For help in this preliminary work, the curves, Fig. 92 to 
Fig. 100, are offered. These curves permit the approximate 
determination of the power necessary at the fractional loads at 
which they will be operating. The method of use of these curves 



Fig. 94.—Main-circulating-pump efficiencies, propeller type. 


is obvious. Later, in the chapter on Heat Balance, their use will 
be demonstrated in detail. 

The reader should refer back to the reciprocating motor-driven 
feed pump which was worked up. This same performance will 
now be obtained in a centrifugal pump. 

50 g.p.m. delivery required. 

575 p.s.i. total head. 

In the case of these relatively high pressure centrifugal feed 
pumps, 10 per cent of the capacity should leak from the gland and 
be recirculated. Therefore, in this case a 60-g.p.m. pump should 
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Fig. 95.—Fuel-oil booster-pump efficiencies, rotary or constant-displacement type. 



Per cent of rated capacity 

0 100 200 300 400 500 600 

Rated capacity,gallons per minute 


Fig. 96.— Condensate-booster or feed-booster pump efficiencies, centrifugal type. 
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be applied, and the actual delivery would be 60 — 6 = 54 g.p.m. 
at full capacity. 



Fig. 97.—Fuel-oil service-pump efficiencies, rotary or constant-displacement type. 


In the curve, Fig. 92, 


Water hp. 


(60) (575) 
1715 


20.1 


Rated efficiency = 33 per cent 


Horsepower input = 


20.1 

0.33 


61 


Install 75-hp. motor. 
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In the case of the reciprocating pump, only a 25-hp. motor was 
necessary. Obviously, the centrifugal type cannot compete in 
these small sizes. This is obvious from the curves, Figs. 92 to 100. 

In determining the total head required of various pumps 
throughout the ship it has been found to be good practice to have 



Rated capacity, gallons per minute 
Fig. 98.—Condensate-pump efficiencies, centrifugal type. 


the condensate pump capable of a total head of 75 lb. This is 
usually sufficient to force the condensate through any drain coolers, 
inter- and aftercoolers, and feed heaters into the deaerating feed 
heater, which is placed at a high level and may have a pressure 
within itself as high as 10 lb. gage. This applies to both turbo¬ 
generator and main condensate pumps because they work in 
parallel. 
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Circulating pumps are usually capable of 10 lb. total head. 
Fire pumps should be capable of 125 lb. total head. 

Flushing pumps should be capable of 50 lb. total head. 
Condensate booster or feed booster pumps should have a dis¬ 
charge pressure of 50 to 80 lb. pressure regardless of what the 
suction pressure is. 



Fig. 99.—Flushing-pump efficiencies up to 1000 g.p.m. capacity. Centrifugal type. 


All the foregoing values are fairly well fixed regardless of the 
steam pressure of the ship. However, in the case of the main feed 
pumps the discharge pressure is determined by the boiler-drum 
pressure. A satisfactory method of determining this is to add the 
following values to the boiler-drum pressure in order to arrive at 
the feed-pump discharge pressure. 

Check-valve pressure drop = 50 lb. 

Economizer drop =16 lb. 

Line and valve drop = 5 per cent of drum pressure 
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In short, the discharge pressure of the pump should be 

Pd = l*05Pboiler + 50 + 16 

= 1.05-iP boiler + 66 

Of course, if there is no economizer this can be reduced by 
16 lb. If there is a feed heater ahead, pressure must be increased 
accordingly. 



Rated capacity, thousands of gallons per minute 

Fig. 100.—Flushing-pump efficiencies, 1000 to 10,000 g.p.m. capacity, centrifugal type. 


62. Rotary Wet-vacuum Pumps. —There is probably one type 
of important pump which is not truly a centrifugal pump yet which 
should be mentioned under the heading of centrifugal pumps, and 
that is the rotary wet-vacuum pump. This is a device which, by 
means of slightly forward curved blades carries a belt of water 
around in an oval-shaped stationary casing (see Fig. 107). 

63. Rotary-type Pumps (Positive Displacement). —Rotary 
pumps are of the positive-displacement type; that is, when the 
pump rotates, fluid must move (unless there is excessive leakage) 
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or the pump will break just as in the case of a piston pump. This, 
as has been demonstrated, is not the case with a centrifugal pump, 
which also rotates. 

Rotary pumps usually have no valves and are, in other respects, 
similar to centrifugal pumps in that there are no reciprocating 
parts. 



Fig. 101. Fig. 102. 

Fig. 101.—De Laval two-stage main condensate pump, 80 g.p.m., 75 p.s.i., from 1.5 in. 
Hg abs. 

Fig. 102.—De Laval bilge pump, 925 g.p.m., 28 p.s.i. 


In marine practice, they are used only for oil and other such 
viscous fluids and are particularly suited to pressures up to 400 p.s.i. 
They require the maintenance of very close clearances between 
relatively moving surfaces if the volumetric efficiency is to be 
maintained. This is not so difficult to do when oil is pumped 
because the surfaces are thereby automatically lubricated. Also, 
the natural viscosity of the fluid tends to prevent excessive leakage. 

There are many different types of rotary pump, some incor¬ 
porating guided vanes, some with swinging vanes, and so on. The 
ones of importance in marine work are the eccentric-piston type 
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Fig. 105.—Worthington ballast and bilge pump section. 
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Rotation is clockwise 


Fig. 107.—Principle of operation of the Nash Hytor compressors and vacuum pumps. 

A rotor (5) in hydraulic balance revolves freely without contact in an elliptical casing 
(6) containing a liquid, usually water (4). This rotor (5) is a circular casting consisting 
of a series of blades that project from a cylindrical hub to form pockets or chambers. 
Openings at the bottom of each chamber, register with inlet and outlet ports (1) in a cone- 
shaped casting that fits, without contact, into the rotor hub. 

Starting at point A the chambers are full of water. The water turning wfith the rotor 
and constrained to follow the casing (7) by centrifugal force alternately recedes from (4) 
and is forced back into the rotor (3) twice in a revolution. As the water recedes from the 
rotor (7) it draws air from the pump inlet into the cone, through the cone inlet port and 
into the rotor by means of the openings in the bottom of the rotor chambers. When the 
water is forced back into the rotor by the converging casing the air is discharged through 
the openings at the bottom of the rotor chambers, through the cone outlet ports and out 
the pump discharge. 



Fig. 108.—Rotating plunger pump. 
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such as that shown in Fig. 108, sometimes called the rotating- 
plunger type; the gear type, shown in Fig. 109 A and 1095; and 



Fig. 109A.—Worthington gear pump. 


the screw type shown in Figs. 110 and 111. All these pumps have 
about the same efficiency; and the curves, Figs. 95 and 97, may be 
used to estimate the performance in preliminary calculations 

regardless of what type is finally 
chosen. 

64. Scoops.—A “scoop” in 
marine propulsion parlance is a 
hole in the hull below the water 
line into which sea water will flow 
owing to the forward motion of 
the ship. This water is piped to 
the condensers and thus used for 
cooling. Of course, not much 
pressure of water can be obtained 
in this manner; but, in the case of 
a single-pass condenser, not much 
pressure is required. In the 
earlier scoops a lip was made to project below the plating of the 
hull in the form of a scoop, and this was how the device got its 
name. However, it was later found that the lip merely added to 
the propulsive resistance of the ship without adding to the pump¬ 
ing effect, so that present-day scoops are merely holes with an 
inclined pipe therefrom. 
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The argument in favor of the scoop is that the pumping power 
is obtained from a very efficient low-water-rate turbine, namely, 
the main propulsion turbine, whereas otherwise a low-efficiency 
small turbine would ordinarily be used. Experience has proved 
this to be something of a fallacy. Even if the efficiency of the 
circulating pump turbine is low, the losses appear in the exhaust, 
which is used for feed-water heating. Also, if the pump is motor- 
driven, the turboelectric generator that supplies the power is not 



Fig. 110.—De Laval Imo screw pump. 


of such low efficiency. Furthermore, recent model tests have dis¬ 
closed that scoops add considerably more to the resistance of the 
hull than was first thought. 

In any event, the scoop is ineffective at very low speeds and in 
reverse. Therefore, a small circulating pump must be installed 
to care for these conditions. This complicates the main circulat¬ 
ing-water piping somewhat, and it is very large piping anyway. 

In view of these considerations, the present-day tendency is 
away from scoops. 

65. Conclusion. —It should be clearly understood that the 
curves showing performance of various types of pump of various 
capacities and at various percentages of load are for preliminary 
estimating purposes only. After a pump type and size have been 
chosen, based on these curves, actual performance data should be 
obtained from the pump manufacturer and these data used to 
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work up a final heat balance or whatever type of calculation is 
under way. 

The determination of the sizes of the various pumps and 
auxiliaries is a fairly direct process when the pump is part of the 
true propulsion equipment, such as a feed pump or a fuel-oil serv¬ 
ice pump. In such cases, the amount 
of feed water or of fuel oil to be pumped 
is determined directly from the heat- 
balance calculations. All this is dis¬ 
cussed in the chapter on Heat Balance. 

However, there are other important 
pumps that have nothing directly to do 
with propulsion, such as bilge pumps, fire 
pumps, or fuel-oil transfer pumps. 
Such pumps are dependent in capacity 
both on the hull size, or displacement, 
and the general type of ship. Some¬ 
times the power of the propulsion 
machinery has an influence. The appli¬ 
cations of such pumps are mostly based 
on experience. The following method 
of arriving at capacities for the more 
important pumps of this type is sug¬ 
gested for preliminary design purposes: 

Lubricating-oil Service Pumps .— 
These pumps must be operating at full 
capacity regardless of the speed at which 
the ship is traveling and are installed to 
care for the maximum power of the 

screw pump, i<a g.p.m., <jkj p.o.i., . . . .. n l l i* 

from 15 in. Hg abs. ship. Until a figure is available from 

the turbine manufacturer and for pre¬ 
liminary estimating, use the following expression for g.p.m. 

G.p.m. at 50 lb. total head = 36 + V(7.15)(S.H.P.) + 1300 (137) 

Sanitary, or Flushing, Pump. —1.6 g.p.m. per 1000 tons dis¬ 
placement at 85 lb. 

Fire Pump .—The size of this pump is independent of both the 
size of the ship and the propulsive power because a fire is inde¬ 
pendent of these factors. It is good practice to install at least two 
400 g.p.m. pumps with total head of 125 lb. Extra-large ships 
should have more. 
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Ballast Pump. —35 g.p.m. per 1000 tons displacement at 35 lb. 
Bilge Pump. —35 g.p.m. per 1000 tons displacement at 35 lb. 




Fuel-oil Transfer Pump.— One 225 g.p.m. pump at 35 lb. total 
head, regardless of size or power of ship. Extra-large ships may 


require more. 

Refrigeration-condenser Circulation Pump. —5 g.p.m. per each 
ton of refrigeration at 25 lb. 

Fresh-water Pump (Faucets).— 3 g.p.m. per 1000 tons displace¬ 
ment at 75 lb. 
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Fuel Oil Service Pump .—See p. 357 for method of determining 
capacity at 400 p.s.i. total head. 

All of the pressures listed are total head. 

Ice-water Circulation Pump. —0.4 g.p.m. per 1000 tons dis¬ 
placement at 20 lb. 

All the foregoing pumps listed should be of the centrifugal type 
except those for pumping oil, which should be of the rotating- 
plunger or screw or gear type. The smaller sizes of the water 
pumps may work out better, as regards efficiency, if of the motor- 
driven piston type. 



Fig. 114.—Internal construction of Nash priming valve. (Courtesy of Nash Engi¬ 
neering Co.) 

A few years ago it would have been considered very bad prac¬ 
tice to use a centrifugal pump in bilge service. Should the bilge 
be pumped temporarily dry or should the pump be stopped, the 
water would run out of the impeller back to the bilge. The pump 
would not then operate because, as demonstrated under Centrif¬ 
ugal Pumps, priming is essential and a centrifugal pump cannot 
prime itself as can a reciprocating pump. Consequently, either 
steam- or motor-driven piston pumps were always used. How¬ 
ever, since the development of the rotary wet-vacuum pump, the 
situation has changed. A control such as that shown in Figs. 112 
to 114 has been found to be very satisfactory. Should the centrif¬ 
ugal bilge pump lose its water for any reason, priming water will 
rise to the bilge pump suction owing to the suction of the vacuum 
tank shown in Fig. 112. The wet vacuum pump maintains the 
vacuum in the tank. 






CHAPTER IX 

HEAT EXCHANGERS 

66. General.—In the propulsion equipment of a ship there are 
many heat exchangers. These are devices for transferring heat 
from steam to water, water to water, steam to oil, or oil to water or 
for the generation of steam. 

Most heat exchangers on a ship are of the “surface” type; that 
is, there is no direct contact between the cold and hot fluid. There 
may be a few of the “direct-contact” type, that is, a mere tank or 
compartment where the fluids mix and there is one outlet, but 
these are used only where the fluids are water and steam. 



Fig. 115. 

The most important heat exchanger on the ship is the boiler. 
This is a surface type of heat exchanger, and heat is transferred 
from the hot products of combustion to the water inside the tubes 
or to steam inside the tubes in the case of a superheater that is 
part of the boiler. Boilers are discussed in Chap. VI. 

Other important heat exchangers are condensers, feed-water 
heaters, fuel-oil heaters, evaporators, lubricating-oil coolers, and 
drain coolers. 

In general, heat is transferred by conduction, convection, or 
radiation or by a combination of these. 

Heat flow is analogous in many ways to water flow. Tempera¬ 
ture difference corresponds to pressure difference and B.t.u. to 
gallons. 

It is not strictly true .that heat flows in only one direction, but 
the problem is greatly simplified if this is assumed, and the error 
introduced is not appreciable. Consider a conducting body as 
shown in Fig. 115. Assume the areas 1 and 2 to be maintained at 
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temperatures £1 and t 2 and that there is no heat lost or added 
between 1 and 2; then heat in B.t.u. will flow at a definite rate 
between 1 and 2 depending in amount on the resistance to heat 
flow, or the thermal conductivity, of the substance or material. 

In any case, then, the amount of heat that will flow in a unit 
time is 



(138) 


where q = B.t.u./hr. 

a = area, square feet. 

(t i — t 2 ) - temperature difference, degrees Fahrenheit. 

L = length, inches. 

k = specific conductivity of the material, B.t.u./ 
hr./sq. ft./in. 

However, since solid material is only part of the path through 
which the heat must flow, the other parts being fluid, these parts 
must be considered also. 

Consider a fluid, either liquid or gaseous, on one side of a 
solid barrier. No difference in temperature is necessary for the 
transfer of heat from a point away from the barrier to a point 
adjacent thereto because, by means of convection, that is, the 
natural circulation or flow of the fluid, a particle away from the 
barrier will flow around to the barrier and give up part of its heat 
or absorb heat. Also, if there is forced flow due to a pump or 
difference in head, the turbulence of the fluid will cause particles 
continually to come adjacent to the barrier. However, right 
at the barrier there is considerable increase in friction. That is, 
the low of the fluid past the very surface of the solid material is 
retarded owing to friction. This results in a more or less dead or 
motionless film of the fluid adjacent to the barrier. The resistance 
to flow of heat through this film is high; and, of course, the resist- 
ance depends upon the thickness of the film. In turn, the thick¬ 
ness of the film depends upon the velocity of flow of fluid past the 
surface, or the scrubbing action. The higher the velocity of flow, 
the thinner the film and the greater the transfer of heat for a given 
temperature difference. 

In all marine surface heat exchangers the purpose is to transfer 
heat from one fluid to another. This means that heat must flow 
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first through one film, then through the solid material of which 
the surface is made, and then through the other film. In the 
flow of heat through a solid, nonfluid substance, it was seen that 


2 = 


kAiti — t 2 ) 
L 


(138) 


The nature of the resistance of the substance through which the 
heat is to be transferred is k/L. 

Such an expression would also cover the nature of the film. 
Since it i£ difficult to measure the thickness of the film (or the 



Fig. 116.—Heat transfer from fluid to fluid through a solid. 


value of L ) and since k will vary with the thickness, it is general 
practice to consider the term k/L as one factor, h, in calculating 
film resistance to heat flow, or 

q = hA(ti — t 2 ) (139) 

where h = film coefficient of heat transfer, in B.t.u./hr.,/°F./sq. ft. 
Notice that film thickness does not enter into the term. 

The resistance of a fluid film as represented by 1 /h is frequently 
and most often the controlling factor in engineering problems 
involving heat transfer. 

Ordinarily, to design marine heat-transfer apparatus, the 
engineer need know only the over-all heat-transfer coefficient. 
This is made up of all the temperature drops in the following 
manner: 
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In Fig. 116, 

hi = film coefficient on No. 1 side. 

ki = specific conductivity of deposit on No. 1 side. 

Li = thickness of deposit on No. 1 side. 
k m = specific conductivity of metal of surface. 

L m = thickness of metal of surface. 
ki = specific conductivity of deposit on No. 2 side. 

Li = thickness of deposit on No. 2 side. 
hi = film coefficient on No. 2 side. 

The over-all coefficient of heat transfer would therefore be 

U = - f -p- j -y B.t.u./hr./sq. ft./°F. (140) 

hi + ki ^ k m + k 2 ^ hi 

Then the quantity of heat transferred would be 

q = UA(h - ti) (141) 

Generally the value of U is determined experimentally for a 
given combination of fluids and metal, and then this can be used 
in the design of proposed heat exchangers. Obviously, when 
tubes of small diameter are used for surface, the inside and outside 



Fig. 117. Fig. 118. 


areas are not so nearly equal so that the experimental value of U 
might be somewhat different, depending on tube size, all other 
things being equal. 

As the fluid flows through the heat exchanger, the tempera¬ 
ture changes and consequently the difference in temperature at 
varying spots will vary. This will cause the heat to transfer at a 
varying rate. There are five basic conditions of heat transfer. 

1. Hot fluid at constant temperature losing heat to a flowing 
cold fluid the temperature of which is increasing (see Fig. 117). 

Any heat exchanger in which steam is condensed, such as a 
condenser, feed-water heater, or fuel-oil heater, is of this type. 
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Obviously, the greater the amount of surface, the closer will 
the temperature of the cold fluid approach that of the hot and the 
less effective will be the surface per unit area. 

2. Cold fluid at constant temperature receiving heat from a flow¬ 
ing hot fluid the temperature of which is decreasing (see Fig. 118). 



Fig. 119. Fig. 120. 


The most common example of this type is the steam boiler 
in which evaporation is taking place at constant temperature as 
the hot combustion gases cool off while flowing through. 

3. Hot and cold fluids both flowing in the same direction, 
their temperatures approaching equality as they progress (see 
Fig. 119). 

No heat exchanger should be operated ir this manner, as will 
be explained later. 

4. Hot and cold fluids flowing in opposite directions to each 

other, heat being transferred the while, the exit temperature of 
each fluid approaching the entering temperature of the other as 
they progress (see Fig. 120). *---^ 

Drain coolers and other such heat + a 

exchangers in which neither evaporation - f 

nor condensation takes place should ** Areoi ^ 

follow this principle. Fig - m * 

5. Hot fluid at constant temperature losing heat to a cold 
fluid at constant temperature (see Fig. 121). 

Almost all evaporators such as make-up feed evaporators or 
salt-water evaporators are examples of this type. 

Notice that, in all these types of heat transfer, there is an 
initial temperature difference and a final, or exit, temperature 
difference. Obviously, the effective temperature difference is 
some value between these two. It can be proved (see any good 
book on heat transfer) that this effective temperature difference, 
for most types of heat transfer, is what is known as the log mean 
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temperature difference, or 



l^Se (fc/ tb) 


(142) 


t m should be used for the value (ti — t 2 ) in the foregoing expressions 
covering heat transfer. 


CONDENSER STEAM INLET 



Fig. 123.—Condenser construction—smaller sizes. (Courtesy of The Elliott Co.) 


The amount of heat surface required to transmit a given 
amount of heat per unit of time in the case of counterflow , or 
in the case of fluids flowing in opposite directions in the heat 
exchanger, is considerably less as compared with that in the 
case of parallel flow. This can be proved mathematically and 
rigidly. Space is not available for such a proof in this book, 
but it can be found in any good book on heat transfer. However, 
a calculation to determine the amount of surface in each case will 
be convincing. 

67. Condensers and Air Ejection.—Next to the boiler, the 
most important heat exchanger on a ship is the main condenser. 
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FROM CONDENSATE 
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This is a heat exchanger of the shell-and-tube type (see Figs. 122 
to 125). It operates on the principle of a hot fluid at constant 
temperature losing heat to a flowing cold fluid the temperature of 
which is increasing. 

Condensers generally operate at less than atmospheric pres¬ 
sure and thus are subject to leaks of air from the outside. Air is a 
noncondensable gas at ordinary condenser pressures; therefore, 
if it were not removed, it would soon fill the entire condenser and 
block off the surface from the entering steam and the condenser 
action would be lost. 

In times past, a so-called “wet air pump” was used to remove 
both air and water from the condenser, but such devices are 
inefficient and heavy and are now obsolete. 

Generally, a centrifugal type of condensate pump, submerged, 
is used to remove the water. Air is removed separately by an 
additional device working on the aspirator principle. Saturated 
steam at a pressure between 400 and 150 p.s.i. gage is expanded 
through a nozzle and thereby increases in velocity. As the high- 
velocity steam leaves the nozzle, it enters a space containing air 
and water vapor at condenser pressure. This mixture is entrained 
by the high-velocity steam and all enters a diffuser, or device 
for changing velocity head to pressure head much as does the 
diffuser, or volute, on a centrifugal pump (see Fig. 126). 

Thus the ejector acts as a compressor, and the pressure at 
the outer end of the volute is higher than at the point where the 
nozzle is installed. However, unless this compressed steam is 
removed, it would soon fill the chamber, the pressure would 
rise, and no more mixture would flow in. This steam is removed 
by condensing it. It is condensed by impinging on tubes con¬ 
taining cold water or condensate from the condenser from which 
the ejector is evacuating air. This condensed ejector steam 
then flows back to the large condenser by means of a pipe through 
a trap or U tube or some such equivalent device that will permit 
only water to pass. 

The air brought over is, of course, not condensed. The pres¬ 
sure in the chamber where this first-stage ejector motive steam is 
condensed (often called the “intercooler”) is at a pressure of 
approximately 4 or 5 in. of mercury absolute. Therefore, another 
nozzle-and-ejector assembly is installed here, the remaining air 
and water-vapor mixture being compressed thereby and forced 
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up to atmospheric pressure. This last mixture could be ejected 
into the machinery space in the ship; but this would result in 
fogging the space, and also much valuable feed water would be 
lost as well as the heat it contained. Therefore, a second ejector 
condenser (often called an “aftercooler”) is installed, using for 
cooling, the feed water that has just passed through the first-stage 
condenser, or intercooler. 

The temperature of the drain leaving the intercooler is usually 
approximately 120°F., whereas the temperature of the drain 



Fig. 126 . —Sectional drawing of twin two-stage ejector unit with separate surface type inter 
and after condensers. (Courtesy of The Elliott Co.) 


leaving the aftercooler is approximately 210°F. It will be noted 
that both these temperatures are slightly lower than the tempera¬ 
tures corresponding to the pressures in these condensers. This is 
because of the fact that some subcooling exists. 

The drain from the intercooler is hardly hot enough to use 
for salvaging heat, but the aftercooler drain is generally put 
through a drain cooler via a drain-collecting tank. 

Since at light loads the pressure (absolute) in the condenser 
is even lower than at normal or full load, the air leakage should 
be expected to be fully as great. Therefore, the air ejectors have 
just as much to do at light load as at full load, and the steam 
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consumption is practically constant. This means that the con¬ 
densation of this steam in the intercooler and aftercooler must be 
effective at light loads. However, at light loads a comparatively 
small amount of feed water is passing through the intercooler and 
aftercooler; and since the total amount of heat to be removed is 
unchanged, this small amount of feed water will rise to such a high' 
temperature that the pressure in the intercooler and aftercooler 
will also rise to an unsatisfactory pressure. 

In order to avoid this, recirculation is employed (see Fig. 127). 
In the event that the temperature cf the feed water leaving the 



Fig. 127.—Condensate or feed-water recirculating system. 


aftercooler rises to a certain maximum allowable value—anywhere 
from 135 to 185°F.—the by-pass valve will open and reduce the 
resistance of water flow through the intercooler and aftercooler; 
the main condensate pump will, therefore, circulate sufficient 
fresh water through this path to maintain the leaving-water 
temperature at very near the valve setting. In effect, the sea 
water flowing through the tubes of the main condenser is condens¬ 
ing part of the steam in the intercooler and aftercooler. Should 
the load on the propulsion plant rise to the point where sufficient 
feed water is passing through to the first-stage heater to cause the 
temperature leaving the aftercooler to drop below the valve setting, 
the recirculation valve will close and recirculation will cease. 

Of course, recirculation causes a waste of heat, but it is neces¬ 
sary at light loads in. order to secure proper air ejection. The 
action is entirely automatic; but should the thermostatic apparatus 
become inoperative, the effect can be obtained by operating the 
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hand valves shown. Such a device should also be applied to the 
turbogenerator air-ejector system if the load on the generator is 
likely to fall to values affecting the operation of air ejectors. In 
all cases, air ejectors should be installed in duplicate so that in the 
event of the nozzle on one becoming clogged the other can be 
immediately put into service. 

Probably the optimum steam pressure is 150 p.s.i. gage. 
Higher steam pressures involve nozzle-throat diameters so small 
that clogging is prevalent. Lower pressures involve greatly 
increased steam consumption. However, the steam consumption 
is not a very important item because most of the heat is recovered 
in the inter- and aftercoolers as previously explained. 

Only saturated steam should be used in air ejectors. Super¬ 
heated steam does not seem to do so good a job of entraining. 

In marine work, only surface condensers are used. That is, 
the cooling water and the steam being condensed never come in 
direct contact, but always the heat is removed through a surface 
or wall. The reason for this is obvious. The valuable fresh 
water must be used again and again and must not be contaminated 
with sea water. 

A perfect design for a surface condenser should involve shaping 
so that the velocity of steam remains approximately constant 
until it is all condensed. This would mean decreasing the flow 
area proportionately as steam is condensed. Therefore^ there 
should be a large area where the steam enters from the turbine, 
which would gradually decrease as shown in Figs. 122 to 125. 

The point of removal of air from the condenser is important. 
In times past, air ejectors pulled much low-pressure steam from 
the condenser owing to lack of appreciation of this point. The 
best modern condensers have the air ejectors draw from some point 
where the air must first have passed through a nest of cold tubes. 
This point is usually under a roof or shelter within the con¬ 
denser, either in the center or on the sides, and the air must pass 
in a somewhat upward path to reach it. The nest of cold tubing 
cools the air and condenses any warm steam that still remains. 
Of course, the air drawn out is saturated with moisture at that 
temperature. However, it is obvious that, the colder the air, the 
less total moisture it will contain and the denser it will be, thus 
tending to improve the entrainment action of the ejector (see 
Figs. 122 to 125). 
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The tube size used in marine condensers run from % to 1 in. 
outside diameter. The principal constituent of the tubing is 
copper, but the alloy contains other elements. The names and 
nominal chemical compositions arranged in order of cost are as 
follows: 


Material Chemical Composition 

Admiralty. 70 per cent copper, 1 per cent tin, 29 per cent zinc 

Arsenical copper. 99.7 per cent copper, 0.3 per cent arsenic 

Red brass. 85 per cent copper, 15 per cent zinc 

Aluminum brass. 76 per cent copper, 2 per cent aluminum, 22 per cent zinc 

Cupronickel. 80 per cent copper, 20 per cent nickel 

Cupronickel. 70 per cent copper, 30 per cent nickel 


The tubes are always fastened at the inlet end to the tube sheet 
by means of rolling with a flared mouth. At the outlet end the 



Fig. 128.—Condenser tube rolled at inlet end and packed on outlet end with metallic 
packing. (Courtesy of The Elliott Co.) 

tubes may be either rolled without the flared mouth or packed 
with a stuffing box usually consisting of soft metallic packing 
rings interspaced with fiber rings (see Fig. 128). 

Owing to the changes in temperature the tubes expand and 
contract. When the tubes are firmly fastened at both ends, as 
with the rolling, a steel diaphragm is usually placed at each end 
as shown in Fig. 129. This diaphragm flexes when differential 
expansion takes place between tube nest and shell. The dia¬ 
phragms form an integral part of the condenser shell, preventing 
air leakage into the steam space. 

When the tubes are rolled at the inlet end and packed at the 
outlet end, the condenser-shell end plates are made purposely 
heavy to resist end thrust due to the tubes sliding at the packed 
end. 

The tube layout is usually made so that there is a uniformly 
decreasing cross section of path of steam flow, maintaining uniform 
velocity and preventing the formation of dead pockets where air 
might be trapped. Also, it is well to have a directly communicat¬ 
ing path from the turbine exhaust into the “hot well,” or conden- 
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sate reservoir, at the bottom of the shell. This tends to keep the 
condensate temperature near the temperature of the turbine 
exhaust. Any subcooling means LOCKING NUT TO AVOID BREAK- 


that this extra heat must be re¬ 
turned to the condensate while in 
the feed system. Present-day 
specifications call for a subcooling 
of not more than 5°F. Every de¬ 
gree of subcooling means that much 
heat unnecessarily lost to sea water 
and to be replaced at the expend¬ 
iture of fuel. 

In order to determine the size 
of a condenser required, the oper¬ 
ating conditions must be known. 
As an example, take the case of a 
condenser required to operate under 
the following conditions: 

25,000 lb. per hr. turbine ex¬ 
haust. 


ING JOINT BETWEEN TUBE PLATE 
AND DIAPHRAGM WHEN 
REMOVING WATER BOXES. 



CONDENSER SHELL 


Fig. 129.—Assembly of diaphragm, 
tube plate, and water box flange for 
Westinghouse condenser. 


1.5 in. of mercury exhaust pressure. 


5°F. subcooling. 

1000 B.t.u. per lb. in turbine exhaust. 

75°F. entering cooling water. 

10°F. rise of cooling water. 

Maximum allowable length 12 ft. between tube sheets. 

Cooling water must leave on same side it enters. 

1-in. o.d. tubing. 

All the information necessary in order to design this condenser 
may be found on the curve, Fig. 130. Corrections, as indicated, 
must be made in the heat-transfer rate depending upon tempera¬ 
ture of cooling water and upon how many pounds of steam are 
condensed per square foot of condenser surface. 

The condenser pressure is 1.5 in. of mercury absolute, which 
corresponds to 92°F. With 5°F. subcooling, the temperature of 
the condensate would be 92°F. — 5°F. = 87°F. This corresponds 
to an enthalpy of 55 B.t.u. per lb. 


1000 B.t.u./lb. in turbine exhaust 
55 B.t.u./lb. in condensate 

945 B.t.u./lb. carried away in cooling water 
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25,000 lb./hr. X 945 B.t.u./lb. 
60 min. 


394,000 B.t.u./min. 


The specific heat of sea water is 0.94. 


394,000 B.t.u./min. 
0.94 X 10°F. rise 


42,000 lb./min. 


Sea water weighs 8.55 lb. per gal. at these temperatures. 


42,000 lb./min. 
8.55 lb./gal. 


= 4910 


g.p.m. 


Temperature inlet water, deg. F. 

30 40 50 60 70 80 90 100 



Velocity, ft. per sec. 


Fig. 130.—Heat transfer rates—commercially clean tubes. (Courtesy of The Elliott Co.) 


Assume 8 ft. per sec. velocity through tubing. Any higher 
velocity than this may result in rapid erosion of tubes at the 
entrance end. 

Assuming No. 18 B.W.G. tubing 1 in. in diameter, which has 
a wall thickness of 0.049 in., the inside diameter of the tube would be 
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1.00 - (2 X 0.049) = 0.902 in. 

0.7854(0.902) 2 = 0.64 sq. in. = 0.00445 sq. ft. 

8 X 0.00445 X 7.48 X 60 = 16 g.p.m./tube 

(7.48 gal. in 1 cu. ft.) 

4910 g.p.m. _ „ _ . _ 

Ta - TZ u = 307 tubes single pass 

16 g.p.m./tube & ^ 

Since the cooling water must leave the condenser at the same 
end it enters, there must be an even number of passes. 

Assume four passes and see how close this comes to the maxi¬ 
mum allowable tube length of 12 ft. The reason for limiting the 
tube length is on account of the space available for repairs. 

With four passes there would be 4 X 307 = 1228 tubes. 

Refer to the curve, Fig. 130. 

With 75°F. entering sea water the temperature correction is 1.02. 
Cleanliness factor is 0.85. 

Assume, for the time being, that the loading is above 8 lb. 
per sq. ft., and correct later if necessary. 

At 8 ft. per sec., U = 710 uncorrected. 

U corrected = 710 X 1.02 X 0.85 = 615 


Steam temperature. 92°F. 

Entering water. 75 

t a . 17°F~ 

Steam temperature. 92°F. 

Leaving water. 85 

h . ~TT. 


t,n = 


ta - 4 = 17-7 

log e (ta/tb) logo (}Y,) 


= 11.25°F. 


B.t.u./hr. = 25,000 lb./hr. X 945 B.t.u./lb. = 23,600,000 
23,600,000 B.t.u./hr. 


615 B.t.u./hr./sq. ft./°F. X 11.25°F. 

25,000 lb./hr. 
3410 sq. ft. 


= 3410 sq. ft. area 
= 7.35 lb./sq. ft./hr. 


Loading correction from curve = 0.98. But since this will 
result in a slightly larger area, the loading will be even less; so 
assume the loading correction will be 0.97, and check later. 


U = 615 X 0.97 = 596 corrected 
23,600,000 


596 B.t.u./hr./sq. ft./(°F.) X 11.25°F. 
25,000 lb./hr. 


= 3520 sq. ft. 


3520 sq. ft. 


= 7.1 lb./sq. ft./hr. loading 









Friction loss in feet per 10-foot tube travel 
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Velocity, ft per sec 



Fig. 131.—Water friction loss in condensers—commercially clean tubes. (Courtesy of 

The Elliott Co.) 


Outside of tube,in. 
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Loading correction 0.97 is correct. 

2 = 0.262 outside area per foot length of tube 

rp , , _ 3520 sq. ft. _ 

Tube length 0>262 x 122 8 tubes “ 11 ft> 

This is all right in view of the permissible 12-ft. length. 

Water-pressure drop through the condenser is calculated as 
follows (see the curve, Fig. 131): 

v = 8 ft./sec. 

3.5 ft. head for 10-ft. tube length. 

4 X 11 = 44 ft. total tube length for all four passes 

4.4 X 3.5 = 15.4 ft. head 

Water-box loss = 2 X 3.4 = 6.8 ft. 

15.4 + 6.8 = 22.2 ft. head pressure drop through condenser 

68. Feed-water Heaters. —Next to the boilers and condensers, 

probably the most important heat exchangers on a ship are the 
feed-water heaters. The advantages of feed-water heating will 
be discussed in the chapters on Feed Systems and Heat Balance. 
Feed-water heaters may be broadly classified into two general 
types, as follows: 

1. Open, or direct-contact, heaters in which the feed water 
and heating steam mix. No surface is required in the case of 
such a heater, merely a tank where the fluids can mix. An example 
of this type of heater is the deaerating feed heater described in the 
chapter on Feed Systems, which is not a heat exchanger in the 
proper sense. 

2. Closed, noncontact, or surface heaters in which the steam 
and water are separated by metallic surfaces through which the 
heat is transferred from the steam to the water. All heaters on a 
ship, other than the deaerating heater, are of this type. 

The closed type of heater is the one to be discussed in this 
chapter. This type consists essentially of a number of straight or 
curved tubes connected at their ends to water boxes, or heads, 
and enclosed in a shell, usually cylindrical in shape. The tubes 
are usually made of brass or copper in order that they may resist 
corrosion. The heaters may be made single pass or multipass, 
usually the latter in small capacities in order to obtain an economi¬ 
cal shape. 

Structurally, the feed-water heater resembles the condenser, 
especially when the heater is to use steam below atmospheric 
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pressure. The shell is under pressure, tending to cause it to 
collapse. The high-pressure heaters are subjected to pressure 
tending to cause the shell to explode, and they must be strength¬ 
ened with this in mind. 



Actual velocity of water through tubes, v- ft. per sec. 

Fig. 132.—Feed-water heater? heat transfer rates for 1 in. o.d. Admiralty tubes and smaller. 
For steel use 80 per cent of curve value. 


Information for the design of tube-type feed-water heaters 
is given in Figs. 132 and 133. An example of the use of this 
information is as follows: Assume that it is necessary to design 
a feed-water heater for the third stage of feed-water heating in a 
ship under the following conditions: 

37,640 lb. per hr. feed water. 

238 to 318°F. 

Steam entering at 1258.6 B.t.u. per lb., 85 lb. gage. 

Drain leaving at saturation temperature. 

H o.d. Admiralty metal tubes. 

6 ft. maximum length. 















Wall friction factor per foot of travel, f| 



2 3 4 5 6 7 8 

Actual velocity of water through tubes, v- ft. per sec. 
Fig. 133.—Feed-water heaters. Water friction loss. 


Proceed as follows: 


Enthalpy of entering steam. 

Enthalpy of water at 100 lb. abs. 
Heat transferred /lb. 


1258.6 B.t.u./lb. 
298.4 

960.2 B.t.u./lb. 


Temperature of steam = 328°F. 


ta tb 

log* (t a /t b ) 


(328 - 238) - (328 - 318) 
/328 - 238\ 
loge \328 - 318/ 

i-= 36.5°F. 

log e ( 9 Ko) 


tf = t. 


0.8 t m = 328 - 29.2 = 298.8°F. 
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Take 8 ft. per sec. velocity. U = 900. 

Enthalpy of feed water = 206.32 entering 

= 288.2 leaving 

Heat transferred = 37,640(288.2 — 206.32) 

= 3,080,000 B.t.u./hr. 

c , 3,080,000 

Surface area = qqq x 36 5 = s 9* “• 


Taking water in general to be at approximately 212°F., it 
would have a volume of 0.01672 cu. ft. per lb. Then 

(lb./tube/hr.) = (lb./tube/hr.) (4.65 X 10~ 6 ) 

= cu. ft./sec./tube 

(cu. ft./sec./tube) , , 

(sq. ft./tube) “ It./sec. 

(lb./hr. of condensate) (number of passes) 

(total number of tubes) 

Therefore, 


= (lb./tube/hr.) 


(lb./hr. of condensat e) (number of pass es) (4.65 X 10~ 6 ) _ 


(total number of tubes) (sq. ft./tube) 

Total number of tubes 

_ (lb./hr. of condensate) (passes) (4.65 X 10~ 6 ) 
~ v(sq. ft./tube) 

Using No. 18 B.W.G. tube % o.d., 

I.D. = 0.625 - 2(.049) = 0.527 
0.7854(0.527) 2 


(143) 


144 


= 0.001525 sq. ft./tube 


Ti , u £ j. i. (37,640) (1) (4.65 X lO" 6 ) , „ or 

Total number of tubes = -—-— Q .. n nn .. 0 , -- = 14.35 

8 X 0.001525 

Call it 14 tubes for one-pass heater. 

area of surface 


Tube length = 


(number of tubes) 


(passes) (area/ft. length of tube) 

(144) 

14 X 1 X 0.1636 = 41 ft ' for one pass 


pass 

93.8 
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For 6 ft. maximum length, 

= 6.83 passes 

Make eight passes. 

* 93 8 l 

Tube length = = 5 * 12 ft ‘ = 12 

Water-pressure drop (see Fig. 133), 

+ 5.5dj (Jihi) (no. of passes) 
fi = 0.084 from curve 

(5.12 + 5.5 X 0.527) (8) = 12 p.s.i. 

For eight passes, drop per pass is 1.70 ft. from condenser curve 
(see Fig. 131). 

8 X 1.70 . 

2.3 = 6 P- 8 - 1 - 

12 + 6 = 18 p.s.i. total drop 

Total number of tubes in the heater is 8 X 14 = 112. Taking 
® 8 in- clearance between tubes, the pitch for % tubes would be 
% + % = 1 in. In any case, the number of tubes per square 
foot is 166/(pitch) 2 ; and, in this case, 


Diameter inside shell 


= 166 tubes/sq. ft. 
lx 2f66 = 0.675 sq. ft. or 97 sq. in. 
nside shell - ■ 


= 11.1 in. 


With 0.25 thick shell, outside diameter would be 
11.1 + 2 X 0.25 = 11.6 in. 

69. Fuel-oil Heaters.—Fuel-oil heaters are, in general, very 
similar to closed, or noncontact, feed-water heaters in which the 
steam and fluid to be heated are separated by metallic surfaces 
through which the heat is transferred from the steam to the fluid. 

There are three general types: 

1. Multipass heaters, using straight or slightly curved tubes 
with oil inside the tubes. 

2. Heaters with oil outside the tubes. 
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3. Heaters with the heat-transfer area consisting of flat surfaces 
with small sections or passages for the oil. 


- Grade of Saybolt sec. 4- 

oil Furol JZ 

Viscosity® 100° F 

Bunker C 600 - 

Mex. crude 320 


■r 


mmmrmmm 


eagil 


liifjirj ■ 


'AwrmwM* 


■vjvji i 




IBS 


Average velocity , v - lbs. per hour, oiI per tube 

Fig. 134.—Fuel-oil heaters. Heat transfer rates with %-in. o.d. tubes (based on clean 

tube surface). 

Type 1 seems to be the most popular; in general, it should 
have not less than four passes. 
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Type 2 is in disfavor, probably because the low velocity of 
the oil in the shell and dependence on convection retards heat 
transfer. Type 3 is just the opposite from 2 as regards heat trans- 



0 100 200 300 400 500 600 700 800 900 1000 

Average velocity,v- lb. per hr, oil per tube 

Fig. 135. —Fuel-oil heaters. Heat transfer rates with %-in. o.d. tubes (based on clean 

tube surface). 

fer, but the small passages tend to clog. This type, however, is 
gaining in favor. The design of type 1 only will be discussed here. 

Because of the fact that the viscosity of the oil decreases so 
much owing to the rise in temperature, the pressure drop falls 





































Wall friction, lb. per sq.in. per foot of travel 
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Wall friction, lb. per sq. in. per foot of travel 
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Massv&locifylb.ofoif per tube per hour 
Fig. 137.—Fuel-oil friction— %-in. o.d. tubing, No. 16 B.W.G. 





Viscosity (absolute),centipoises 
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rapidly. , Therefore, it is common practice to have twice as many 
tubes per pass in the first half of the total passes as in the last half. 



The curves, Figs. 134 to 138 will be used to determine the 
design of the fuel-oil heater. Their use is demonstrated by means 
of the following problem: 
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It is desired to design a fuel-oil heater to heat 1500 lb. per 
hr. of Bunker C oil from 100 to 230°F. by means of 50 lb. gage 
saturated steam and draining with no subcooling or at 298°F. The 
specific heat of fuel oil may be taken to be 0.48. The amount of 
heat required is 


(1500) (230° - 100°) (0.48) 
93,500 B.t.u./hr. 
911.6 B.t.u./lb. 
(298° - 100°) - (298° - 230°) 
log e ( 19 %g) 


93,500 

102.5 

130 

1.0682 


B.t.u./hr. 
lb./hr. steam 

= 122°F. 


Use in. o.d. tubing 

Take velocity as 400 lb. per tube per hr. average 


Area = 


U = 40.5 
93,500 


= 19 sq. ft. 


40.5 X 122 

Take 8 passes. 

H of surface in first four passes. 

}>i of surface in last four passes. 

H X 19 = 12.7 sq. ft. 

sq. ft. area/ft. length = 0.1636 for %-in. o.d. tube. 

X = velocity first four passes 
2X = velocity last four passes 
3X 

-g- = 1.5X Average velocity = 400 

X = 267 lb./hr. 

2X = 534 lb./hr. 

Tube length — l — num ^ er tubes x area/ft. of tube 
lb. of oil X passes 
total tubes 
1500 X 4 


= lb. of oil/tubes/hr. = 


Total tubes = 


267 = 
1500 X 


total tubes 
4 


267 


= 22.5 in first four passes 


There must be 24 to make a whole number of tubes per pass. 
Six tubes per pass. This makes a velocity correction necessary. 
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1500 X 4 A f 

v = - 24 - = 250 first four passes 

and 500 last four passes 
U = 32 for v - 250 
U = 46 for v = 500 
JT 32 + 46 

U =-- = 39 average 


Area = 


2 

93,500 


39 X 122 
% X 19.7 = 13.2 sq. ft. 

19.7 


= 19.7 


l = 


36 X 0.1636 


- 3.35 ft. 


Call it 3 ft. 5 in. or 3.416 ft. 

For convenience, divide into four groups. Each pass could 
be worked out if desirable. 


1st two passes 2X6 tubes X 0.1636 X 3.416 ft. 6.7 sq. ft. 

2d two passes 2X6 tubes X 0.1336 X 3.416 ft. 6.7 

3d two passes 2X3 tubes X 0.1636 X 3.416 ft. 3.35 

4th two passes 2X3 tubes X 0.1636 X 3.416 ft. 3.35 

Total. 20.1 sq.ft. 

If U = temperature of oil in and t 0 = temperature of oil out, 
then the following expression may be used for determination of 
the temperature of the oil after having passed a given area: 

t 0 = U + t a (l - e n ) (145) 

where 


n ~ (lb. of oil/hr.) (0.48)' (146) 

A = surface area. 

U = heat-transfer coefficient. 

t a = temperature difference of steam and entering oil. 

The derivation of this expression is outside the province of this 
discussion but may be found in most good books on heat transfer. 
First two passes: 


—AU (6.7) (32) 

n “ (lb. of oil /hr.) (0.48) - (1500) (0.48) 

n — —0.298 

(17 = 32 from curve at v = 250) 
t 0 — U + < 0 (1 — e n ) 

= 100° + 198°(1 - e-°- 298 ) = 151°F. 
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Second two passes: 

n = — 0.298 (same as first two passes) 
t a = 151° +' 147°(1 - <r 298 ) = 189°F. 

Third two passes: 

AU 3.35X46 

n ~ (lb. of oil/hr.) (0.48) “ 1500 X 0.48 “ U ^ 14 

(17 = 46 from curve at v = 500) 
t 0 = 189° + 109°(1 - e-°- 214 ) = 210°F. 

Fourth two passes: 

n = -0.214 

to = 210° + 88 ° (1 - e~° iU ) = 227°F. 

The latter value should be 230°F., which is an indication of the 
error in this method of approach. 

In any event, the average temperature of the oil in the first 
two passes is approximately 125°F. In the curve, Fig. 138, it 
can be seen that the absolute viscosity in> Centipoises is 420. 
In the curve, Fig. 136, it is seen that for a value of v = 250 (the 
value for the first pass) the wall friction is approximately 0.65 p.s.i. 
per ft. of travel. Pressure drop through the first two passes is 
therefore 

0.65 X 6.75 = 4.39 p.s.i. 

In similar manner, through the second two passes the average 

i , . 151 + 189 

temperature is- ^ - = 170 if. 

Absolute viscosity = 110 centipoises 
Wall friction = 0.16 

Pressure drop through second two passes is therefore 
0.16 X 6.75 = 1.08 p.s.i. 

In similar manner, through the third two passes the average 
temperature is- ^ - = 200 I. 


Absolute viscosity = 58 centipoises 
Wall friction = 0.17 (v = 500) 

Pressure drop through third two passes is therefore 

0.17 X 6.75 = 1.15 p.s.i. 






Art. 70] 


HEAT EXCHANGERS 


223 


In similar mariner, through the fourth pass the average tem- 
. 210 + 230 

perature is- ^ - = 220 F. 

Absolute viscosity = 40 centipoises 
Wall friction = 0.14 

Pressure drop through fourth two passes is therefore 
0.14 X 6.75 = 0.94 p.s.i. 

Total pressure drop is therefore 

4.39 + 1.08 + 1.15 + 0.94 - 7.56 p.s.i. 

70. Evaporators.—The purpose of evaporators is either to 
make fresh water from sea water or to evaporate the fresh water 
available on the ship and feed it into the feed system as vapor, 
thus retaining almost all the heat that has been put into it. 

To take the case of a salt-water evaporator, Fig. 139 shows a 
typical system. Low-pressure steam is fed into the steam coils, 
and heat transfer to the salt water takes place. The rate of heat 
transfer and data for calculating the amount of surface required 
are shown on the curve (Fig. 132) for the feed-water heater. The 
“distiller” shown is nothing more than a condenser. The vapor 
is condensed by means of circulating sea water, and all the heat of 
vaporization is lost. This is a “single-effect” system. More 
complicated and more efficient “double-effect” and “triple¬ 
effect” evaporators are often built. In these, the vapor from the 
first boiler is used to evaporate additional water in a second boiler, 
and the vapor from this second boiler is used to evaporate still 
additional water in a third boiler. Such a scheme with three 
boilers would be “triple-effect.” It should be noted that the 
water is not triple-distilled. 

In the case of make-up feed evaporators, the object is to ensure 
absolutely pure water entering the feed system. They are usually 
single-effect, and the vapor is usually fed into the deaerating feed 
heater. Bled steam is often used for the evaporator motive steam. 

The chapter on Heat Balance contains a discussion of connec¬ 
tions and energy calculations of evaporators. 



CHAPTER X 


FORCED DRAFT AND DUCT WORK 

71. General.—Forced-draft blowers are required to draw air 
from the upper deck through suitable ducts to the firerooms or 
to the boiler casings. As regards the design of the blower proper, 
this is discussed in the chapter on Marine Pumps. 

The bringing of air from the upper decks to the firerooms or 
other points below decks involves computation centering in the 
design of the duct work so that the best compromise between space 
occupied and pressure drop will be accomplished. Space is at a 
premium, and so is power to overcome air resistance; therefore, 
although duct design is usually under the cognizance of the hull 
designer rather than that of the marine engineer, the latter should 
cooperate closely with the former in an attempt to arrive at the 
best compromise. 

Flow of Air .—At the pressures ordinarily reached in ducts in 
marine installations the air is compressed negligibly and therefore 
all flow can be calculated with sufficient accuracy on the basis 
that the air is a noncompressible fluid such as water. In the 
expression 

PV = wRT (147) 

where P = pounds per square foot, 

V = cubic feet per pound, 
w = pounds of gas, 

T = absolute temperature in degrees Fahrenheit, 

R = a constant depending upon the nature of the gas, 
the value of R for air is 53.35. Determination of the value of R 
for flue gas or products of combustion of oil or coal results in a 
value of R usually of 51 to 53.35. In short, the nature of flue gas 
as regards its density, specific heat, viscosity, and general flow 
characteristics is so consistent with that of air that sufficient 
accuracy will result if they are considered as one and the same 
substance. 

When the motion of each particle of fluid is parallel to the walls 
of the duct and no crosscurrents occur, the flow is said to be “stream 
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line” or “viscous.” At the center the flow is fastest, and adjacent 
to the wall of the duct the flow is slowest. As the speed of flow is 
increased, a point is reached at which the flow suddenly becomes 
turbulent and the stream is filled with eddies. This is known as 
the “critical velocity.” Below the critical velocity, resistance to 
flow varies directly as the speed. Above the critical velocity, 
resistance to flow varies approximately as the square of the speed. 
In practical marine installations, all air and flue-gas flow is above 
the critical velocity and is therefore turbulent. Also, the resist¬ 
ance to flow varies approximately as the square of the speed of flow. 

The resistance to flow also increases directly as the density W, 
in pounds per cubic foot, increases. In other words, the pressure 
required is proportional to the density multiplied by the square of 
the velocity, or 

paWv* 

But since PV = wRT, if there is an increase of x per cent in 
absolute temperature, the density will change from Wi to W 2 and 


Wo 


= Wi . 
(1 + X) 


In the same manner, 


r 2 = (i + x)Vx 


and since the volume has increased, the velocity must also increase, 
or 

? ; 2 = (1 + X)lh 

Therefore, 

Woii\ = W\v\{\ + x) (148) 

and the resistance to flow varies directly as the absolute tem¬ 
perature. 

Considering the well-known expression, derived from Ber¬ 
noulli's theorem, 

v' = VfyH (149) 

where v f = velocity, feet per second. 

H = head, feet of the substance. 
g = gravity acceleration = 32.2 ft./sec. 2 
If v is put in feet per minute, the usual velocity unit in air flow, if 
H is in inches of water instead of feet of air, and if we change this 
pressure symbol to p v , then 
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\2H_ _ 62.31 cu. ft./lb. of water 
p v ~ W cu. ft./lb. of air 

H = 5. 19 

v ft./min. = 60 ^2 g (5.19 = 1096.5 yj& (150) 

If W is taken as the weight of so-called “standard air” at 68°F. 
and 29.92 barometric pressure, the value is W = 0.07488 lb./cu. ft. 

Also, it is seen from the foregoing that W varies with the abso¬ 
lute temperature, or that the weight of air at any temperature W t , 
provided that there is no appreciable pressure change, is 

TF(460 + 68) (0.07488) (528) 39.5 

Wi ~ 460 + t ~ 460 + / 460 + / ^ 151) 

where t is degrees Fahrenheit. 

Therefore, 

v ft./min. = 1096.5 = 175 ^P^ 460 + 0 (l5 %) 


where p v is the “velocity head” of the air moving at the velocity v. 

Air, moving in a duct, contains energy in two forms. One is 
the potential energy in the form of static pressure such as would be 
measured by a sensitive gage; the other is the kinetic energy due 
to the moving mass. Both may be expressed in terms of pressure, 
the kinetic energy being expressed as “velocity pressure” p v , as 
indicated in the foregoing expression. 

v = 175 V>„(460 + t) (152) 


3.06 X 10 4 X (460 + t) 


The total pressure p t is 


Ps + Pv 


or the sum of the static and velocity pressures. 

These may actually be measured at any point by means of a 
tube arranged as shown in Fig. 140. 

It should be realized that the static pressure might even be 
negative, if readings are taken on the basis of atmospheric pressure 
being zero. 
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When air passes through a more or less tortuous path in a long 
duct the section of which changes, the values of velocity and static* 
pressure will interchange one with the other, the sum of the two 
being substantially constant but always continually decreasing 
owing to the losses brought about by friction and turbulence. 

To determine the value of pressure required to force a given 
amount of air through a given duct, it is necessary to determine 
these losses and convert them into pressure units. 



One of the greatest losses is due to the sudden acceleration of 
the air as it enters the duct. The air should be gradually brought 
up to duct speed, and this is very practically accomplished by 
making all intakes bellmouthed. Another loss is due to the change 
in direction of the air. All right-angle bends should contain guide 
vanes if the centerline radius of the bend is equal to or less than 
the width, or diameter, of the duct. Pipe sections should be 
gradually, not sharply, enlarged or reduced. Another great loss 
is due to the shock of the moving air entering a more or less sta¬ 
tionary body of air as in a fireroom. To minimize this shock and 
energy loss due to the impact, the air should be led into such a 
space at low speed. Speed reduction is best accomplished by 
means of a diffuser. The proportions of the diffuser should be such 
as to obtain an optimum rate of change of speed. 

The following expression covers a diffuser of rectangular cross 
section. However, this rectangular area can be converted to 
circular area if that is desirable. The actual area at each point 
along the line of flow is important, rather than the shape. 
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In a rectangular diffuser of length l, having one pair of sides 
parallel, if the half breadths at the small and large ends are, respec¬ 
tively, 2/1 and y 2 , the half breadth y, at the distance x from the 
small end, is given by 



Per cent slope 


Fig. 141.—Efficiency of diverging pipes. 


It will be practical to calculate the loss in such a diffuser 
according to Fig. 141, although this curve covers straightline 
divergence. A divergence accomplished according to the above 
expression will be somewhat more efficient. 

Figures 141 to 143 show the losses to be expected in ordinary 
duct work. It will be noted that no curve is shown for a converging 
duct. The loss in such a convergence is so small that for converg¬ 
ing total angles up to 45 deg. it may be neglected. In short, the 
change from pressure head to velocity head is a very efficient 
process, but the converse is more difficult. 
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In entering a duct from a large space where the air has prac¬ 
tically zero velocity such as from on deck or from a large chamber 
below deck, if this is done by means of a rounded approach the loss 
is negligible. If there is a sharp-edged entrance, such as would be 
the case if the duct were joined flush without any rounding, the 



Fig. 142.—Pressure loss in square elbows. 


resistance loss is approximately 50 per cent of the velocity head at 
that point. 

The losses due to friction alone, expressed in inches of water, 
are 



where A p = static-pressure loss, inches of water. 
v = velocity of air, feet per minute. 
d = diameter of duct, inches. 

L = length, feet. 


(156) 
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This is for ordinary painted or galvanized iron ducts. A factor 
of increase must be used for surfaces of greater roughness. This 
can be determined by test and is usually supplied by the manufac¬ 
turer of the material. In the case of rectangular ducts of section 
a X b, the value of diameter in the above expression can be replaced 
by 


_ 2 ab 

a -)- b 


(157) 



Fig. 143.—Pressure loss in circular elbows. 


As regards the loss of pressure through the boiler, it is existing 
practice for the boiler manufacturer to guarantee satisfactory 
operation of his equipment at a pressure of a certain amount, 
generally static pressure in inches of water. Also, the amount 
of fuel and combustion air is specified in conjunction with this 
pressure. The pressure drop through the boiler at loads other 
than the specified load may be taken as proportional to the square 
of the amount of gas involved. The gas, of course, has been 
increased in weight by the amount of fuel burned. Correction 
must be made if individual burners are cut off and air is not flowing 
through at this point. 
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After the combustion gas leaves the boilers, the volume of 
gas as compared with that of the air led to the boilers must be 
increased in proportion to the amount of fuel added and to the 
change in absolute temperature, as previously demonstrated. 
The computation of pressure required to force this gas through 
the uptakes and funnels can then be made. 

In view of the foregoing, if the volume or amount of air, the 
fuel burned, and the duct areas and general layout are known, the 
velocity and corresponding velocity pressures can be calculated. 
It should be borne in mind that all the energy imparted to this 
air is supplied by the fan, with the exception of a small amount 
of natural draft, which is usually neglected, and that this velocity 
pressure is part of the total pressure which the fan must exert. 
The static pressure at the air-take entrance on deck is, of course, 
atmospheric, or zero inches of water, gage. From this point, it is 
possible to calculate changes in pressure and add or subtract them, 
as appropriate, until the blower is reached. Then on the pressure 
side of the blower the process is repeated until the funnel exit, or 
zero inches of water, is the static pressure. 

It will be noted that in the foregoing it has been assumed 
that the areas of the ducts are known. Empirical expressions for 
arriving at preliminary values of these areas are as follows: 

Clear areas of uptakes or downcomers 


lb. of oil per hr. 
450 


sq. ft. 


Clear areas of smoke pipes 


lb. of oil per hr. 
500 


sq. ft. 


(158) 


(159) 


72. Blower Characteristics. —With reference to the blower, it 
should be remembered that the primary purpose is to supply a 
given weight of air per unit time to furnish a given power to the 
ship. For constant amount by weight, when the density of air 
varies, capacity, speed, and pressure vary inversely as the density, 
that is, inversely as the barometric pressure and directly as the 
absolute temperature. The horsepower varies inversely as the 
square of the density. This is assuming that the blower delivers 
the same volume per revolution, which is very nearly true. There¬ 
fore, in order to supply the same weight of air to the burners, the 
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blower speed must be varied directly as the absolute temperature 
in view of the PV = wRT law. The changes in atmospheric 
pressure are not important enough to justify correction. There¬ 
fore, on the assumption that the blower is operating at a certain 
r.p.m. and delivering air at the standard temperature of 68°F., to 
deliver the same weight of air at the temperature t , the blower 
should be run at the speed of 


R.P.M.* = R.P.M. 



R.P.M. 


(460 + t) 
528 


(160) 


Under these circumstances the pressure required would auto¬ 
matically or inherently be correct. 

The horsepower at the temperature t would be 


H.P.* 


(H.P.) 


(460 + 0 2 
280,000 


(161) 


This is obvious in view of the pressure and density considera¬ 
tions previously demonstrated. 

With reference to the pressure of the blower, 


Total pressure 


Static pressure 


+ static pressure at blower outlet 
-[-velocity pressure at blower outlet 

— static pressure at blower inlet 

— velocity pressure at blower inlet 
+static pressure at blower outlet 

— static pressure at blower inlet 

— velocity pressure at blower inlet 


(162) 

(163) 


It should be carefully noted that the static pressure at the 
inlet is often negative, or “draft,” and in that case the negative 
manometer reading at the inlet should be added to the positive 
manometer reading at the outlet in order to obtain static-pressure 
gain through the blower. In other words, a minus quantity 
subtracted results in a direct addition. This is a common source 
of error. 

In general, performance information on blowers is given on the 
basis of static pressure, and the terms “static horsepower” and 
“static efficiency” are used. The following expression covers 
horsepower input to any blower: 

„ 0.1573 XQXh 


e 


(164) 
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where Q = thousands of c.f.m. of “standard” air. 
h = pressure, inches of water. 
e = blower efficiency expressed as a fraction. 

If, when the blower is tested, the static pressure is used in determin¬ 
ing the efficiency, then static pressure and this efficiency should be 
used in subsequent calculations. In short, “static horsepower” 
is the true horsepower input required provided that static pressure 
and static efficiency are used in its determination. 

73. Example.—An example will now be worked out to demon¬ 
strate the practical use of the foregoing. 



Fig. 144. 


It is required to burn 13,600 lb. per hr. of fuel oil in each of 
three firerooms. The combustion air is to be led from the deck 
through one downcomer to a point adjacent to the firerooms and 
there to branch off into three approximately identical paths. The 
space for these downcomer ducts is to be found by the naval 
architect, and it is necessary that he be given the approximate 
area required. The boiler manufacturer guarantees 8 in. of water 
resistance through the boiler at this load. 


3 X 13,600 lb./hr. 
450 


91 sq. ft. 


(158) 


The naval architect takes this figure and, after some layout 
work, finds that it is not practical to have a uniform area of this 
value all the way; and so, by necessity, the duct is broken into 
various areas greater and lesser than this. The duct as proposed 
by the naval architect is as shown in Fig. 144. 
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With a value of 250 cu. ft. per lb. of oil, the total air entering 
from the deck is 


3 X 13,600 X 250 
60 min. 


170,000 c.f.m. 


The method of calculation less likely to introduce errors (due 
to mistaking signs on positive and negative pressures) involves 
starting where the air enters the duct and figuring through to 
where the air or flue gas leaves the system at atmospheric pressure. 
This will result in the static pressure required to do the job regard¬ 
less of where, in the system, the blower is placed. 

The letters on the layout of the duct indicate the point of 
change of section or direction or both. Entering air will be taken 
at the standard temperature of 68°F. 

The losses will be calculated as static pressure required and the 
proper blower specified from the result. 

A 


v A = 1545 ft./min. 


P _ t _ v * 

rvx * 3.06 X 10 4 X (460 + 68) 1.61 X 10 7 


(1545) 2 
1.61 X 10 7 
= 0.148 


in. 


The entrance loss is 0.50P la , or 0.50 X 0.148 = 0.074 in. 

B 


d = 


Duct friction = 

2ab 2 X 10.5 X 10.5 


/ 0.03L N / v y* 

\ d 1,24 ) \ioooy 


a b 
Duct friction 


10.5 + 10.5 
.03 X 12' 


= 10.5 ft. = 126 in. 


( * ^ §6*# ) (1.545) 1,84 = 0.002 


m. 


Bend loss. A half of a right-angle, or 90-deg., bend occurs at 
this point with a zero radius. Pressure drop is half of 120 per cent, 
or 60 per cent, of velocity head (see curve of bend resistance, Fig. 
142). 

0.60 X 0.148 = 0.089 in. loss 
Duct friction = (1.545) 184 = 0.002 in. 
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D 

Bend loss. Another half of a right-angle bend as under C. 
Bend loss = 0.089 in. 


d = 


2ab 


2 X 10.25 X 13 


= 12 ft. = 144 


a + b 10.25 + 13 
Duct friction = ^ 1441 ^ 24 ^ (1.28) 184 = 0.001 in. 

„ _ _. _ (1275) ;2 _ 

Vvd 1.61 X 10 7 1.61 X 10 7 

Since there is no diffuser, the change in velocity head is all lost. 
Loss = 0.148 - 0.1 = 0.048 in. 

E 

Pressure loss due to 90 deg. bend is 120 per cent of velocity 
head, or 1.2 X 0.1 = 0.12 in. Loss. 

Also, since this is a sharp-edged section, the loss due to this 
would be 50 per cent of the velocity head. 

0.50 X 0.1 = 0.05 in. Loss 
Area at E is 3 ft. X 8 ft. = 24 sq. ft. 

170,000 


3 

56,600 

24 


= 56,600 c.f.m. 
= 2360 ft./min. 


(2360) 2 
1.61 X 10 7 


= 0.348 in. 


Duct friction = ^ 52 gi. 24 ^ (2.36) 184 = 0.0427 in. 


In entering the large area, all velocity head is lost. There is 
no static-pressure^regain; therefore, 


Loss = 0.348 - 0.0 = 0.348 in. 


At this point the air enters the blowers and goes thence to the 
boilers of 8 in. resistance and from the boilers to the uptakes. 
Gases from the amidships boilers go straight up to the smoke 
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pipes; but port and starboard boilers are farther away and gases 
go through a 45-deg. uptake for a distance of 20 ft. 

cjK^otair 0748g lb^ofair _ lb .ot »ir 

lb. of fuel oil cu. ft. lb. of fuel oil 

= 1.05 times as much gas leaving boilers as entering 

On the basis of 500°F. stack temperature, the c.f.m. from each 
f reroom is 

(56,600) (1-05) = 108,000 c.f.m. 

Area of uptake same as area of downcomer, or 91 sq. ft. 


3 X 108,000 


= 3560 ft./min. 


= __J3560) 2 . 

P “ 3.06 X 10 4 X (460 + 500) 2.94 X 10 7 U ln ’ 

There are two 45-deg. bends in this uptake or one 90-deg. bend 
equivalent; therefore, bend loss (zero radius being assumed) is 
120 per cent of velocity head, or 

1.2 X 0.435 = 0.521 in. Loss 
9 H sq. ft., or 5.4 ft. square 
_ , „ . /0.03ZA/ v V V 528 \ 


Duct friction = (^S)^) 1 ' ,) 

5.4 ft. = 65 in. 

Duct friction = ^ ^ 51 ^ 24 ^ ^ (3.56) 1,84 = 0.019 ii 


Clear area of smoke pipe, 

3 X 13,600 lb. of oil per hr. 


= 81.5 sq. ft. 


I o -j r 

Diameter = yj = 10.15 ft. = 122 in. 


50-ft. stack: 


3 X 108,000 c.f.m. 


= 3980 ft./min. 


Stack friction = (~ i| C 3 * 98 ) 1: = 00275 in - 
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Total Pressure Losses, Inches of Water 


Entrance loss. 0.074 

Duct friction........ 0.002 

Bend loss. . . .. 0.089 

Duct friction. 0.002 

Bend loss. 0.089 

Duct friction. .. 0.001 

Stack loss (no diffuser). 0.048 

Bend loss. 0.120 

Sharp-edge loss. 0.050 

Duct friction. 0.043 

Stack loss. 0.348 

Boiler friction. 8.000 

Bend loss. 0.521 

Duct friction. 0.019 

Stack friction. 0.028 

Total. 9.434 


This is the sum of all the static pressures required of the 
blower regardless of where the blower is placed. If it is placed 
at the entrance to the fireroom, the sum of the static-pressure 
losses to this point will be “draft,” or negative. This sum is 
0.866 to this point (see list of losses). The velocity pressure at 
the blower inlet is zero; therefore, 


! + static pressure at outlet. 8.568 

— static pressure at inlet.— (—0.866) 

— velocity pressure at inlet. 0 

Total static pressure. 9.434 


It is generally good practice to apply the blower so that it is 
capable of delivering 20 per cent of air in excess of that required 
for normal power. Since the required pressure increases as the 
square of the velocity, then the specified pressure of this blower 
should be 

(1.2) 2 X 9.434 = 13.6 in. of water 


at 


1.2 X 170,000 
6 


34,000 c.f.m. 


if a total of six blowers is to be used. Probably a blower capable 
of 35,000 c.f.m. at 15 in. of water static pressure would be ordered. 

It will be noted that in the foregoing calculation no mention 
has been made of dampers. This particular ship does not use 
dampers for combustion-air control. But where they are used, 
the resistance of the damper wide open should be included for 
maximum or full-power air. Lesser air for the same blower speed 
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is obtained by increasing resistance to flow with same blower speed 
(see Fig. 145). 

Obviously, improvement can be made in the downcomer 
system of the ship just calculated so that the duct work would 



Fig. 145.—Damper control for combustion air. 

occupy no more space yet offer less resistance to air flow. A 
bellmouthed entrance could be applied at point A. Splitters, 
or dividing vanes, could be placed at the bends. It might be 
well so to place these splitters that the resistance to flow in each 
parallel path is equal. Each path should, of course, be calculated 
as a separate duct, and a small amount of “cutting and trying” 
might be necessary. Also, diffuser should be placed at point F 
(see Fig. 144). It may be argued that all these changes would 
save very little in the total static pressure when considered as a 
percentage; but, even so, the changes are inexpensive, the saving 
is there as long as the ship is afloat, and the fact that noise is 
reduced is not to be ignored. 







CHAPTER XI 


MARINE ELECTRICAL ENGINEERING 

74. General. —Every modern ship contains an electrical power 
plant, and this plant must be reliable to a degree in excess of that 
in the case of a similar land installation. Failure at sea may mean 
disaster, whereas a similar failure on laud would mean, at worst, 
a quick change-over to public-utility power. 

To ensure reliability, safety to operators and equipment is 
necessary, and this involves the following: 

1. A voltage not dangerously high. 

2. Adequate insulation of lines and equipment. 

3. Automatic protection against grounds, short circuits, and 
excessive currents. 

4. Adequate spacing of lines and devices and easy accessibility 
to devices. 

5. Adequate capacity of generating equipment and of power¬ 
using equipment. 

Continuity of service is a factor affecting reliability, and this 
involves the following: 

1. Safety requirements previously mentioned. 

2. Duplication of essential equipment. 

3. Circuit breakers that do not operate instantly. 

It is not practically possible to obtain completely all these 
characteristics, but they should be striven after. 

76. Voltage. —For some years the maximum voltage for d-c 
applications on board ship has been 250 volts. The next highest 
standard d-c voltage is 600 volts. Owing to the very nature of 
d-c apparatus, many exposed parts carrying full voltage—such 
as commutators and brush holders—are needed. The attendant 
danger to both personnel and equipment on a rolling ship has been 
considered too great to justify this higher voltage, in spite of the 
fact that it would mean considerable reduction in weight and space 
required for control equipment and also in weight and cost of 
cables. There would be little or no difference in the generators 
and motors, but the obtaining of 115 or 125 volts for a lighting 
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circuit would involve extra rotating equipment in the case of 
600 volts whereas with 230 or 250 volts a neutral, or “three-wire,” 
connection can be used on the generator to obtain half the ter¬ 
minal, or brush-holder, voltage of the generator (this will be dis¬ 
cussed later). Therefore, there is little argument in favor of any 
voltage higher than 250 for direct current on board ship. 

In the case of alternating current, the standard voltages run 
110,220, and 440 and then jump to 2300 volts. The overwhelming 
advantage of alternating current is that in the case of induction 
motors (by far the most popular a-c type), there are no open 
or exposed current-carrying parts, and also the voltage can be 
changed efficiently and cheaply by means of low-weight trans¬ 
formers having no moving parts. There are many plants on 
land operating at 2300 volts a.c. meeting all practical require¬ 
ments for safety; however, 440 volts is the highest that has 
been used to any degree on board ship. The jump to 2300 
volts is great, but there is no real reason why it should not be 
adopted for the heavier power circuits. As regards the smaller 
motors, which may be more difficult to insulate, and motors in 
relatively inaccessible places, such as motors driving condensate 
pumps, it would be very easy to lower the voltage by means of a 
transformer. 

To summarize, the fundamentally correct voltage for direct 
current is probably 230 or 250. The present popular voltage for 
alternating current is 440 volts; but there is no fundamental 
reason why the power should not be generated at 2300 volts and 
the heavier applications such as feed pumps, etc., made at this 
voltage. Transformers should be used in reducing the voltage for 
the smaller motors, inaccessible motors, and lights. 

76. Insulation. —Insulation is completely described in electrical 
codes on the subject. All parts of the system should be well 
insulated so that there is no danger of breakdown to ground or 
from one conductor to another. For all the wiring the insulation 
should be in accordance with the rules of the A.I.E.E. Stds. 
No. 45. Generators, motors, and other equipment are properly 
insulated by the manufacturers of this equipment. 

77. Automatic Protection. —With respect to the power system 
of a ship, there is no need to provide against lightning. 

If a system is already grounded at one point, the result of 
another ground, on another phase or polarity, is equivalent to a 
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short circuit. Such a ground, or short circuit, results in a heavy 
current and should be treated accordingly. In some cases, the 
amount of current in a line is not much more than the line is 
designed to carry continuously; but under other conditions the 
short-circuit current may be fifty times the rated current or even 
more. Consequently, a line must have suitable and adequate 
protection; for the overcurrent may damage either the line or the 
apparatus connected to it, or there may be personal injury or, what 
is probably worst of all, a disastrous fire. 

The usual current-interrupting devices used on board ship are: 

Fuses. 

Thermal cutouts. 

Circuit breakers. 

A fuse is a section of conductor made of a lead-base alloy that will 
readily melt when the current it is carrying causes sufficient rise in 
temperature. Fuses are rated according to voltage as well as to 
current because a fuse will arc over if the voltage is too high and 
thereby fail to open the circuit. There are various forms of fuse 
construction. Some are not enclosed, being mere links of the 
fuse material. These are known as “link” fuses. Such fuses 
are not desirable because when they melt, or “blow,” the material 
scatters in melted droplets. Of the enclosed types, there are 
the plug fuse with the lamp-socket thread and the cartridge fuse for 
mounting in fuse clips. These enclosed fuses can be obtained in 
either the nonrenewable type with or without an indicating device 
showing it has blown, or the renewable type in which the fuse 
material can be replaced. The latter have no indicating device. 

Since a nonrenewable fuse costs less than the renewable type, it 
should always be used where there is little chance that it will blow. 
The fuses mentioned above should not be used on circuits of more 
than 600 volts. 

The accuracy of fuses is not very great. If the cartridge tube is 
warm, the fuse will blow more quickly than otherwise; also, one 
fuse wire being a trifle different from another may carry more 
current. However, a fuse is sufficiently accurate for the purpose 
for which it is generally used and will generally decide fairly 
enough when the current is excessive. 

Fuses have the advantage of being simple and cheap. They 
have a small inverse time characteristic; that is, a small current 
will not interrupt the circuit so quickly as will a large one. This is 
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desirable. They are particularly suited to lighting circuits and 
to small power circuits such as electric stoves or heaters. 

The thermal cutout is a modification of the fuse designed to 
accentuate the inverse time characteristic. It consists essentially 
of a heating coil and a spring contact arm held into contact by a 
fusible link. Should the link fail, owing to melting or fusing, the 
contact arm would no longer be held in restraint and would move 
in the proper direction to break the contact or open the circuit. 
The complete assembly is usually mounted in a porcelain cup with 
a transparent cover. The heating coil is in series with the contact 
and link. The link is usually made of two pieces of copper soldered 
together with soft low-melting-point solder. The winding of the 
heating coil is made of high or low resistance according to the 
“rating,” or circuit-opening value, desired. The same link is 
used for all capacities, the greatest of which is usually no more 
than 20 amp. 

If a certain excess current flows for a certain time, the heating 
coil heats the fusible link, melting the solder, causing the link to 
separate, which, in turn, allows the spring arm to snap away from 
the contact and thereby interrupt the circuit. The heating due 
to a large current is rapid while that due to a small current is 
slow on account of the thermal capacity of the post around which 
the heating coil is wound. Therefore, such a thermal cutout has 
a relatively long inverse time characteristic and will not interrupt 
the service unless the excess current exists sufficiently long to do 
some damage. In short, a thermal cutout is “calmer” and less 
“excitable” than a fuse. Thermal cutouts are particularly 
adapted for the protection of a small motor. The cost of replacing 
the link is much less than that in the case of a nonrenewable fuse, 
and the first cost is much less than for a circuit breaker. 

Since the thermal cutout does not act instantly even for heavy 
currents, it is well to install a fuse of somewhat higher rating in 
series with it. This fuse would blow instantly in the event of 
short circuit and would therefore protect in a manner outside the 
capabilities of the thermal cutout. On the other hand, the thermal 
cutout would protect in a manner outside the capabilities of the 
fuse. 

The circuit breaker differs from both the fuse and the thermal 
cutout in that the two latter devices operate when the temperature 
reaches a certain value, dependent on time, whereas the circuit 
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breaker operates owing to electromagnetic action. Breakers 
are rated as to continuous current-carrying capacity because of 
the heating of the contacts, etc., but must be capable of interrupt¬ 
ing fifty to one hundred times the continuous capacity. 

Circuit breakers have the advantage that they merely have 
to be closed, after an ordinary opening due to short circuit or 
overload, to be in commission again. Thus there is no cost such 
as that of replacing a fuse, and little time is lost. 

There are two kinds of circuit breakers, oil and air. Oil 
breakers are never used on board ship, where the voltages do not 
justify their use. Air circuit breakers ere always hand-operated; 
in any case, if the breaker is of any considerable size, the main 
contact is laminated and makes a wiping contact. The contact 
pressures are very high in order to make contact resistance low. 
This is accomplished by means of springs and a leverage arrange¬ 
ment in grasshopper fashion. In parallel with the main copper 
contact is a carbon-tip contact, which opens after the main contact 
has opened. Carbon to carbon has a relatively high contact 
resistance, and this is even greater as the pressure is reduced. 
Consequently, when the circuit is opened, the resistance is raised 
considerably before contact is completely broken. In the event 
of arcing from carbon to carbon, the carbon is merely burned to 
carbon dioxide, a gas, and does not bead nor fuse as would copper 
or another metal. Eventually the carbon contacts can be replaced 
at little expense. Sometimes, on the larger air circuit breakers, 
there is a magnetic “blowout” coil so arranged that the current- 
carrying arc will be forced so far away from the contacts that it 
will be disrupted. 

The contacts are held firmly together until the knee arrange¬ 
ment of the grasshopper action is tripped by pressure of the trip 
coil. This trip coil carries all the current going through the breaker 
and is in series with the contacts. When the current rises to a 
certain value, the trip coil causes sufficient force to be exerted to 
unlatch the breaker and it opens in a fraction of a second. 

Air circuit breakers are used to protect current circuits of 600 
amp. or more and are generally on the switchboard controlling 
the generators. 

78. Adequate Spacing and Accessibility. —In times past, too 
little attention was paid to spacing of conductors; but since the 
adoption of the marine wiring code and the placing of all conductors 
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in properly insulated conduit, this has ceased to be an important 
cause of trouble. As regards accessibility, most repairs have to 
be made at sea, and the importance of having electrical equipment 
so disposed as to render it easily accessible for inspection and 
service cannot be overemphasized. Of course, the requirements 
of other equipment and the necessity for compact design in a ship 
will prevent the obtaining in each case of all that could be desired. 
Here, as in the case of all good engineering, the best compromise 
must be sought. 

79. Adequate Capacity. —In'the propulsion equipment, nearly 
all motors will be used for driving pumps. All pumps will be 
installed with a reasonable amount of margin, as shown in the 
chapter on Heat Balance and the selection of auxiliaries. The 
next standard size of motor above that capacity just required to 
drive the pump at its rated load should be applied. After the heat 
balance for full-power conditions and the actual power drawn 
by each motor have been determined, these data, together with 
lighting, ventilation, refrigeration, and other load for “hotel” 
services, should be summarized. If this results in less than 
500 kw., two turbogenerators should be installed, each of about 
25 per cent more capacity than the total electrical load at full 
power of the ship. This will permit alternate operation of the 
generators. Standard sizes of generators should be chosen. If 
the electrical load is between 500 and 1000 kw., it will probably be 
well to install three generators any two of which will carry approxi¬ 
mately 125 per cent of the calculated full-power load. This will 
permit one stand-by generator and also some growth in the 
electrical load. As the size of the electrical load increases with 
the size and power of the ship, this same general principle should 
be adhered to; that is, provision should be made for growth of the 
electrical load and also for at least one stand-by generator over and 
above the number required for normal operation. It is hardly 
advisable to have more than a total of five turbogenerators even 
on the largest ships. 

As regards the duplication of power-using equipment such as 
motors, the duplication of the important pumps, which is always 
done, naturally involves the duplication of the driving motors. 

80. Choice of System. —In choosing an electrical power system 
for a ship it is first necessary to decide whether or not the system 
is to be alternating current or direct current. 
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For land installations alternating current is far more popular 
than direct current, so that alternating current, although not 
popular heretofore on board ship, certainly deserves serious 
consideration. 

The advantages of direct current for marine installations are 
as follows: 

Motors. —Possibility of automatic or inherent speed variation 
by means of series and compound field windings. 

Simplicity of speed adjustment in shunt motors by means of 
field rheostat, resulting in good efficiency at any number of speeds. 

Unity power factor of the load unde** all circumstances. 

Generators .—Self-contained and sufficient within themselves. 
No outside excitation necessary. Parallel operation simple and no 
need for synchronization in putting another generator on the line. 

C ontrol. —N one. 

Cables and Wiring. —None. 

All Additional Types of Equipment. —None. 

The advantages of alternating current for marine installations 
are as follows: 

Motors. —Increased reliability due to simple construction and 
absence of brushes and commutators. Decreased maintenance 
for same reasons. Reduction in weight, space, cost, and spare 
parts. 

Generators .—Increased reliability due to simple construction 
and absence of brushes and commutator. Decreased maintenance 
for same reasons. Reduction in weight, space, cost, and spare 
parts. 

Control. —Less complicated. Reduction in weight, space, cost, 
and spare parts. 

Cables and Wiring. —Reduction in weight and cost, due to 
higher voltage. 

All Additional Types of Equipment. —Easily replaceable owing 
to standard designs brought about by land installations. Prob¬ 
ability of future improvement greater due to development brought 
about by continued popularity of alternating current on land. 

As can be seen from the foregoing, apparently the only real 
advantage direct current has over alternating current is the 
simplicity of speed control, and this is an advantage which the 
marine operator does not use a great deal. Once a ship is at full 
power at sea, there is very little point in varying the speeds of the 
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pumps and blowers. Combustion-air regulation can be cared for 
by dampers, and the motor-driven pumps would be mostly of the 
centrifugal type, the delivery of which could be regulated by the 
outlet valve. 

With reference to the excitation of the generators, this could 
be taken care of very simply by means of a couple of small motor- 
generator sets (some a-c power is always available) or by small d-c 
generators on the shafts of the a-c generators. 

In short, it appears that, though direct current is most popular 
today for marine installations, fundamentally alternating current 
is the more desirable and that as time goes on direct current will 
gradually disappear on the sea as it is doing on land. 

If it is decided to use direct current, nothing further remains 
but to choose the voltage and the system is fixed. Voltage choice 
already has been discussed. 

If it is decided to use alternating current, then the voltage, 
frequency, and phasing must be chosen. Voltage has already been 
discussed. 

With reference to frequency, there are two standard frequencies 
in use in the United States, 25 cycles and 60 cycles; there is 
certainly no object in choosing a nonstandard frequency and thus 
losing all the advantages of standard a-c equipment. Twenty-five 
cycles is no longer used except for railroad work, in which the 
single-phase commutator motor operates better on the lower 
frequency, and steel-mill work, in which low-speed induction 
motors are used for roll drive. The only logical choice, then, is 
60 cycles, which is the standard frequency for all public-utility 
work. 

With reference to the number of phases, single phase is out of 
the question because of the difficulty of starting induction motors; 
furthermore, more copper is required in the cable and wiring 
system. There are two other popular numbers of phases, two 
and three. The two phase can be either four wire or three wire. 
The four wire requires as much copper as single phase, whereas, in 
the three wire, the wires are not all the same size and this is a 
disadvantage. In no respect has the two phase any advantage 
over the three phase except in the possible ease of balancing 
lighting circuits that may be operated from the various phases, and 
this is not a problem at all. There is little question but that three 
phase is the logical choice. Most land development has been done 
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and will be done on three phase rather than any other number of 
phases when power work is considered. It should be mentioned 
here that if three-phase power is available it is possible, by means of 



Current-carrying conductor 
producing spirals of flux 


Field of 
flux 

Fig. 146. 



Current-carrying conductor 
in field of flux 



Fig. 147.—D-c motor (see Fig. 148). (Courtesy of Westinghouse Electric & Manufacturing 

Company.) 


transformers (and no rotating apparatus), to obtain any number 
of phases desirable. 

It may be that on large ships, two power systems, one direct 
current and the other alternating current, may be desirable. 

81. Direct-current Motors. —Any current-carrying conductor 
finding itself in a field of magnetic flux will have a force exerted 
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upon it tending to move it out of that field of flux. The reason 
for this is that the magnetic flux set up by the current in the 
conductor reacts against the surrounding field much as two north 
poles or two south poles of magnets will repel each other (see 
Fig. 146). The value of the force tending to push the conductor* 
out of the surrounding field will depend upon both the intensity 
of the field and the value of the current or the product of the two. 



Fig. 148.—D-c motor (see Fig. 147). (Courtesy of Westinghouse Electric & Manufacturing 

Company.) 

In the case of a d-c motor, conductors are so disposed in slots 
around the periphery of the armature that all the conductors 
under one pole carry current in one direction whereas all those 
under another pole carry current in the opposite direction. This 
is accomplished by the arrangement of the winding and the posi¬ 
tion of the carbon brushes on the commutator to which the winding 
is connected. This arrangement is well demonstrated in Fig. 147 
as well as most fundamental books on d-c machinery. 

Each pole of the motor is equipped with a field coil, which 
when excited or when it has current passed through it makes a 
magnet of the pole. The field of flux thereby set up passes from 
the pole down into the core, or laminated structure, of the arma¬ 
ture and thence back up into adjacent poles of opposite polarity. 
The armature conductors are therefore in a field of flux. If 
current is now led in through the brushes to the conductors, a 
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force will be produced on each conductor, all the forces acting at 
the radius of the conductors from the center of the shaft will 
result in a torque, and the armature will turn. When it moves, 
the brushes stay fixed; and, the winding being symmetrical, the 
current will be divided as at standstill and be disposed under the 
various poles as before, and the torque will continue under condi¬ 
tions of rotation as well as standstill. The torque will be propor¬ 
tional to the product of the armature current and field flux, or if 

I a — armature current, 

4>f = field flux per pole, 

T - torque, 

T = K<t>fl a (165) 

where if is a constant taking into account the number of poles, the 
type of winding, radius of armature, etc. In other words, for any 
given motor, if is a constant. 

If any conductor is moved through a field of flux, a voltage is 
produced in this conductor proportional to the rate of cutting this 
flux. Voltage corresponds to pressure whereas current corresponds 
to rate of flow such as g.p.m. 

Therefore, if a conductor is moved through a field of flux of a 
certain intensity at a certain rate of speed, then a certain voltage 
will be produced in this conductor. Considering the motor under 
discussion, the voltage produced if this motor is rotated at a 
certain r.p.m. would be 

Counter E.M.F. = C<frf (R.P.M.) 

where Counter E.M.F. = voltage or counter electromotive force, 
and where C is a constant taking into account the number of 
poles, the type of winding, radius of armature, etc. In other 
words, for any given motor, C is a constant. 

It is well known, from fundamental physics, that to force a 
current of I amp. through a circuit containing R ohms a voltage of 
IR is required, or 

E = IR (166) 

The armature winding contains ohmic resistance, as do the 
brushes. However, owing to the nature of carbon, the contact drop 
of the brushes is usually fairly constant regardless of the current 
flowing. In short, the voltage required to force current through 
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the brushes is usually approximately 2.5 volts regardless of the 
current value. 

Therefore if the voltage impressed on the brushes of the motor 
is E a , then 

E a = Counter E.M.F. + I a R a + 2.5 (167) 

where R a = resistance, ohms, of the armature. Therefore, 

E a = C<t> f ( R.P.M.) + I a R a + 2.5 (168) 

From this it can be seen that, the weaker the field, the faster 
will the motor run and, the stronger the field, the slower, all this for 
a fixed terminal voltage. 

Also, it can be seen that, if an external resistance is put in 
series with the brushes so as to increase the effect of R a , the speed 
will also be reduced. 

If a set of field coils on a d-c motor, with an external resistance 
in series, has a voltage impressed on the circuit as a whole, the 
current that will flow through the coils is 


If = 


E 


(169; 


Rf + R bx 

where E = voltage. 

R f = field resistance, ohms. 
i£ ex = external resistance, ohms. 

Iron and its alloys, steel, etc., has a property, peculiar to itself 
and to no other material, of being very susceptible to electro¬ 
magnetic action; that is, it has 
very low resistance to the pas¬ 
sage of magnetic flux. The 
force, corresponding to pressure 
in the case of a tangible fluid 
and to voltage in the case of 
electric current, or amperes, 
that causes magnetic flux to flow 
is called magnetomotive force 
(m.m.f.) and is expressed in 
terms of ampere-turns. In 
other words, if one turn around 
a field pole carried 1 amp., that 
would be an m.m.f. of 1 ampere turn, etc. When flux passes 
through air or copper or any nonferrous material, the resistance 
to that flux passage remains constant and the amount of flux is 



Ampere turns 

Fig. 149.—Magnetic saturation of iron. 
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directly proportional to the m.m.for ampere turns. However, in 
the case of iron, as more and more flux passes through, the iron 
becomes “saturated” and there is a point called the “knee” 
beyond which the resistance to flux passage is comparable with 
that of nonferrous material (see Fig. 149). It is always advisable, 
in the design of d-c motors, to work the iron no further than the 
knee, or else the amount of field winding to be applied and the 
loss in it due to passage of current, commonly called “copper loss,” 
will be too great from the standpoint of weight, cost, and econom¬ 
ical operation. 



Fig. 150.—D-c shunt motor connections and performance. 


There are three different ways of connecting d-c motors. The 
first is known as “shunt” because the field is put in shunt with 
the armature (see Fig. 150). 

Referring again to the expressions for torque and speed, 


and 

or 


T = K4> f I a 

U65) 

E a = CV>/(R.P.M.) + I a R a + 2.5 

(168) 

R.P.M. - Ea ~ 7 “^° ~ 2,5 



suppose that a constant line voltage is applied to this shunt motor. 
For a fixed value of 72 ex , or external resistance, in series with the 
field coils, a fixed current will flow therein, which means that a 
fixed field flux <f >/ will exist. Therefore, the torque of the motor 
will be directly proportional to the current. Actually, there will 
be some diminution of the field flux <£/, as the armature current I a 
increases owing to a cross field being set up by the current in the 
armature, the net result of which is to reduce the total main, or 
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torque, field flux <j>f. Therefore, the current-torque curve will be, 
for a shunt motor, very much as shown in Fig. 150. 

From the expression for r.p.m. given above, it can be seen that 
E a is the line voltage and that as the load comes on or I a is increased 
the r.p.m. will drop off as shown on the curve, Fig. 150. 

This is approximately the performance to be expected from a 
shunt motor, the speed slightly falling as the load is increased. 
Also, from the expression for r.p.m. it can be seen that, if the 
external resistance R ex in the field circuit is increased, less field 
current will flow and there will be less field flux. In this case, the 



Fig. 151.—D-c series motor connections and performance. 

r.p.m. of the motor will increase with no change in efficiency except 
that brought about by the slight resistance loss in the external 
resistance, which is not appreciable. In the same manner, if the 
external resistance R ex is decreased, the result will be more field 
flux and a lower motor r.p.m. 

This action is very important and is one of the outstanding 
advantages of direct current, the simple, convenient, and efficient 
method of speed control. 

In starting the shunt motor, it is usually necessary temporarily 
to put an external resistance in series with the armature. This 
increases the effective R a and prevents a great rush of damaging 
current when the r.p.m. is low. It is not economical to run with 
such a resistance in the circuit permanently. Generally the field 
current is not more than 5 per cent of the armature current. 

Another method of connecting d-c motors is known as “series” 
because the field is put in series with the armature [see Fig. 151 
and refer to the equations for torque and r.p.m., Eqs. (165) and 
(168)]. 
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It can now be seen that the flux increases as the load, or 
increases. Naturally, this means that the torque increases some¬ 
what faster than the current (see Fig. 151). Torque does not 
increase as the square of I a because of the saturation of the iron 
and the armature cross-field effect previously mentioned. On 
the other hand, r.p.m. falls off rapidly as the load is increased. 

Such a motor produces heavy torque at low speeds and light 
torque at high speeds. As a consequence, it is admirably suited 
to hoisting jobs such as winches and anchor engines. It can also 
be used satisfactorily in some instances for driving blowers. It 


C 

UoJ 



Fig. 152.—D-c compound motor connections and performance. 


has the disadvantage that if it should become unloaded it will 
run away and destroy itself, having no inherent speed-limiting 
characteristic as has the shunt motor. This series motor is con¬ 
trolled by means of a resistance in series with it and when used for 
hoisting should always have an attendant at the manual control. 
It should never be used for driving pumps. 

The third method of connecting d-c motors is known as “com¬ 
pound” because it is a combination of the two just discussed 
(see Fig. 152). Such a motor has a performance characteristic 
that is a combination of the two, approaching that of one or the 
other depending upon what percentage of the total field is in series 
with the armature. In the case of compound-wound motors, 
the two fields are always cumulative, or add to each other. These 
motors are good for hoisting jobs, and they have the additional 
advantage that they will not run away in the event the load is 
removed. The shunt field takes care of that. 

One of the bad features of d-c motors is the presence of the 
commutator and brushes. Also, if the motor is not properly 
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designed or adjusted for brush position before it is installed, it 
will give trouble due to sparking at the brushes, resulting in a 
burned commutator and general high maintenance expense. 
Modern motors of good design and manufacture are practically 
sparkless owing to the installation of small poles between the main 



Rated horsepower 

Fig. 153.—D-c shunt motors (conventional commercial designs), efficiencies at various 
loads. (This curve can also be used for motors lightly compounded.) 


torque field poles, which set up a voltage in the coil undergoing 
commutation that opposes the voltage causing the spark. Dis¬ 
cussion of the theory of commutation is beyond the scope of this 
book; it is sufficient to say that the problem has been solved. 
No d-c motor should be considered unless it is equipped with 
commutating poles. 

The curve, Fig. 153, shows the approximate efficiencies to be 
expected in the case of d-c motors of the sizes in general use on 
board ship. Also, by means of this curve, the efficiencies at 
fractional loads can be determined. 

As an example of the use of this curve, suppose that it is desired 
to determine the amount of current drawn by a 35-hp. 250-volt 
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d-c motor when operating at a load of 28 hp. 

Watts = volts X amp. 

746 watts = 1 hp. 

At 28 hp., = 80 per cent rated load (see curve, Fig. 153, 
99 per cent of rated eff.). 

88.5 per cent rated efficiency: 

0.99 X 0.885 = 0.875, or 87.5 per cent of operating eff. 

28 hp. X 746 _ r 

250 volts X 0.875 9o ‘° amp * 

In this manner, the size of cables throughout the ship can be 
determined, but the cable should always be installed of sufficient 
size to carry the full rated current of the motors involved. In 
this case, the current-carrying capacity of the cables to this motor 
should be 


35 Hp. X 746 
250 volts X 0.885 


118 amp. 


These should be installed according to the A.I.E.E. Stds. No. 45. 

82. Direct-current Generators.—A d-c generator is nothing 
more than a shunt or compound motor running at such an r.p.m. 
that the counter e.m.f., as described under Direct-current Motors, 
is of a higher value than the line voltage. The expression for 
r.p.m. is as follows: 

E a = CM R.P.M.) + I a R a + 2.5 (168) 


If the term, C<£/(R.P.M.), which is the counter e.m.f., is greater 
than E a , the voltage at the brush terminals, then I a R a must be 
negative, or reversed, as will be, of course, the brush drop of 2.5 
volts, and electrical power will flow r from the machine instead of 
into it. The torque will be reversed, and mechanical power 
must be put into the shaft instead of being taken from it. 

In the case of a machine with a shunt winding the performance 
will be very much as shown in Fig. 154 for the same reasons that 
the speed-current curve on a shunt motor drooped. This is, of 
course, assuming that the d-c generator is driven at constant 
speed or r.p.m. 

Such a characteristic is not very satisfactory because when the 
motors are becoming loaded the “line drop,” or voltage drop, due 
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to the resistance of the cables to the motors is becoming larger and 
larger, resulting in lower terminal voltage at the motors just at 
the time when it should be maintained. This is comparable to 
lowering the throttle pressure on a turbine as the load on it 
increases. 

In view of this, the more satisfactory characteristic would be a 
gradually rising voltage at the terminals of the generator as the 
load increases. This could be taken care of by having the attend¬ 
ant periodically lower the resistance in the field rheostat, thereby 
increasing the generator voltage as the load increases. Obviously, 
though, it would be much better if the characteristic could be 



Fig. 154.—Voltage regulation curves of d-c generators. 


arrived at by inherent action in the generator proper. This can 
easily be done by connecting in a series field winding as was done 
in the case of the compound motor and thereby making a compound 
generator. This winding should be so connected that the effect 
is cumulative with the shunt winding. 

When sufficient series turns have been added to the field to 
cause the generator terminal voltage at full load to equal the 
voltage at zero load, the generator is said to be “flat-compounded” 
(see Fig. 154). It will be noted that the voltage rises slightly 
above the no-load value at first as the load is increased and then 
droops, passing through the normal voltage point at full load. 

For reasons mentioned above regarding voltage at the motors, 
it would be still better if the voltage at the generator terminals 
had a gradually rising characteristic up to as far as 150 per cent 
full load. This can be accomplished by adding still more series 
turns, called “overcompounding,” and is the method most fre¬ 
quently employed. If sufficient extra turns are added to cause the 
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voltage at full load to be 10 per cent greater than that at zero 
load, this is called “10 per cent overcompounding,” and so on. 
The longer the cable runs from the generator to the motors or 
other load, the greater the overcompounding desirable. In a 
small, confined space like a ship, 5 or 10 per cent overcompounding 
is usually sufficient. 

It should be borne in mind that regardless of the overcom¬ 
pounding the actual terminal voltage at any load can be controlled 
by means of the field rheostat. 

In marine applications, since there must always be more than 
one generator to ensure continuity of service, the operation of 


Positive bus 



Fig. 155.—Parallel operation of d-c compound generators. 


generators in parallel is essential. In the case of shunt-wound 
generators, there is no problem at all. If one generator is carrying 
the load and it is desired to put another on the line, the turbine is 
started and when it is up to speed the field rheostat is adjusted 
on the incoming generator until its terminal voltage is equal to 
or a volt or so higher than that of the line and then the switch is 
closed. Then the rheostat may be adjusted until the desired 
proportion of the load is being carried by the generator just con¬ 
nected. Obviously, the operation is perfectly stable, and no 
transient conditions can affect it. To take the generator off the 
line, adjust the field rheostat by increasing resistance until nearly 
all the load is off; then trip the breaker, open the switch, and shut 
down the turbine. 

However, in the case of compound generators, the situation is a 
little more complicated. Suppose that two identical generators 
are connected in parallel as shown in Fig. 155 and, for the sake of 
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simplicity, that they are carrying equal loads. Assume, for an 
instant, that there is a slight change in the speed of one for any 
reason at all, possibly for only a fraction of a revolution. If the 
speed is slightly greater, there will be a momentarily greater 
voltage generated in the windings of the armature. This will 
cause a slightly greater current to flow, and this current will flow 
through the series field, which is cumulative with the shunt field. 
There is a still greater increase in voltage from this cause, which 
results in increased current with a pyramiding of the results as 
before. In a very short time, this one generator will take all the 
load from the system; and as the load decreases on the other 
generator, its voltage will decrease until only that due to the shunt 
field remains. Then, since this voltage is lower than the line 
voltage, current will flow into this generator, and it will run as a 
motor and drive the turbine at overspeed. The series field will 
now buck, or oppose, the shunt field, causing the speed to increase 
still further; and the turbogenerator set will then run away and 
destroy itself. In short, such a connection is unstable and 
dangerous. 

However, this situation can be corrected by means of an 
equalizer as shown in Fig. 155. This equalizer should be so large 
that its resistance is negligible; and even if the two generators are 
of identical design and manufacture, it is essential that the resist¬ 
ances of the series fields be checked and additional resistance 
added in series with that having the lower resistance of such an 
amount as to result in identical resistance in each circuit. 

Assuming the same situation as before, if there is a slight change 
in speed in either generator resulting in a small surge in current, 
this surge will be divided between the two series fields and the effect 
will be the same on both generators. Any number of generators 
can be paralleled in this manner, and any transient condition will 
not affect the stability of the system. 

In the same manner, it is practical to parallel two generators of 
different capacity. In this event, the resistances of the series-field 
circuits must be inversely proportional to the generator ratings. 
It is also possible to parallel generators of different per cent com¬ 
pounding, but the generator having the greater compounding 
must have it reduced to that of the generator having the least 
compounding by insertion of resistance in series with the field of 
the heavier compounded generator. It should be realized that 



Art. 82] 


MARINE ELECTRICAL ENGINEERING 


259 


any resistance placed in parallel with any series field is in parallel 
with all the others and reduces the per cent compounding of the 
group of generators as a whole. 

The putting of a compound generator on the line is accom¬ 
plished exactly as for a shunt generator, except that the equalizer 
switch is closed first. Shutting down one generator is accom¬ 
plished as for a shunt generator, and the equalizer switch is opened 
last. 




Fig. 156.—D-c three-wire generator. 

Since 250 volts is the optimum voltage for power use on board 
ship and since 115 to 125 volts is the optimum voltage for lighting 
and general stateroom use, it is desirable that the lower voltage 
be available. This is possible by means of the three-wire con¬ 
nection, which results in a neutral third wire of potential halfway 
between the terminals of the generator. This is accomplished by 
tapping off from the armature at any two diametrically (elec¬ 
trically) opposite points and connecting these two points to slip 
rings. Across the slip rings there is a balanced coil consisting of an 
iron core with a winding, and from the center of this winding a 
lead is taken. Obviously, this lead is the electrical center of the 
armature winding. More than two points can be taken so as to 
distribute the current from the neutral wire more evenly to the 
armature winding (see Fig. 156). The lamps or any other low- 
voltage load should now be distributed on both sides of the neutral, 
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as shown in Fig. 156. An absolute balance is, of course, best of 
all, and then no current will flow through the neutral. This 
should be striven for. The neutral wire carries the difference 
only, or the unbalance . 

With reference to the external connections, it is best not to 
run the equalizer to the switchboard, as this unnecessarily increases 
the resistance and requires more copper and weight. Run it 
under the floor plates from generator to generator, and connect to 
switches mounted on the generator frames. Each generator 
should have a switch and circuit breaker completely disconnecting 
at least one pole of the generator. Usually the switches are double 
pole; disconnect both poles even if only a single-pole circuit breaker 
is used. The breaker should be connected to the armature ter- 
minal that has no equalizer lead. 

There should be an ammeter in each generator circuit and a 
voltmeter that can be connected to a plug switch, across any 
generator, before that generator is connected to the line. The 
same voltmeter can be used to measure line voltage if another plug 
switch is provided. 

A field rheostat is always inserted in the shunt-field circuit for 
voltage control. The maximum field current of the shunt field 
is rarely more than 3 per cent of the output current of the gener¬ 
ator, and the field rheostat should therefore have this capacity. 

The efficiency of the generator proper in the small sizes cor¬ 
responds to those of motors of the same size (see Fig. 153). How¬ 
ever, a 1000-kw. d-c generator should have an efficiency of 93 to 
95 per cent. Fractional load efficiencies can be estimated very 
closely from the curve, Fig. 153. 

83, Alternating Current—General. —As has been mentioned 
before, the purpose of the commutator on a d-c motor is so to 
distribute the current into the armature winding that current 
always flows in one direction under poles of one polarity and in 
the opposite direction under poles of the other polarity. In the 
same manner, the commutator on a d-c generator performs the 
reverse function. It gathers the current, which is alternating 
first under one pole and then under the other, and rectifies it so 
that it is a continuous current flowing in one direction or a direct 
current. Consider, for the sake of simplicity, a two-pole d-c 
generator. Assume the commutator to be removed and that at 
two points, diametrically opposite on the armature, taps are made 



Art. 83] 


MARINE ELECTRICAL ENGINEERING 


261 

and led to slip rings. Assume the field to be supplied with direct 
current from some source as before and that the machine is rotated 
as before. Current can be taken from the slip rings, but instead 
of flowing continuously it will flow first in one direction and then 
in the other at a frequency dependent upon the speed of rotation. 
In other words it would be “alternating current.” 




For ordinary shapes of poles and ordinary windings this current 
would be caused to flow by a voltage that follows a sine wave as 
shown in Fig. 157. 

In this case, since there is only one wave of voltage, there would 
be only one phase , or set of time sequences. This is known as 
single phase. 

If, however, three armature windings should be installed and 
they should be distributed equidistantly apart and supplied with 
three sets of slip rings, three waves of voltage with three sets of 






MARINE ENGINEERING 


262 


[Chap. XI 


time sequences would exist, as shown in Fig. 158. This is known 
as three phase. 

Still considering the two-pole machine and taking the whole 

circumference as 360 deg., these 
three windings could be consid¬ 
ered as disposed according to Fig. 
159. 

Each of the phases a, b, and c 
can be considered separately as 
single phases. Also, since they 
operate at the angles shown, they 
can be safely connected together 
b 2 in either of the ways shown in 

Fig. 159.—Three-phase voltage windings Fig. 160. 

(not connected). Taking the value of any of the 

single-phase voltages aia 2 , b x b 2 , or CiC 2 to be the “leg voltage,” in 
the case of the star connection , the line voltage , which is that voltage 
between c 2 and a 2 or c 2 and b 2 or a 2 and b 2 , is equal to 



-Z^lixie = 2Z£aeg cos 30° 



b 2 


Fig. 160.—Three-phase windings (connected). 

Since the power of the system is the sum total of the power in 
the three legs and since leg current is line current, 


Power 3 * 


— 3Jheg£deg 
3-Z\iue-^leg 


= ~~ X 3 = 1.732?, 
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In the case of the delta connection, the phase voltage is the same 
as the leg voltage. But the line current is fed by two legs 60 deg. 
apart. Therefore, 

/|cg = 2 cos 3(F = °- 5777line 
Power = 3/ieg-Eieg 

= 3 X 0.577/line-Eline 

= 1.73E\i nc Iy, ne 

So, regardless of whether or not a star or delta connection is 
used, the power being transmitted is always equal to 

Power 3 <j = 1.73£linefune (170) 

This is true as long as the current in any leg of the generator 
is “in phase” with the voltage in that leg. 

In some circuits, there is much magnetic material, and the con¬ 
ductors are spaced apart. Small magnetic-flux fields are built up, 
which cause the current to lag behind the voltage or get somewhat 
“out of phase” with the voltage. Since only that component of 
current which is in phase with the voltage results in power, the 
ratio of the “in-phase” component to the to.tal is known as power 
factor (P.F.). Therefore, to obtain the true power, it is necessary 
that the product of the current and voltage be multiplied by the 
P.F. to obtain true power, or 

Powers,#, = 1.73Fii ne 7im e X P.F. (171) 

This power can be carried on three wires. The necessity of a 
fourth wire at the neutral point is obviated because all the currents 
add up to zero at that point. 

84. Transformers. —Any single-phase alternating current can 
be efficiently changed to any other voltage at the same frequency 
by means of a transformer. This device is nothing more than an 
iron core upon which there are wound two sets of windings. If an 
alternating current is impressed on one winding, an alternating 
flux will alternate back and forth in the iron core, the magnitude 
depending upon the number of turns and the voltage. The volt¬ 
age per turn will be approximately fixed. This being the case, the 
other winding will have a voltage set up in it depending upon 
the number of turns. The greater the number of turns, of course, 
the greater the voltage. The amount of power taken from the sec¬ 
ondary side must equal the amount put in at the primary side less 
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the losses. The transformer is a very simple device with no 
moving parts. It is used mostly on board ship for obtaining single¬ 
phase lighting voltage from one phase of the three-phase power 
circuit. 

It is obviously possible to change polyphase voltage by means 
of several transformers properly connected. Sometimes this is 
done by means of a single especially constructed polyphase trans¬ 
former, but such voltage changes are rarely made in marine work. 

85. Alternating-current Motors. Polyphase Induction Motor. 
By far the most important a-c motor is the polyphase induction 
motor; and since, in marine work, three phase is the only phasing 
justifiable, from now on three phase will be assumed. However, 
as regards the theory of operation of the motor and its general 
performance characteristics, these are unchanged regardless of 
the number of phases so long as they are more than one. 

To obtain an appreciation of how the motor operates, imagine a 
field or stator assembly similar to that of a d-c motor, or generator. 
Imagine further that this assembly is so mounted in bearings that 
it is possible to rotate it about the same axis as an armature would 
rotate were one contained in it. However, instead of there being a 
conventional d-c armature with commutator, imagine an armature 
without a commutator but with the windings connected in three 
phases as outlined under Alternating Current—General and this 
winding terminating in three slip rings. Assume now that the 
armature is held fast and that the outside field is revolving at 
a certain speed. In this event a voltage will be produced in the 
armature winding and three-phase power could be taken off at 
the slip rings as in the case of the a-c generator discussed under 
Alternating Current—General. Torque would be produced in 
the standstill armature in proportion to the current taken off as 
power, owing to the current-carrying conductors finding themselves 
in a field of flux. 

Suppose now that the slip rings are short-circuited and the 
armature allowed to rotate. As its speed becomes greater and 
greater, it approaches that of the revolving field and the voltage 
generated in the winding becomes less and less owing to the fact 
that there is less relative speed between the revolving field and the 
armature. Finally, such a speed will be reached as to generate 
just sufficient voltage in the armature to produce enough current 
to cause enough torque to obtain such a speed. 
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Suppose instead of producing this revolving field in the manner 
just described that it is produced by means of a three-phase wind¬ 
ing on the stator. In other words, imagine a winding similar to 
that on the armature to be on the stator in similar slots. The 
stator slots and winding would be like the rotor winding “turned 
wrong side out.” If a three-phase voltage were applied to such a 
winding, it can readily be seen that a revolving field running at a 
speed proportional to the frequency would be produced. Also, 



Fig. 161.—Induction motor performance with varying rotor resistance. 

for any current flowing in the rotor a corresponding current would 
necessarily flow in the stator to offset it in a manner similar to that 
of transformer action. 

The device now under consideration is a stator containing a 
three-phase winding with three-phase voltage impressed on it, 
causing a revolving magnetic field running at a speed proportional 
to the frequency. In this stator is a rotor also containing a three- 
phase winding connected to slip rings, but with the slip rings short- 
circuited or containing zero resistance from ring to ring. Just 
sufficient difference in speed between the revolving field and the 
rotor exists to produce sufficient voltage to cause current enough 
to produce torque enough to overcome the friction of rotor bearings, 
windage, etc. 

Now suppose a torque load is put on the rotor shaft to tend to 
cause it to run at lower speed. The revolving field is at constant 
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speed because the frequency is constant; therefore, the rotor 
slows down sufficiently to cause enough additional voltage to be 
generated in the rotor windings to cause enough additional current 
to flow in these windings to produce the additional torque neces¬ 
sary. In other words, as the load comes on, the rotor will decrease 
in speed sufficiently to gain the required torque. Therefore the 
speed-torque performance of such a motor would be in general 
as shown on curve a , Fig. 161. 

Obviously, with low rotor resistance such as should be the 
case with a copper winding, there would be very little drop in 
speed from no load to full load because only enough voltage is 
required to overcome the impedance to the flow of current in the 
rotor. Therefore, if the rotor resistance is low, the induction 
motor is practically a constant-speed motor up to the point where 
it is greatly overloaded. 

Reference again to Fig. 161 will disclose that at the greatest 
load the speed falls off rapidly and that the torque reaches a 
maximum and then actually decreases with a further drop in 
speed. This maximum-torque point of the motor is known as the 
pull-out torque . The reason for this peculiar performance is as 
follows: 

As has been demonstrated, torque is produced by magnetic 
flux and current and is the product of these two. In the induction 
motor the flux is the revolving field. This flux, or revolving field, 
is set up by an “exciting” current in the stator winding, which 
bears a more or less certain phase relationship to the supply 
voltage. When the load current starts to flow in the rotor, it 
builds up a flux field somewhat out of phase with but revolving 
at the same speed as the revolving field of the stator, or the “torque 
flux.” This secondary flux field is what causes a corresponding 
load current to flow from the line into the stator—by transformer 
action. However, there is much so-called “leakage flux” built 
up in both the stator and the rotor by the load currents flowing 
in them. This leakage flux cuts the winding that produces it 
but does not cut the other corresponding winding. That is why 
it is called “leakage.” Finally, as the load gets greater and 
greater, this leakage flux starts to react on the torque flux, pushing 
it aside and making the torque flux less and less effective until 
the pull-out point is reached and the torque actually decreases in 
spite of an increase in rotor current. 
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As has been demonstrated, the current in the rotor is due to 
voltage generated by the difference in speed between the speed of 
the revolving field, or synchronous speed, and the speed of the rotor. 
This difference is called “slip” and is expressed as a percentage 
of the synchronous speed. If the impedance to current flow in 
the rotor is increased by increasing the resistance of this circuit, 
then more slip is required to cause the same rotor current to flow. 
In short, by increasing the rotor resistance either by making the 
winding of higher resistance material or by inserting resistance 
externally by means of the slip rings, the motor can be made to 
have a steeper speed-torque curve (see curve 6, Fig. 161). Obvi¬ 
ously, the pull-out torque will occur at the same point as before 
because, since it is due to magnetic considerations, resistance has 
nothing to do with it. 

This characteristic makes possible a convenient speed control 
because by varying the resistance external to the slip rings any 
desired rotor speed can be obtained. However, such speed 
control is inefficient because of the power lost in the resistance. 
It can readily be seen that, for a given torque (and given rotor 
current), the power drawn from the line is the same regardless 
of speed and, as the speed is reduced, the difference in output goes 
into wastefully heating up the resistance. Such a control is 
justifiable on board ship in the machine shop where fine speed 
control is desired on a lathe or drill press and the total time in 
operation is small. While inefficient, it is a simple and reliable 
method, "but it should never be used in conjunction with any of 
the propulsion machinery. Figure 163 shows a slip-ring induction 
motor with wound rotor. 

Since secondary-resistance-speed control is inadvisable, it is not 
necessary to have slip rings; consequently, most induction motors 
have what are known as “squirrel-cage” rotors. That is, the 
winding consists merely of a series of low-resistance bars each 
connected at each end to a ring of conducting material. This 
results in as many phases as there are bars per pole or as there 
are bars per pair of poles if there is an odd number of bars per 
pair of poles. The most efficient motors have the rotor conducting 
material of the least resistance and also their speed-torque curves 
are flattest. Sometimes it is desirable to have a steep speed- 
torque curve even to the extent of having the pull-out torque occur 
at zero speed (see curve c, Fig. 161). In that event, the rotor 
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resistance would be made quite high, the bars or rings or both 
being 'made of some alloy. Figure 164 shows a squirrel-cage 
motor. 

Mention has been made of leakage flux due to currents setting 
up small extraneous fields. This leakage flux rises and falls as 
does the current which produces it and cuts the conductor to 



Per cent of rated capacity 


0 10 20 30 40 50 60 

Rated horsepower 

Fig. 162.—60-cycle induction motors (conventional squirrel-cage design). Efficiencies 
and power factors at various loads. 

which it is due. Since flux is in phase at all times with the current 
that produces it, then the flux follows a sine wave, as does its 
producing current. But since voltage is proportional to the rate 
of cutting of flux, then 

^ = voltage (172) 

Therefore, if <f> follows a sine wave, the first derivative will be a 
cosine wave. Therefore, this leakage flux causes a back, or 
retarding, voltage opposing the flow of current and at right angles, 
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or 90 deg., to this current but causing no heat loss or power loss. 
This right-angle voltage does push the current out of phase with 
the impressed voltage, making either a greater impressed voltage 
or a greater current flow necessary to produce the same watts. 
Power is due only to the current that is in phase with the voltage. 
The ratio of the in-phase voltage to the actual voltage, or the ratio 
of the in-phase current to the actual current, or the ratio of the 
actual power (watts) to the apparent power (volts times amperes, 
or volt-amperes) is called the power factor. It is, of course, the 



Fig. 163.—Westinghouse wound-rotor induction motor. 


cosine of the angle of phase difference between current and voltage 
and has the same value for all the definitions just mentioned. 

Since induction motors have leakage flux, they operate at a 
P.F. less than unity. The greater the load, the less the P.F. 
Also, since the revolving field flux is produced by an exciting cur¬ 
rent at approximately 90 deg. phase relationship to the impressed 
voltage, this also causes a diminution of P.F. The more poles an 
induction motor has, the more times must the flux pass across the 
air gap and the greater must be the exciting current. Slow-speed 
motors have many poles, and therefore the P.F. of slow-speed 
induction motors is lower than that of correspondingly powered 
high-speed motors. 

The curve, Fig. 162, shows the performance to be expected of 
induction motors of the squirrel-cage type such as should be used to 
drive the auxiliary machinery, pumps, etc., on board ship. 
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To mention briefly the single-phase induction motor, when 
single phase is applied to the stator of an induction motor, the 
field, of course, does not revolve but merely rises and falls; there¬ 
fore, a rising and falling current is produced in the rotor. There 
is no torque produced because there is as much tendency for the 
rotor to move in one direction as in the other. However, if the 
rotor is started in either direction, a rotor flux will be set up, 



Fig. 164.—Westinghouse splashproof squirrel-cage induction motor. 


which opposes the stator flux in such a manner as to produce the 
effect of a revolving field, and the rotor will rotate. Some small 
single-phase induction motors are made, such as fan motors, 
containing a small auxiliary winding that is effective at zero and 
low speeds in getting the motor started, the effect diminishing as 
the motor speed increases. 

A very important single-phase application of the induction 
motor is the so-called "capacitor motor.” This is really a two- 
phase induction motor with a capacitor in series with one phase. 
Both phases are connected to the single-phase line, and the 
capacitor dephases its phase to the extent of obtaining the effect 
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of two phase. The operation and theory of the motor are as have 
been described under induction motors (see Figs. 165 and 166). 

As an example of the use of the induction-motor performance 
curve, Fig. 162, suppose it is desired to determine the size of copper 



Fig. 165. —Westinghouse capacitor motor for use on single phase. (Note capacitor at left.> 


to install in the line for a three-phase 440-volt 60-cycle 1150-r.p.m. 
50-hp. induction motor. Also, it is desirable to determine the 
kilowatts and current drawn when the load on the motor is 40 hp. 


Single phase ^ 
line _|j_ 


Open at start^ 
Closed at run"' 


Closed at sfart 
Open at run--' 


wmmm 



Motor 


-Auto- 

transformer 


Capacitor 



Fig. 166. —Capacitor motor connections. 


As regards the high-speed and low-speed P.F. curves shown in 
Fig. 162, the demarcation line may be taken as 1800-r.p.m. 
synchronous speed. Anything over this may be taken as high 
speed, anything under as low speed. Therefore, this is a low-speed 
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Fig. 1GS.—Westinghouse stator core for induction motor. 

motor; the rated efficiency should be 89 per cent, and the rated 
P.F. 78 per cent. 


1.73 El = 
I = 
I = 


H. P. X 746 
P.F. X eff. 

H.P. X 746 

I. 73F X P.F. X eff. 

50 X 746 

1.73 X 440 X 0.78 X 0.89 


70.5 amp. 


Therefore, each of the three wires leading to the motor should be 
capable of carrying 70.5 amp. continuously, according to the 
A.I.E.E. fttds. No. 45. 
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At 40 hp., which is 4 %o = 80 per cent load, the operat¬ 
ing efficiency should be 99 per cent of the rated efficiency, or 



Fig. 169.—Westinghouse mush-wound coils for induction-motor stators. 


0.99 X 0.89 = 88 per cent. The wattless current at full load is 
Vl.00 2 — 0.78 2 = 62.5 per cent of the load current, or 
0.625 X 70.5 = 44 amp. 

The in-phase current would be 
T 40 X 746 

1 1.73 X 440 X 88 ~ 44,5 amp ‘ 

The actual line current would then be 


Vl4.5 2 -+- 44 2 = 62.5 amp. 
drawn from the line. 


Kw. = 


Kva. = 


1.73 X 44.5 X 440 
1000 

1.73 X 62.5 X 440 

1000 


= 33.9 
= 47.6 


„ „ 33.9 _ 

P.F. = jy-g = 71 per cent 


kw. 


kva. 


Figures 167 to 175 show various induction-motor parts. 




274 


MARINE ENGINEERING 


[Chap. XI 


86. Alternating-current Generators. —The original form of the 
a-c generator, or “alternator” as it is generally called, was like 
that of a d-c generator in that the stator had poles as in the case 
of a d-c generator, the armature revolved, and power was taken 
off at slip rings instead of a commutator. This construction has 
now been almost completely displaced by that incorporating a 



Fig. 170.—Westinghouse induction-motor stator wound with mush coils. 


revolving field of salient poles and a stator similar to that of an 
induction motor. The latter construction requires the carrying 
of the direct current for excitation through slip rings to the revolv¬ 
ing field, but this is a small problem because the voltage is rarely 
above 250 volts in the sizes used in marine work. On the other 
hand, the eliminating of the slip rings from the a-c element permits 
the generation of current at any voltage that the insulation will 
withstand. 

In general, three-phase alternators are star-connected although 
they can be connected in delta. 
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For a given setting of the field rheostat and a constant speed of 
prime mover, the shape of the voltage curve at unity power factor 
for increasing load is very much like that of a d-c generator and for 



Fid. 171.—Westinghouse die-cast rotor for squirrel-cage induction motor. 


the same reasons (see Fig. 176). If, however, the load has a 
lagging P.F., as will usually be the case on board ship, with a 
predominating induction-motor load, the voltage curve will droop 



Fig. 172.—Westinghouse squirrel-cage rotor punching. 


still more (see Fig. 176). The reason for this is that the leakage 
flux in the a-c generator causes, in proportion, a greater impedance 
to current flow than does , the ohmic resistance of the copper wind- 
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ing. Consequently, in the case of lagging current, this “reactive 
drop” due to the leakage flux is more in line with the generated 
voltage and detracts more directly from it. 

Obviously, it is impossible to place a compound winding on an 
Vc generator to compensate for voltage drop due to increase in 



Fig. 175.—Westinghouse induction-motor stator frame ready for winding. 


load because alternating current would be useless and would do 
more harm than good. The only solution to this problem so far 
evolved is an automatic regulator, which increases or decreases 
the amount of d-c excitation to the revolving field when the voltage 
falls or rises below the desired value. This regulator involves a 
system of relays and vibrating contacts and, in spite of its compli¬ 
cation, is very reliable. 

The operation of alternators in parallel is practical and is 
much like that of d-c shunt generators in parallel. They are very 
stable. Before an alternator that has just been started can be 
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thrown on the line, care must be taken that it is running at the 
same speed as the line. That is, the frequency must be the same, 
the voltage must be the same, and the corresponding circuits or 



Fig. 176.—Voltage regulation curves of a-e generators. 

terminals of the alternator and the line must be in phase. This is 
called “synchronization.” 

After the alternator is apparently up to speed, the voltage can be 
determined by means of a voltmeter. The other two requirements 



Fig. 177.—Connections for synchronizing alternators. 


can be determined by means of an electric lamp properly connected. 
As an example, in Fig. 177, assume that it is desired to synchronize 
a 440-volt star-connected alternator. By means of a voltmeter, 
it is ensured that the voltage a L c L of the line is equal to voltaee 
ciaCo of the generator. An 8-to-l transformer with a 110-volt lamp 
on the low-voltage side is connected across a L a G . Cl and c G are 
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connected. If the generator is running slightly faster than the 
line, the voltages a L c L and a 0 c 0 will first add together to make 
440 + 440 = 880 volts and the lamp will burn brightly; then, 
gradually, a G will swing around until it is of the same potential as 
a L , and the light will grow dim and go out. Then a G will swing 
on past, and the light will brighten. The generator therefore must 
have its speed decreased; then, when the speeds are approximately 
the same, as indicated by a very slow frequency of d im ming and 
brightening of the lamp, the switches connecting a L to a G , b L to b G , 
and c L to c G can be closed at the instant the lamp is dark, indicating 
that all these points are at the same potential. 

In the event a new generator that has never been synchronized 
on this line before is being brought in, another transformer-and- 
lamp combination should be used between b L and b G because the 
phase sequence of the new machine may be reversed and in that 
event both lamps would never be black simultaneously and it would 
be necessary to interchange two of the terminal leads on the 
generator. Both lamps must be dark simultaneously when the 
switch is closed. After the phase sequence is corrected, only one 
lamp is necessary. 

In the case of d-c generators, if it is desired to change the 
division of load, this can be done by changing either the excitation 
of the shunt field or the speed of the generator. However, in the 
case of a-c generators, changing the field excitation of a given 
generator changes the P.F. of that one machine only. To make it 
take more or less of the total load the torque delivered by the prime 
mover to that machine must be changed. This is done by manip¬ 
ulating the governor so that the machine tends to run faster to get 
more load and tends to run slower to get less load. Actually, of 
course, there is no change in speed, this being held by the frequency 
of the line. The governor is adjusted, and the torque, or power, fed 
to the machine is varied. 

Many alternators have direct-connected exciters, that is, small 
d-c generators mounted on the same shaft. Another method, 
fully as reliable and probably conducive to easier maintenance, is 
to install a small motor-generator set. This method will also 
probably save something in the way of weight because the small 
set can be designed for high speed. Two or more exciting sets 
should be installed, each capable of caring for the maximum excita¬ 
tion of an alternator. Since the driving end is alternating current, 
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there must always be some source of alternating current available. 
This can always be made possible through the use of an emergency 
Diesel generator the installation of which should be universal 
practice. If the Diesel generator is direct current, then this can 
be the source of emergency excitation directly to the alternator 
until one of the exciting motor-generator sets can be put into 
operation. 

Small exciters, such as would be used on board ship, should be 
shunt-wound. Exciter connections and equipment are, in general, 
the same as those of other d-c generators except that the circuit 
breakers are omitted. The voltage regulator previously mentioned 
is usually connected to the exciter field rheostat because less power 
is necessarily handled at that point. 



CHAPTER XII 


REFRIGERATION 

87. General. —Refrigeration is practically essential today at 
sea in order to preserve food and stores that are necessary to the 
health and well-being of the crew. Safety and reliability, the two 
characteristics essential to all marine operation, were at one time 
obtained by the use of air as the refrigerant. From the standpoint 
of safety, air is ideal. It is a stable substance, and human beings 
and animals actually breathe it. It is universally obtainable and 
costs nothing. However, from the standpoint of energy stand¬ 
point, air is not satisfactory. In the refrigeration process, air was 
compressed to perhaps 250 lb. gage, causing the air to be discharged 
from the compressor at a temperature of perhaps 200°F. It was 
then cooled, but never condensed, by means of a cooling coil and 
ordinary atmospheric air blowing over it, to approximately 100°F. 
This cooled air at several hundred pounds pressure was then put 
through a reciprocating engine, or “expander” as it was called. 
The work of the expander was used to help compress more air (as 
a matter of fact, the expander was on the same shaft as the com¬ 
pressor), and the cold air exhausting from the expander was used 
for refrigeration. This air was very cold, in some instances as 
low as or lower than 60°F. below zero. Cooling coils were used 
in the refrigeration compartment, and the air was used over and 
over again, rather than fresh air being picked up by the compressor 
at each cycle. Less moisture troubles resulted from the continued 
use of the same air. 

Since the air was never condensed and never evaporated from 
a liquid state, as will be explained later (page 287), the coefficient 
of performance, or refrigeration/work, was low. Consequently, a 
great amount of power was used for a given amount of refrigeration. 
Also, since the piston areas had to be large and the unit air pres¬ 
sures were high, enormous forces resulted, necessitating large bear¬ 
ings and high maintenance costs. Poor economy and high 
maintenance inherent in the system caused its abandonment. 

281 
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Water is a refrigerant as safe and as reliable as air. It has 
been and is still used considerably as a refrigerant at sea. It is 
limited by the freezing temperature of 32°F. It is impossible to 
go below 32°F. with water, and this is not low enough for much 
food-preservation work. Also, at the low pressures necessary, 
considerably below atmospheric, in order to approach even 32°F. 
the density of water vapor is so low that enormous volumes must 
be compressed at that density if a reasonable amount of refrigera¬ 
tion is to be obtained. This practically rules out the piston type of 
reciprocating compressor. Fan-type compressors have been used 
successfully; but the most successful of all has been the steam-jet 
type, which compresses the water vapor much in the same manner 
as air is removed from a condenser by means of a steam-jet air 
ejector. This will be discussed later (page 307). 

Another refrigerant that has seen some service at sea is carbon 
dioxide. Being a product of combustion, it is as safe as water 
from the standpoint of fire and even safer than air. It is extremely 
stable, and has no effect on the human body or on food. However, 
one can drown in it as well as in water, as its presence in sufficient 
quantity will shut off the supply of air. The pressures required 
are high, and its coefficient of performance is low. For these 
reasons, it has been abandoned as a refrigerant. 

Within the past 10 years a number of new refrigerants based 
on the structure of carbon tetrachloride have been developed. 
These are approximately' as safe as carbon tetrachloride in that 
they have little if any toxic effect on the human body. The most 
important of these refrigerants for low-temperature work is 
dichlorodifluoromethane, the trade name of which is Freon. 
This substance is the same as carbon tetrachloride except that 
two of the chlorine atoms have been replaced by fluorine. 

Cl F 

Cl—C—Cl Cl—C—Cl 

I I 

Cl F 

• Carbon Dichlorodifluoro- 

tetrachloride methane, 

or Freon 

Freon is almost odorless and even in contact with food causes 
no odor. It is very stable. It has no chemical effect on copper, 
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brass, steel, or any metals used in refrigerating apparatus unless 
there is moisture present, in which case it has a tarnishing effect. 
The pressure throughout the system is always positive; that is, 
there is no tendency for air to leak in. At atmospheric pressure 
the boiling point is — 22°F., and this low temperature is rarely if 
ever needed in marine refrigeration. On the other hand, 200 lb. 
gage is the highest pressure necessary in the system to reach a 
temperature sufficient for ordinary cooling mediums such as 
sea water or even air. Freon and lubricating oil are mutually 
soluble, and so no external oil traps are necessary, the Freon 
carrying any oil that leaves the compressor completely through 
the system and back to the compressor. Some simple device for 
separating oil from entering gas in the compressor is necessary. 
Freon is very stable and can be used for extinguishing a fire as 
well as carbon dioxide or carbon tetrachloride. In fact, carbon 
tetrachloride is marketed as a commercial fire extinguisher under 
the name of Pyrene. All these characteristics render Freon a 
most practical marine refrigerant; as a consequence, it is probably 
the most popular refrigerant afloat today. 

The popular land refrigerants such as ammonia, sulphur 
dioxide, methyl chloride, etc., are all out of the question for marine 
use on account of their toxicity. 

88. Thermodynamic Principles of Refrigeration.—This subject 
is a broad one and will be discussed here only as far as evaporative 
cooling is concerned. 

If a substance in liquid form, such as water, is contained in a 
vessel and this substance evaporates or boils away, then an amount 
of heat equivalent to the total latent heat of vaporization of the 
substance plus that amount of heat, if any, necessary to bring the 
substance up to the evaporating or boiling temperature must be 
supplied to the substance from an outside source. If the vessel 
is situated in a space that is warmer than the vessel, then heat will 
flow from the space into the vessel. 

If the vaporized substance is removed as fast as vaporization 
occurs and liquid substance is fed in to replace it, then heat is 
carried from the space in the vaporized substance continuously. 
This is what occurs when a space is refrigerated by means of an 
evaporating liquid. The liquid is the refrigerant. The container, 
or vessel, is the evaporator, or cooling coil. The evaporated 
refrigerant is removed from the evaporator by means of the 
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exhausting, or sucking, action of the compressor (see Fig. 178). 
The compressor then discharges the refrigerant at a much higher 
pressure and as a superheated vapor. This pressure is such that 
the boiling temperature (the same as the condensing temperature) 

Condenser 



Fig. 178.—Piping diagram for simple refrigeration system (see Fig. 179). 



Entropy=S 


Fig. 179.—Temperature-entropy diagram for simple refrigeration system (see Fig. 178). 

is raised to a point higher than that of the cooling medium, in 
this case, sea water. The vapor at high pressure then is led to a 
condenser, which is cooled by sea water. This causes the refriger¬ 
ant to be condensed and probably subcooled to some degree. The 
latent heat of vaporization has now been carried away by sea 
water, and also the sea water has carried away the heat necessary 
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to desuperheat the vapor to the condensing point and the heat 
necessary to subcool the liquid. All the heat carried away by the 
sea water constitutes the refrigeration, that is, the heat removed 
from the cold space, plus the work done by the compressor. 

The subcooled liquid is now led through a needle valve or 
orifice so as to reduce its pressure to that of the evaporator and 
into the evaporator, where the cycle begins anew. Thus, it is 
seen that the refrigeration is a continuous process. A better 
understanding of the process can be obtained by a study of Figs. 
178 and 179, a temperature-entropy diagram and schematic. 

The subcooled liquid from the condenser is shown as condition e 
on the saturated-liquid line. It passes through the expansion 
valve, or pressure-reducing device, and leaves there under condi¬ 
tion /. It must be realized that the total heat, or enthalpy, of the 
liquid at/is the same as at e. But since liquid under the pressure 
conditions of / is colder, then part of this total liquid, which existed 
at e , had to be evaporated in order to cool the refrigerant itself. 
Therefore, when the substance enters the evaporator, gf/gj per¬ 
centage is a gas and the rest, fj/gj percentage, is a liquid. This 
remaining liquid is evaporated at constant temperature, taking 
heat from the vegetables or meat or whatever is being cooled or 
perhaps caring for heat leakage alone after the temperature of 
the food has been brought down. Then the vapor is superheated 
a little (from j to a ) and enters the compressor under condition a. 
It is always best to have a little superheat in the gas entering the 
compressor. If there is any liquid at all, the head of the com¬ 
pressor may be broken or the valves ruined. 

The gas is now compressed in the compressor and may follow 
the path ab" if there is little or no provision for jacket or cylinder 
cooling. It will be noted that this is the process of the steam 
through a turbine, but in reverse. In both cases, the losses cause 
an increase in entropy. 

However, if the cylinder is cooled by means of a water jacket, 
the path may be ab\ The decrease in entropy is due to heat 
removal during the process. In the event the path is ab' 7 the 
work done by the compressor will be less. 

In any event, the gas will enter the condenser under condition 6' 
or 6", and the superheat will be removed, bringing the temperature 
down to c. Then condensation will take place at constant tem¬ 
perature along the line cd. After the substance is condensed, the 
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liquid will be further cooled from d to e, where it again enters the 
expansion valve. 

It is obvious that, the greater the difference in temperature at 
the points d and/, the greater will be the amount of work necessary 
on each pound of gas. Therefore, for greatest economy it is best 
to keep the temperature at the point d as low as possible, that is, 
to use as large a condenser as is practicable and also the coldest 
cooling medium practicable. This being accomplished, a lower 
head pressure on the condenser will result. Also, in the same 
manner, it is most economical not to have the temperature in the 
evaporator, at the point /, any lower than necessary, as this lowers 
the suction pressure and increases the needed work. 

Furthermore, the lower the suction pressure, the lower the 
density of the gas at suction and the greater the displacement of 
the compressor needed. This means increased weight and cost. 

Also, it is obvious that, the greater the amount of the heat that 
can be carried away in the condenser by straight condensation 
rather than by such means as superheat reduction or subcooling, 
the greater will be the economy. When carbon dioxide is used as 
a refrigerant, it is necessary to approach the critical temperature 
of the gas in order to obtain a temperature high enough for an 
ordinary medium to cool it. The critical temperature, of course, 
is that temperature above which a substance cannot be liquefied, 
regardless of the pressure. Therefore, in that region, very little 
of the heat can be removed as latent heat of vaporization. This, 
as mentioned, results in poor economy and is one of the reasons 
for the abandonment of carbon dioxide as a refrigerant. Freon, 
on the other hand, is very satisfactory in this respect. 

In Fig. 179, the amount of refrigeration in B.t.u. per pound of 
refrigerant is h a — hf or h a — h e where these are the enthalpies of 
the refrigerant in question as found from the tables of thermo¬ 
dynamic properties under conditions a and e. 

Refrigeration = h a — h e B.t.u. /lb. 

The work of compression is the gain in enthalpy of the gas 
passing through plus the heat carried away by the jacket or 
cylinder-cooling. The enthalpy gain by the gas is hv — h a or 
K" — h a . Since AS = entropy change = A Q/T, or the change in 
heat divided by the absolute temperature during that change, then 
the heat change 


A Q = AST 


(173) 
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Assuming, for the sake of simplicity, that the path ah’ in 
Fig. 179 is a straight line, then the average absolute temperature 
during compression is (Ty + T a )/ 2. And since the change in 
entropy AS = ( S a — Sy), then the heat removed by jacket or 
cylinder-cooling device must be 


Heat removed by jacket 


-m 


(S a - S b .) (174) 


Therefore, the work of compression is 

Work = (hy - ha) + ) (Sa - Sy) (175) 


Therefore, the coefficient of performance is 

o _ _ (^q he) _ 

(h’ - h a ) + ( Tb ' I; (S a ~ Sy) 


(176) 


In the event of the gas at the end of compression being under 
condition b", this means that the losses of compression have been 
transmitted to the gas just as in the case of reheat in a turbine. 
This loss is, of course, part of the work of compression and the 
work would then be 

Work = h b " — h a 

The heat dissipated in the condenser per pound of refrigerant circu¬ 
lated is, if b' is the state of the gas leaving the compressor, 

Condenser heat = hy — h e 


or if the state of gas leaving the compressor is b", then, 

Condenser heat = hy — h e 

This heat is taken away by circulating water; and if the amount 
and temperature rise of the circulating water are known, the 
amount of refrigeration being developed can be determined as 
follows: 

W w = pounds per minute circulating water. 
ti = temperature of water entering. 
t 0 = temperature of water leaving. 
c w = specific heat of water (c w = 0.94 for sea water). 
hb = enthalpy of refrigerant entering condenser. 
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h e = enthalpy of refrigerant leaving condenser and entering 
evaporator. 

h a = enthalpy of refrigerant leaving evaporator. 

Wf = pounds per minute refrigerant circulating. 

Heat transferred in condenser is 

W w c w (t 0 — U) = Wf(h b — h e ) B.t.u./min. 

Refrigeration = Wf{h a — h e ) B.t.u./min. 

TTT wCw(to ^i) 

Wf = ~h b ~-hjr 

Refrigeration = ^’ wCv, ^° -— B.t.u./min. (177) 

All the items on the right-hand side of the equation can be 
determined by means of pressure gages and thermometers except 
W w , which can be easily determined in a number of ways. 

Refrigeration is generally expressed in tons. A ton of refriger¬ 
ation is the rate of cooling that would be accomplished by a ton 
of ice melting in 24 hr. This is 200 B.t.u. per min. This is the 
latent heat of fusion of the ice. 

In years past, a secondary cooling medium such as brine was 
used, but this is usually unnecessary with Freon. The Freon 
should expand or evaporate directly in cooling coils situated in the 
space to be refrigerated. 

89. Condensers.—The better refrigeration condensers are of 
the shell-and-tube type similar to a steam condenser. In such 
condensers the condensed refrigerant is more easily got out of 
the way of gaseous refrigerant entering. Double-pipe or pipe- 
within-a-pipe condensers are not conducive to economical use of 
material and should be avoided. With Freon as the refrigerant, 
the same materials for tubes as are used in steam condensers are 
satisfactory; however, there should be no loose expansion joints, 
as Freon is a very good solvent and has a great tendency to leak. 
The ends of the tubes should be solidly expanded and silver- 
soldered. Since the condensers are small, there is little trouble 
due to unequal expansion. Copper is a good material to use at 
every point where corrosion due to sea water will not rule it 
out. All joints between tube sheets and shells should be brazed. 
U = 150 to 300 (B.t.u./hr./sq. ft./°F.). 

The water-pressure drop through these condensers should not 
be more than 15 p.s.i. The pump should be capable of 25 p.s.i. 
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90. Liquid Receiver. —The advisability of this device is ques¬ 
tionable. If separate from the condenser, it merely forms a 
pocket, or reservoir, of inactive refrigerant. It adds to the cost 
and weight of the installation and serves no useful purpose. If 
there is sufficient refrigerant in the bottom of the condenser to 
ensure a solid liquid line from it, operation should be satisfactory. 

91. Expansion Valves. —The object of the expansion valve is 
to feed the proper amount of refrigerant to the evaporator. The 
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Fig. 180.—Arrangements for flooded evaporators. 


proper amount to be fed to an evaporator under any circumstances 
is all that it can evaporate. If too much is fed, the evaporator 
will not evaporate it all and the excess liquid will pass over to the 
compressor, with disastrous results. If too little is fed, the evapo¬ 
rator will first evaporate it and then proceed to superheat/ it to 
such a degree that extra work must be done by the compressor 
in order to obtain the given amount of refrigeration. From the 
standpoint of work economy the ideal situation is for the refrigerant 
to be in such a wet condition that the gas will be dry and saturated 
at the end of the compression. Obviously, this is a very tricky 
thing to attempt because if any liquid is present at the end of the 
stroke the head will be broken off. Good practice today is for 
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the refrigerant to enter the compressor with a slight degree of 
superheat—not more than 10°F. 

Superheat can be assured by means of a flooded evaporator , that 
is, one that is filled with refrigerant to the top, the evaporating 
vapor passing from off the top to the compressor. The level of 
the refrigerant is held to a predetermined point by means of a 
valve. This float valve acts as an expansion valve in that it feeds 
to the evaporator all that it can handle—no more, no less. The 
refrigerant comes off the top as saturated vapor and will pick up 



Fig. 181 A .—Automatic expansion valve for control of superheat, theory of operation. 

a few degrees of superheat on the way to the compressor (see 
Fig. 180). 

However, for other reasons, flooded evaporators are undesirable. 
Should the ship roll to any extent, refrigerant might be spilled out 
into the return line and might enter the compressor as liquid. 
Also, since Freon and oil are mutually soluble, any oil leaving the 
compressor with the refrigerant will eventually find its way to the 
evaporator. The light refrigerant will boil off leaving the oil 
behind. Gradually, the oil supply in the compressor is depleted, 
and the oil in the evaporator is doing more harm than good. 
Flooded evaporators should be avoided. 

In the so-called dry evaporator the liquid refrigerant enters at 
the top and flows by gravity to the bottom. A proper amount is 
fed so that the last vestige of liquid is evaporated at the bottom 



Art. 91 ] REFRIGERATION 291 

of the path. Any oil that may have been present flows along by 
gravity and is swept along by the velocity of the refrigerant until 
it eventually returns to the compressor. It is not pocketed or 
detained anywhere. Obviously, the problem is to feed just the 
amount of refrigerant at all times so that the leaving gas contains 
only a few degrees of superheat. This is accomplished automati- 


4|- 



Fig. 181 B .—Alco automatic expansion valve. ( Courtesy of Alco Valve Co.) 

cally and most satisfactorily by an expansion valve of the design 
shown in Figs. 181a, 1816, and 181c. It will be noted that the 
passage of refrigerant through the valve is accomplished by means 
of a conical valve pin on a seat. A spring tends to keep the valve 
closed, as does the actual pressure at the exit end of the evaporator. 
A thin metal diaphragm, to which the pin is fastened, has evapo¬ 
rator exit pressure on one side and the pressure from some liquid 
refrigerant in a bulb on the other side. This bulb contains the 
same refrigerant as is used in the system. It is fastened to the 
pipe leaving the evaporator; and because the bulb is at the same 
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temperature as this pipe, pressure will exist in it (and on the top 
side of the diaphragm) equal to the saturated pressure of the 
refrigerant at this temperature. This is the same temperature as 
that of the refrigerant leaving the evaporator. And if this 
refrigerant were dry saturated gas, the pressures on the bottom 
and top of the diaphragm would be equal. However, if there is 
any force due to the spring, the pressure on the bottom must be 
decreased by this amount and this can be accomplished only by 
the gas superheating sufficiently, so that its pressure at that same 



Fig. 181C.—Alco valve and connections. (Courtesy of Alco Valve Co.) 


temperature is correspondingly lower. Thus, the pressure of the 
spring controls the degree of superheat regardless of any other 
operating condition, and this spring deflection is so set as to obtain 
5 to 10°F. of superheat. 

The oil passing through the system keeps this valve well lubri¬ 
cated, and it needs no attention whatever. Regardless of the 
temperature in the refrigerated space and the suction pressure of 
the compressor or boiling pressure in the evaporator, this valve 
will continue to feed to the evaporator all it can evaporate—and 
no more. 

92. Evaporators. —Mention was made under Expansion Valves 
of flooded evaporators. To repeat, these are evaporators which 
are filled to the top with refrigerant and are kept to this level as 
the refrigerant boils away by means of the float valve or some 
similar device. In any case, after gas has been formed by evapo¬ 
ration of the liquid, the refrigerant has served its useful purpose 



Art. 92] 


REFRIGERATION 


293 


in the evaporator and should be removed; otherwise, it blanks off 
useful heat-transfer surface. 

The worst offender in this respect was the old-style “double¬ 
pipe” heat exchanger. These have been passe for years. In 
attempting to avoid this fault in modem designs, a couple of 
headers with short runs between, the headers entering an accumu¬ 
lator , has been adopted. An accumulator is shown in Fig. 180, 
demonstrating the various hookups. The object of the accumu¬ 
lator is to keep gas from the evaporator and to return vapor only 
slightly superheated to the compressor. 



Fig. 182.—Sporlan automatic expansion valve. (Couitesy of Spoehrer-Lange Co.) 

Evaporators for cooling spaces containing air can be made 
much more effective by circulating the air through the evaporator 
by means of a small fan or blower. 

Where the evaporator is to cool a liquid such as brine, the best 
form is similar to that of a conventional steam condenser, the brine 
flowing through the tubes as does the cooling water in a condenser 
and the liquid refrigerant entering at the bottom of the shell, 
where the condensate of a steam condenser would normally leave. 
The evaporated refrigerant should leave at the top, where steam 
would enter a steam condenser. 

However, it is advised that flooded evaporators be avoided, for 
the reasons given under Expansion Valves, and dry evaporators 
used exclusively. 

As mentioned under Expansion Valves, dry evaporators consist 
simply of any arrangement of tubes or surface in which the 
refrigerant enters as liquid at the top and flows downward, evapo- 
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rating ns it goes, the last drops being evaporated just before the 
refrigerant leaves the evaporator, this being automatically con¬ 
trolled by the proper expansion valve. The surface may be either 
plain or finned and of a multiplicity of paths. Where there is a 
multiplicity of downward paths and only one expansion valve, 
there is likelihood of some trouble due to improper division of 
refrigerant between paths, with consequent ineffective use of the 
surface. One expansion valve per path is best. 

The problem of spent refrigerant, that is, gas, in the evaporator 
is present in this type, too. Methods have been proposed for 
“bleeding off” the gas as fast as it forms, but the added expense 
and complication of such schemes have prevented them from find¬ 
ing much favor so far. 

The following heat-transfer coefficients are to be expected in 
evaporators: 

U = B.t.u./hr./sq. ft./°F. over all 

Boiling refrigerant to air (flooded) U = 4 to 8 

Dry evaporation to air U = to 2 agitated 

Dry evaporation to air U = 2% to 3 unagitated 

Water cooler, shell and coil = 15 to 25 

On air coolers, 1 in. of frost will decrease U 25 per cent. 

93. Refrigeration Compressors. —Modern refrigeration com¬ 
pressors owe a great deal to the automobile engine. As regards 
crankshafts, pistons, bearings, crankcase and cylinder design, they 
are a counterpart of the automobile engine, and all advantage has 
been taken of the vast amount of development done on the latter. 
The lubrication methods are the same, some using the splash 
system and others the gear pump to achieve pressure lubrication 
(see Fig. 183). In general, the splash system is to be preferred 
because, while not so effective as the forced, it is sufficiently effec¬ 
tive, the first cost is less, and an unbelievable amount of power is 
necessary to drive the little gear pump. 

Some years ago, it was common practice to lead the refrigerant 
from the evaporator to the crankcase of the compressor. From 
there, it would enter the cylinder through a flapper valve on the 
head of the piston. This valve gave endless trouble due to con¬ 
stant breakage, and the better designs today use feather, or reed, 
valves (see fig. 184). The cold exhaust gas enters one side of the 
head (see Fig. 183) at suction pressure. As the piston goes down, 
this gas is sucked into the cylinder; then as the piston goes up, the 
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suction valve closes and the gas is forced out through the discharge 
valve into the other side of the head and thence to the condenser. 
The feathers or reeds are made of thin sheet steel 20/1,000 or 

Oil imp Screw arrangement 

Suction 


^ oil pump 

Fig. 183.—Refrigeration compressor construction. 

30/1,000 in. thick. They polish up and improve with use. How¬ 
ever, if any liquid, be it oil or refrigerant, passes through these 
valves, they will almost invariably be buckled and blown out. 




Fig. 184. —Feather valves. Valves are shown open. When closed, reed in section 

is straight and flat. 


A A 


Figure 183 shows an oil trap. This is a simple device con¬ 
sisting of a shell containing a cast-iron screw. When the incoming 
gas with the entrained oil strikes this screw, a whirling motion is 
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imparted to the gas. The oil is thrown out by centrifugal force 
and flows down to the crankcase. A vent pipe as shown is neces¬ 
sary; otherwise, the pressure in the crankcase may rise to such a 
value as to prevent the oil from flowing down. 

Since with this type of design cold gas enters one side of the 
head, water cooling of the head is not necessary. It was necessary 
in the case of the piston valve. 

One of the greatest problems has been the sealing of the shaft 
where it leaves the crankcase. The only successful device to date 
is the sylphon-bellows shaft seal shown in Fig. 185. It should be 


armg 
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Shaft 



drain Hardened steel ring 

/A (Turns with shaft) 

Fig. 185.—Shaft seal. 


noted that the device depends upon a film of oil for the seal. This 
film of oil is between the bronze nose and the hardened ring. The 
film is constantly maintained during operation by the oil that 
leaks through from the bearing. If the compressor remains idle 
for a great length of time, the Freon will dissolve the film and will 
then leak out. Loss of Freon during a long period of idleness is not 
an indication that the seal is defective. 

Cylinder cooling is usually accomplished by cast fins, water 
seldom being used in a jacket. The purpose of jacket cooling in the 
old days was to save the valves rather than to reduce the work. 
The feather-valve arrangement shown does not require it, and the 
piping of water to the head or cylinder jacket is a nuisance. 

As to lubricating oil, this is put in by the compressor manu¬ 
facturer, and it is never necessary to replace it. It is of approxi¬ 
mately the viscosity of a summer-grade automobile oil. 

These modern high-speed compressors should never be made 
with less than two cylinders, for reasons of balance. However, 
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they are well balanced and can be run as high as 1500 r.p.m. with 
no difficulty at all. 

94. Refrigerator Space and Controls. —The following spaces 
should be provided by the naval architect, and they should be held 
at the temperatures given. 


°F. 

Meat refrigerator. 22-26 

Vegetable space. 35-40 

Dairy-products space. 32-40 

Thawing-out space. 45-50 

Fish room. 20 

Ice room. 20 


In addition to these, there should be a scuttle butt or drinking- 
fountain water-cooling arrangement to keep the water at 40 to 
50°F., and also an ice-making tank, which will require refrigerant 
at approximately 5°F. 

It should be noted here that there is 
a wide variation of temperature from one 
part of the refrigeration load to another; 
yet on a small ship various compressors 
operating at different suction pressures 
would not be feasible. (There are 
compressors operating at two suction 
pressures, called “multiple-effect com¬ 
pressors/' but they are complicated and 
it is inadvisable to use them in this serv¬ 
ice.) Therefore, since one compressor 
must be used, it must operate at the 
lowest suction pressure necessary for any 
part of the load, namely, 5°F. for the ice 
maker. This means that all the tonnage 
must be pumped over the range from 5°F. 
to whatever condenser temperature 
exists. As demonstrated under Thermo¬ 
dynamic Principles of Refrigeration this is uneconomical but is 
hardly avoidable under the circumstances. 

To prevent the various spaces from becoming too cold, it will 
be necessary to install thermostats in each one, together with 
solenoid shutoff valves. 

For instance, consider the vegetable space. This compartment 
must not become colder than 35°F., or the vegetables will freeze 



Fig. 186.—Solenoid valve. 
(Courtesy of Spoehrer Lange 
Co.) 
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and spoil. Also, if the temperature exceeds 50°F., the vegetables 
will spoil. Therefore, a thermostat should be installed that will 
close an electric circuit when the temperature reaches approxi¬ 
mately 40°F. This will apply power to a solenoid valve, that is, a 
valve that is normally held closed by a spring or its own weight 



Fig. 187.—Solenoid valve. (Courtesy of Penn Electric Switch Co.) 


but when current passes through an electromagnet this pulls up 
an iron core, against the pressure of the spring or weight, and opens 
the valve (see Figs. 186 and 187). This will permit refrigerant to 
flow to an expansion valve just beyond the solenoid valve, and 
this expansion valve will feed all the refrigerant that the evaporator 
can take. The temperature in the space will drop to 35°F., at 
which point the thermostat will trip and open the electric circuit 
to the solenoid, causing refrigerant to cease to flow. 

This same system should be applied to all the spaces and points 
to be refrigerated. Refrigerant will be fed to these points inter¬ 
mittently, and there may come a time when all the solenoid valves 
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are closed and no refrigerant is leaving the condenser and, of 
course, none returning to the compressor. In this event, the com¬ 
pressor should be shut down because lubricating oil upon the 
cylinder walls is being carried out by the refrigerant to the con¬ 
denser, where it is trapped. None is returning through the suc¬ 
tion line, and soon the supply in the crankcase will be depleted. 
Also, it is a waste of power. 

Danger from this source can be avoided by an automatic 
control, a sylphon-bellows device receiving suction pressure, so 



Fig. 188.—Pressure control valve for opening motor control circuit in event of either high 
or low pressure. (Courtesy of Penn Electric Switch Co.) 

arranged that, when the pressure falls below a certain set value, it 
will cause the electric circuit feeding power to the compressor 
motor to be opened (see Fig. 188). Naturally, when no refriger¬ 
ant is passing through, the compressor tends to exhaust the empty 
evaporators and the suction pressure may even fall below 
atmospheric. 

Also, if water to the condenser fails the head pressure or dis¬ 
charge pressure or condenser pressure will rise and unless the 
compressor is shut down may result in disaster. This can be accom¬ 
plished in the same manner as in the case of low suction pressure, 
that is, by mean's of a sylphon bellows, this time receiving dis¬ 
charge pressure and so arranged that, when the pressure rises above 
a certain set value, it will cause the power circuit to be opened. 

Generally, the low-pressure and high-pressure controls are 
combined in one unit and use one set of current contacts. The 
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bellows are opposed by springs, and the desired operating pressure 
is attained by adjusting the compression of the spring. The high- 
pressure part is usually arranged to lock out and stay out when the 
pressure is reached, requiring that someone must deliberately press 
a button to release the lock although the pressure has fallen. The 



Fig. 189. —Water control valve. (Courtesy of Fig. 190. —Water control valve. 

Penn Electric Switch Co.) (Courtesy of Penn Electric Switch Co.) 


reason for this is that it is well for the man on watch to correct the 
cause of high pressure—no condenser water, or whatever it may 
be—before causing the compressor to start again (see Fig. 188). 

It is necessary that a sufficient amount of water be delivered to 
the condenser so that there will not be an excessive head pressure. 
On the other hand, it is not desirable to waste water and conse- 
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Fig. 191 A. —Refrigeration control connections. (Courtesy of Penn Electric Svntch Co.) 



Fig. 19 IB .—Control connections for maintaining a certain temperature range in refrigerated 
space. (Courtesy of Penn Electric Svntch Co.) 






302 


MARINE ENGINEERING 


(Chap. XII 


quently power at this point. In order to control the amount of 
water to the condenser economically, a water valve has been 
developed that controls the amount of water according to the head 
pressure or condenser pressure. This valve is shown in Figs. 189 
and 190. Its action is obvious. Normally, the water valve is 
held closed by means of a spring. When the head pressure rises, 
it acts against the spring, tending to open the valve. The pres¬ 
sure desired can be attained by adjusting the spring pressure by 
means of the adjusting nut shown. For a given spring setting, the 
condenser pressure will be held fairly constant, regardless of 
entering water temperature. 

Figures 191a and 1916 show connection diagrams that are self- 
explanatory. 

95. Gages and Instruments. —Two pressure gages one for head 
pressure and the other for suction pressure should be installed near 
the compressor. Thermometers should be installed in the con¬ 
denser water line, ingoing and outgoing. Also, it is well to have 
thermometer wells in the Freon line where it leaves the condenser 
and where it returns to the compressor. Thermometers placed in 
these wells will disclose temperatures that, with the pressures read 
from the gages, furnish information for the diagnosis of most 
refrigeration-equipment trouble. 

It is well, also, to have easily read dial-type thermometers in 
the refrigerated spaces. These will indicate very quickly whether 
or not a solenoid valve has become stuck or a line plugged. 

96. Ice-making Tank. —It is probably well to use brine in the 
ice-making tank because the heat transfer through air from 
refrigerant to ice cans is much more difficult than through brine. 
This brine can be cooled by means of a brine-cooler evaporator as 
described under Evaporators. This would require a small pump to 
circulate the brine, which is not justifiable on small ships. The 
small tonnages can be practically cared for by having the refriger¬ 
ant evaporator submerged in the brine tank and arrangements 
made to put the ice cans directly into the brine. The tank should 
be provided with a gasketed cover and the ice cans with covers so 
as to prevent spilling of brine or water due to rolling or pitching 
of the ship. 

It is good practice for the ice-making tank to be in the thawing- 
out room. In this case, any loss of refrigeration due to heat con¬ 
duction through the brine tank is applicable directly to cooling the 
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thawing-out room. Also, the thawing-out space is a good spot for 
handling ice, for obvious reasons. 

97. Piping and Fittings. —Freon does not attack metals except 
in the presence of moisture, and then only slightly. Therefore, 
steel, iron, copper, or brass pipe is permissible. However, Freon 
is an effective solvent and will creep through and leak in a sur¬ 
prising manner, and so seamless hard-drawn copper tubing is best. 
All joints should be carefully soldered; the fittings may be of alloy 
or copper. The valves may be made of copper-bearing alloy or 
steel, preferably the former, and should in all cases be fitted with 
seal caps over the stems. These seal caps are made to screw down 
over the stem and seal with a gasket, after the valve wheel or key 
has been removed. The stuffing box at the valve stem cannot be 
depended upon to hold the refrigerant. All parts of the line, 
solenoid valves, expansion valves—all should be hermetically 
sealed with such caps. The only place where leakage' is unavoid¬ 
able is at the shaft of the compressor, which must continually turn 
and be connected to an outside motor, as described under Refriger¬ 
ation Compressors. In the event that alternating current is 
available on the ship, then a hermetically sealed induction-motor 
drive incorporated with the compressor should be adopted. Such 
compressors are available, and they prevent all shaft-seal trouble. 

So-called "packless valves” for the refrigerant line should be 
avoided. They are usually arranged with a diaphragm for sealing. 
The threaded stem of the valve compresses a spring and closes the 
valve. Then, to open, the stem is unscrewed and it is hoped that 
the spring will lift the valve from the seat; but, almost invariably, 
the valves stick, and no amount of hammering will release them, 
that part of the line then having to be dismantled. 

It is well for the condenser to be equipped with a fusible plug, 
which will melt in case of fire, release the refrigerant, and prevent 
trouble due to explosion brought about by high pressure. As men¬ 
tioned before, Freon is a good fire extinguisher. 

Since leaks are likely to be prevalent in a new system and since 
Freon in small quantities is odorless, some special means for 
locating leaks must be employed. A leak that is too small to be 
found by means of soap suds will often make itself known by 
the presence of a spot of oil that the escaping Freon carries out. 
The best device for locating leaks, however, is a halide torch. The 
first such torches were ordinary gasoline blowtorches improvised 
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to burn alcohol and were very unsatisfactory owing to the difficulty 
of keeping them burning and the possibility of pumping Freon 
which has leaked from the system in with the air for operating the 
torch, thereby causing false indications. The most satisfactory 
type burns acetylene at ordinary pressures. A small clean flame is 
all that is necessary. This flame impinges on a copper screw, 
keeping it red-hot. By means of aspirator action, air, from the 
point where the leak is suspected, is drawn through a rubber tube 
and passes over the hot copper screw. If an extremely small 
amount of Freon is present, a bright-green flame will result. This 
indication is very positive. 

98. Determination of Size and Horsepower. —The volumetric 
efficiency, that is, the ratio of the actual volume of refrigerant 
compressed to the volume calculated from the displacement of the 
compressor, has much to do with the size of the compressor. 
This ratio is less than unity because of the superheating of the cold 
gas entering and clearances and leakage. The speed at which 
the compressor is run is important also, on account of wire drawing 
through the valves. The higher the speed, the lower the volu¬ 
metric efficiency. For the sizes ordinarily used on board ship and 
the speeds run, the volumetric efficiency usually ranges from 60 to 
80 per cent. 

The naval architect or the owners or someone other than the 
marine engineer usually determines the capacity in tonnage of 
refrigeration required in a given ship* 

. Assume, for example, that 3 tons is required with an evapo¬ 
rating temperature of 5°F. and a condensing temperature of 105°F. 
Freon refrigerant is to be used, and there is to be no cooling of the 
cylinder other than that accomplished by fins cast on it. In this 
event, the cycle will be somewhat as shown in Fig. 192. Note 
that there is a gain in entropy, due to turbulence during compres¬ 
sion. Assume that this corresponds to 10 per cent of the work of 
compression. Take the volumetric efficiency as 70 per cent and 
the mechanical efficiency of the compressor as 80 per cent. Assume 
wire drawing through the suction valves to cause a 5-p.s.i. pressure 
drop and through discharge valves to cause a 10-p.s.i. pressure 
drop. Assume 10°F. total superheat at compressor suction, 5°F. 
of which is in the evaporator and the other 5°F. in the suction line 
to the compressor. Assume 5°F. subcooling of the liquid refriger¬ 
ant in the condenser. 
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These are all fair average figures that can be used in general 
cases for preliminary estimating. 

2d 



S 

Fig. 192.—Temperature-entropy diagram for refrigeration example (page 304). 

The data are tabulated as follows with notation as shown in 
Fig. 192: 


Refrigeration = 3 tons 

t s = condensing temperature 

to = evaporating temperature 

ta = evaporator exit temperature 

™ . . (suction valves 

Wire drawings ,. , , 

(discharge valves 

ti = suction temperature 

Increase in isentropic work 

Volumetric efficiency 

Mechanical efficiency 


= 600 B.t.u./min. 
= 105°F. 

= 5°F. 

= 10°F. 

= 5 1b. 

= 10 lb. 

= 15°F. 

= 10 per cent 

= 70 per cent 
= 80 per cent 


By use of these data and reference to a table of thermodynamic 
properties of Freon available in any good handbook, the table 


can be completed as follows: 


Ps = P2 

= condensing pressure 

= 141 lb. 

V2 d 

= discharge pressure in cylinder 

= 141 + 10 = 151 lb. 

Ps = Pi 

= suction pressure 

= 26.5 lb. 

Pis 

= suction pressure in cylinder 

= 26.5 - 5 = 21.51b. 

V x 

= suction volume 

= 1.576 cu. ft./lb. 

hi = h u 

= suction enthalpy 

= 81.1 B.t.u./lb. 

S* d > = S u 

= suction entropy in cylinder 

= 0.17568 

hu' 

= discharge enthalpy, isentropic 

= 95.18 B.t.u./lb. 
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h — liquid temperature = 100°F. 

h t =*= h& = liquid enthalpy = 31.16 B.t.u./lb. 

hi = evaporator exit enthalpy = 80.53 B.t.u./lb. 

Refrigeration/lb. of Freon = 

h 6 - hi = 80.53 - 31.16 = 49.37 B.t.u./lb. 

Lb. of refrigerant per min. to be circulated = 


600 B.t.u./min. of refrigeration 
49.37 B.t.u./lb. 


12.05 lb./min. 


Total work done on refrigerant in compressor including 10 per 
cent loss = 


l.Ufas - h u ) = 1.1(95.18 - 81.1) = 15.5 B.t.u./lb. 
h-u = hi = discharge enthalpy, actual = 81.1 + 15.5 = 96.6 

B.t.u./lb. 

I.H.P. of compressor = 


15.5 B.t.u./lb. X 12.05 lb./min. 


42.4 B.t.u./hp.-min. 


= 4.41 i.hp. 


Power input 


4.41 i.hp. 


0.8 eff. 


= 5.5 hp. 


Therefore, a 7^-hp. motor should be applied. 

Cu. in./min. displacement of compressor = 

1728 X 12.05 lb./min. Vj 1728 X 12.05 X 1.576 
Volumetric effi. 0.70 

= 46,900 cu. in./min. 

Therefore, bore and stroke and speed of compressor must be 
such as to result in a displacement somewhat larger than this. 

Heat to be dissipated in the condenser = /i 2 — hi = 96.6 

- 31.16 = 65.44 B.t.u./lb. 
Total dissipation = 65.44 X 12.05 

= 788 B.t.u./min. 

With a 10°F. rise in cooling sea water, which has a specific heat 
of 0.94 and weighs 8.58 lb. per gal., 


0.94 X 8.58 X 10° = 80.6 B.t.u./gal. 


788 B.t.u./min. 
80.6 B.t.u./gal. 


= 9.8 g.p.m. 
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Installing a pump with 50 per cent margin, 


1.5 X 9.8 = 14.7 

Call it 15 g.p.m. 

Operate at 25 lb. pressure. 

It is generally best to use a centrifugal pump for this service 
in spite of the low efficiency due to the small size. The absence 
of valves and internal complications makes its use justifiable in 
view of the dirty harbor water that must be handled. 

In the curve for low-head centrifugal-pump performance, 
Fig. 93, it will be noted that the rated efficiency would be 30 per 
cent. 


Horsepower = 


15 g.p.m. X 25 lb. 
1715 X^30 


0.73 


A %-hp- motor should be installed. 

Steam header ^nozzles* 


Condenser wafer 

Oat 

A 


Chilled 
water 
In 



Drain to main . , 


1st. Stage tjj 
ejector Condenser 

coo//ng water 
In 


Fig. 193.—Westinghouse steam jet refrigeration system. 


99. Steam-jet Refrigeration. —As mentioned previously, water 
has many advantages as a refrigerant, especially at moderately 
low temperatures—not lower than 32°F.—and such temperatures 
are satisfactory for air conditioning, drinking water, and other 
such purposes on large ships. The maintenance cost is low, owing 
to the absence of moving parts. 
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Figure 193 shows a schematic diagram of a steam-jet refrigerat¬ 
ing system. The most important item is the booster-ejector, or 
“pump.” Notice that the nozzles are mounted in a nozzle holder 
and that they project past the point where the vapor enters. 
This method results in the lowest steam consumption during 
operation but requires a starting effect from the shorter nozzles 
shown. After the start, these are shut off automatically. 

The cycle of operation is as follows: Steam is delivered to 
and expanded through the nozzles, where it attains high velocity 
(see the chapter on Turbines). This high-velocity steam entrains 
water vapor from the cold tank and compresses it to such a 
pressure that the vapor can be condensed at a fairly high tempera¬ 
ture (see Chap. IX, Condensers and Air Ejection). 

The water to be cooled is continuously sprayed into the cold 
tank, and the float valve maintains a practically constant level of 
water in this tank. A pump circulates this water through the 
external cooling equipment and back into the cold tank. 

The booster ejector, or pump, discharges into a surface con¬ 
denser, which is served by air ejectors. The condensate pump 
discharges to the fresh-water tank or some other storage point 
for fresh water. 

Continual make-up water must be supplied because of the vapor 
removed by the booster ejector. 

As in the case of the ejector equipment, the optimum steam 
pressure to use is approximately 150 p.s.i. Lower than this 
involves higher steam consumption; higher pressure results in 
such small nozzle throats as to invite clogging. 



CHAPTER XIII 


FEED SYSTEMS 

100. General. —The path traveled by the steam (or water) 
in any steam power plant is from boiler to turbine (or engine), 
thence to the condenser, and back to the boiler. This simple 
circuit requires a pump to force the water from the condenser to 
the boiler because of the higher pressure in the boiler. This is 
shown in Fig. 194. 

That part of the circuit which handles water and which is 
necessary to feed this water to the boiler so that the boiler will 



Fig. 194.—Fundamental feed system. 


have sufficient—no more and no less—material from which to 
make the required amount of steam is known as the feed system. 

It is obvious that the only conditions under which the layout 
shown in Fig. 194 will operate successfully are absolutely unvarying 
load and no leakage. If the load is decreased, the feed pump 
will scavenge all the water out of the condenser and put too much 
in the boiler, filling it completely so that there will be no space 
for steam. There being then no elastic, or compressible, gas, 
the noncompressible water will burst the boiler or will flow into 
the turbine and destroy the blades. If the load is increased, the 
condenser will fill with water and the boiler will run dry and then 
explode when water does reach it. The effect of leakage is obvious. 

309 
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The scheme of Fig. 194, as it stands, is impractical, but it 
has two great advantages. All the heat in the condenser water 
is saved and available. The system is completely closed, and 
there is no possibility of the boiler feed water becoming con¬ 
taminated with oxygen, which would cause boiler tube corrosion, 
it being assumed that there is no leakage of air into the system at 
the condenser, the pressure of which is below that of atmosphere. 



Fig. 195.—Practical open-feed system. 


We can render this system feasible by complicating it slightly 
with additional apparatus. Figure 195 shows the layout with the 
necessary items added. These consist of a condensate pump, a 
surge, or feed, tank, a boiler-water-level regulating, or float, valve, 
and a means for adding water that may be lost by leakage. The 
water to be added is known as make-up feed . The boiler water 
level is controlled here by the float valve, and the variations of the 
water in the circuit are compensated for by changes in the amount 
of water in the surge tank. 

It will also be noticed that a separate circuit for steam to drive 
auxiliaries is included. These auxiliaries, of course, include the 
turbines for driving the condensate and main feed pumps. Or the 
auxiliaries may consist of a turboelectric generator furnishing 
power for motors that drive the pumps. 

In the case of the scheme shown in Fig. 194, it could be sup¬ 
posed that the feed pump was driven by an extension on the main 
turbine shaft. 

The scheme shown in Fig. 195 is practical. In fact, many 
ships are on the high seas now operating with just such, a feed 
system. 
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It will be noted that the make-up water is shown being fed into 
the condenser. This is done so that the air ejectors, included 
among the auxiliaries, may have a chance to remove some of the 
air brought in by the raw feed water. Another reason is that no 
pump or pressure above atmospheric is required to inject make-up 
feed into the system, the lower pressure of the condenser permitting 
atmospheric pressure to force the water in. Often, however, the 
make-up feed is put into the open surge tank. 

The open surge tank places this system in the class of “open” 
feed systems. It is the weak spot in this system because oxygen 
in the air will surely dissolve in the wr ter and this corrosive solu¬ 
tion will be carried into the boiler. 



Condensate 

pump 

Fig. 196.—Closed-feed system with deaerating surge tank below atmospheric pressure. 


101. Deaeration.—Attempts to obviate this corrosion trouble 
have resulted in the evolution of various types of “closed” feed 
systems. Obviously, since changes in load must be experienced, 
a surge tank or its equivalent must be incorporated in the system. 
No air must enter this surge tank directly from the atmosphere. 
Since, in various sections of the feed system, pressures range from 
condenser pressure to slightly above full boiler pressure, we have 
a choice of pressures at which to operate the surge tank. 

If it is placed in any part of the system at atmospheric pressure 
or below, it must be closed to atmosphere. However, it must also 
be vented at the top; otherwise, any air that might get into it, 
through leakage or in any other manner, would soon become bound 
at the top and would eventually reduce the capacity of the tank 
as well as dissolve in the water and nullify the effects sought. 
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The only way to vent such a tank would be into a portion of 
the system at lower pressure. Naturally, the choice settles on the 
condenser. Figure 196 shows a popular general type of closed 
feed system incorporating a surge tank operating at lower than 
atmospheric pressure and vented to the condenser. Naturally, 
better elimination of air would be accomplished if the water in the 
surge tank were boiling. Since the pressure in the tank is low, 
boiling will take place at low temperatures and the heat can be 
supplied by means of low-pressure steam. In the system of 
Fig. 196, this steam is part of the exhaust of auxiliary turbines 
designed to operate at high exhaust pressure, say 10 p.s.i. gage. 
All the heat in this exhaust steam is not lost, some passing on to 
the boiler in the feed water. 

There is one portion of it, however, which is lost, and that is 
one of the bad features of this system. Since the water in the 
surge tank is caused to boil, water vapor as well as air passes over 
to the condenser. The water vapor is condensed, and the air 
passes out through the air ejectors. However, in the condensation 
of the water vapor, all the latent heat of vaporization, approxi¬ 
mately 1000 B.t.u. per lb., goes out into the sea with the condenser 
circulating water and is lost forever. The object in the boiling 
is to get rid of the air and entrain it with vapor passing over. The 
greater the amount of the vapor, the better the air elimination 
but, by the same token, the greater the loss. 

Another undesirable feature is that the resistance to air and 
vapor flow between surge tank and condenser must be kept low. 
This means a very large pipe, or conduit, or an extremely short 
run, or both. Often this is inconvenient. 

If the surge tank is placed in any part of the feed system at 
higher than atmospheric pressure, the tank can be vented to 
atmosphere or to any pressure lower. The choice of venting points 
is practically limited to the atmosphere or to the condenser. If 
vented to the condenser, there is no point in going to a pressure 
higher than atmosphere for the surge tank. If to the atmosphere, 
there is no point in going to a pressure other than one slightly 
higher than atmospheric, and this is ordinarily chosen (see Fig. 197). 

For the reasons mentioned before, it is well for the atmospheric 
surge tank to be boiling. However, if water vapor boils off, not 
only is the heat lost as in the case of the surge tank venting to the 
condenser, but the valuable water is lost and the engine room is 
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filled with opaque fog and vapor, which is both annoying and 
dangerous. 

The problem then resolves itself into getting rid of the air yet 
retaining the vapor. This is done by putting this mixture of air 
and water vapor through what is called a vent condenser. This 
is a nest of cooling tubes, the surface temperature of which is con¬ 
siderably lower than 212°F. This cooling is usually accomplished 
by running the feed water, which is on its way to the deaerating 
surge tank, first through the coils of this vent condenser. 



Fig. 197.—Closed-feed system with deaerating surge tank above atmospheric pressure. 


Naturally, the water vapor will be condensed and fall back into 
the surge tank while the air, which is noncondensable under such 
circumstances, will pass on out. Usually, it is not quite possible 
to obtain a perfect balance to the point where all the water vapor 
is condensed and all the air passes out spontaneously; therefore, a 
duct, or conduit, is led from the vent condenser to some point 
outside the machinery space and connected with the ventilation 
exhaust or some similar system. Of course, the air is not dry, and 
so the feed system does lose a small amount of water in this 
manner. 

It should be borne in mind that all the latent heat of vaporiza¬ 
tion of the water boiled off with the air in the surge tank is saved 
aside from that small amount of water vapor leaving the vent con¬ 
denser with the air. This heat is transferred to the feed water 
entering the surge tank. Consequently, considering the vent con¬ 
denser as an integral part of the surge-tank assembly, there is a 
mere circulation of heat within this assembly and none is lost. 
This conception greatly simplifies calculation of the heat balance 
of the complete system. 
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102. Pumps. —Figure 194 shows that only one pump is neces¬ 
sary in that system. The suction of this pump will be at lower 
than condenser pressure whereas the discharge is somewhat greater 
than boiler-drum pressure. However, Fig. 195 shows two pumps 
in the feed line. The necessity for the additional “condensate” 
pump is clear when it is realized that the open surge tank has 
atmospheric pressure on it and that this pressure would force all 
the water back into the condenser. A similar condition exists in 
the case shown in Fig. 196, in which the surge tank, though not 
at atmospheric pressure, is still at higher than condenser pressure. 
The same is true of Fig. 197. In other words, in cases where 
turbine exhaust is at lower than atmospheric pressure, at least two 
pumps are necessary in the feed line in any practical feed system. 
Sometimes an additional “booster” pump is desirable, as will be 
shown later. 

In general, there should be at least one condensate pump for 
each condenser except sometimes in the case of auxiliary turbo¬ 
generator condensers. Since it must have a suction pressure 
approaching vacuum, it is invariably operated under submerged 
conditions and must be placed underneath the condenser it serves. 
On board ship this is sometimes difficult to do because the bottom 
of the condenser should also be placed low, it being under the main 
propulsion turbines, so as to keep the center of gravity of the total 
machinery weight low, for reasons of stability. In general, also, 
condensate pumps are driven by an electric motor of simple and 
rugged construction such as that of a squirrel-cage induction motor 
if a-c power is available on the ship, otherwise by a d-c shunt motor. 
The discharge pressure may be anywhere from 20 to 75 p.s.i. gage. 

The feed booster pumps, when used, take water at a suction 
pressure about equal to that of condensate-pump discharge. They 
discharge at 50 to 100 p.s.i. gage. Main feed pumps take water 
at a suction pressure of anywhere from atmospheric to 75 p.s.i. 
gage and discharge at somewhat higher than boiler-drum pressure. 

If the suction pressure of the main feed pump is anywhere 
near the boiling point, corresponding to temperature and pressure 
of the water entering, boiling or vaporization is likely to occur and 
the pump will “cavitate” or vapor-lock. A margin of pressure 
should be assured here. In other words, if the feed-water temper¬ 
ature entering the pump is high enough and its pressure is suddenly 
reduced, it will flash into steam. This steam has the same 
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pressure, of course, and occupies the same space that water 
would have occupied. Its density, however, is relatively low; 
and when it finds its way into the passages at the entrance of 
the pump impeller, the centrifugal force, which is the basis of 
the discharge pressure, decreases greatly and the pump operates 
erratically if at all. 

The principal purpose of a feed booster pump is to ensure a 
sufficiently high suction pressure on the main feed pump. For 
this reason, surge tanks at atmospheric pressure, whether deaerat¬ 
ing or not, are usually placed at as high a point as practicable to 
ensure pressure at the main-feed-pump intake. 

Sometimes the main feed pump takes water from the last 
feed heater, if there are several stages of feed-water heating, and 
discharges directly into the boiler. Under such circumstances 
the feed water would be quite hot, considerably above 212°F.; 
and, in that event, a booster feed pump is almost essential so that 
no point will be at a pressure so low as to permit vaporization or 
steam formation in the feed line. 

The actual specification as to capacity and power required to 
drive is taken up in more detail in the chapter on Marine Pumps. 

103. Heating .—The main condenser in marine work is gener¬ 
ally designed for operation at 1.5 in. of mercury absolute pressure. 
This is somewhat higher pressure than is common in the best 
stationary, or land, plants, but it must be remembered that space 
and weight on board ship are at a great premium. Consequently, 
the design is a compromise, all factors having influence on the 
design according to their importance, as is the case in all good 
engineering. 

In land installations, the condensers can be so built that there 
is very little subcooling of the condensate below the temperature 
corresponding to condenser pressure; consequently, less heat is 
required for feed-water heating. In marine condensers, cramped 
space results in an unavoidable amount of subcooling. A reason¬ 
able figure to use as a basis for calculation and to specify is 5°F. 

The saturation temperature corresponding to 1.5 in. of mercury 
absolute is 92°F. Five degrees Fahrenheit below this is 87°F.; 
therefore, it may be assumed that the lowest temperature of the 
feed water is 87°F. and that the feed water must be raised to the 
final feed-water temperature from this value of 87°F. The value 
to be specified for final temperature will be discussed shortly. 
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Naturally, all savings possible of heat in the system must be 
made. Any heat lost or thrown away must be supplied by fuel. 

There are considerable drains around a ship that are hotter 
than 87°F. These come from air-ejector condensers, gland leak- 
off condensers, condensate from lower stage feed heaters, etc. 
The temperature of this mixture, which can be collected in a 
drain tank, might be 175 to 200°F. If a collecting tank is used, it 
should be vented either to atmosphere or to one of the condensers; 
otherwise, it will soon become air bound, and drains will not flow in. 
The drains, which, of course, consist of good clean distilled water, 
can then be led to the condenser but should be taken via a heat 
exchanger, generally referred to as a “drain cooler.” On one side 
of the surface would be the cool feed water from the condenser, 
entering at about 87°F., and on the other side the relatively hot 
drains, entering at about 175 to 200°F. This passage through the 
drain cooler might raise the feed water 5 to 20°F. in temperature. 

However, it might be desirable to pass the water through the 
air-ejector condensers first. Air ejectors in marine service are 
assembled close to the condenser shell and are usually in two stages. 
The first-stage condenser will absorb all the heat of the ejector 
motive steam, plus about two-thirds of the heat of the water vapor 
carried over from the main condenser, less the heat of the drains 
leaving. The second-stage condenser will absorb all the heat of 
the ejector motive steam, plus the other third of the heat of the 
water vapor carried over from the main condenser (and continued 
to be carried over to the second stage), less the heat of the drains 
leaving. 

At full power, not more than 5 or 6°F. will be picked up by the 
feed water in passing through the intercooler or aftercooler, nor 
more than 10 or 12°F. in passing through the combination. Con¬ 
sequently, feed water at 110°F. could still well utilize the heat 
available in a drain cooler. 

In general, passing the feed water through the air-ejector 
system first is to be preferred. It is conducive to better air- 
ejector action when the intercoolers and aftercoolers are colder. 

Up to the present time, the discussion has been on the basis 
of one main propulsion turbine exhausting to one condenser. In 
a four-screw ship, there would be four sets of turbines and con¬ 
densers and air ejectors. They should then be considered as 
groups, each group acting as a unit of one turbine, and so on. 
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However, there will also be on the ship electric turbogenerators. 
These will operate in groups; or, at times, there may be only one 
turbogenerator operating with the main propulsion secured or 
shut down as when in port. In that event, the turbogenerators 
are a little system within themselves and should be so considered. 
Therefore, it is common practice to run the condensate from the 
turbogenerators, or, as some older marine engineers call them, the 
"dynamo condensers,” through its own air-ejector system and 
then join it with the main or feed at a point just beyond the main 
aftercooler. 

Often a connection is made between the exhaust of the turbo¬ 
generators and the main condensers. Then, when at sea and 
the main condenser* are in operation, the turbogenerator con¬ 
densers can be secured together with condensate pumps and air 
ejectors and the turbogenerator turbine exhaust fed into the main 
condensers. This is an economical scheme but should be con¬ 
sidered carefully before being adopted because of complication, 
weight, and space of piping. 

From this point on to the boilers, there are two basic methods 
of applying heat to the feed water. One is to use exhaust steam 
from the auxiliaries, plus the heat from such high-pressure drains 
as the steam heating system and the fuel-oil heating system. The 
other is to use steam bled from the main turbines plus the heat 
from the high-pressure drains. In the latter case, the auxiliaries 
would be driven by electric power and the electric-generator 
turbines would exhaust to condensers; consequently, there would 
be no auxiliary exhaust steam available for feed heating. 

The former method, which has already been mentioned and 
discussed to some extent, will be considered first. It is hardly 
practical to use more than one exhaust pressure on board ship; 
for if several exhaust pressures are used, there must be several 
exhaust steam lines. Too much complication in the attempt to 
gain economy in marine steam installations is not justified; and 
since reliability and simplicity go hand in hand to some extent, 
some economy must be sacrificed to obtain a reasonable degree of 
simplicity and low cost. 

Therefore, assuming that there will be but one exhaust pres¬ 
sure, the value of this pressure can be determined when the value 
of the feed-water temperature at the entrance to the boiler (or 
economizer) has been chosen. The saturation temperature of 
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the exhaust steam used for feed-water heating should be ap¬ 
proximately 25°F. greater than that of the feed-water final 
temperature. 

If a deaerating surge tank at slightly more than condenser 
pressure is used, such as that shown in Fig. 196, the saturation or 
boiling temperature in this tank will be quite low, very close to 
100°F. Consequently, if this is the only point at which heat is 
applied to the feed water, a very low feed-water temperature 
or practically no feed-water heating will be the result. This is 
uneconomical and unsatisfactory because little or no use can be 
made of the exhaust steam from the auxiliary turbines. Therefore, 
under such circumstances, it would be better to put a feed heater 
of the shell-and-tube or surface type just ahead of or just after 
the main feed pump. 

If it is placed just ahead of the main feed pump, it will probably 
be necessary to install a feed booster pump between the surge 
tank and the feed heater so as to ensure high enough suction pres¬ 
sure at the main feed pump to avoid vaporization or cavitation 
at this point, as mentioned before. 

If it is placed just after the main feed pump, the feed heater 
is at full boiler-drum pressure, slightly higher, in fact; and this, 
though practical, is obviously undesirable. Many ships, however, 
are in operation with feed heaters so placed. 

With this system, there is a wide choice of feed temperatures 
available. These may be made as high as 250 or 300°F., with an 
exhaust pressure of possibly 75 p.s.i. gage. This, however, is 
unusual. The feed temperature is generally chosen at approxi¬ 
mately 215 or 220°F., with an exhaust pressure of 10 p.s.i. gage 
approximately. 

If a feed system incorporating an atmospheric deaerating 
surge tank is chosen, the feed temperature, in the case of single- 
stage heating such as is now being discussed, is fairly definitely 
fixed. Water boils at 212°F. at atmospheric pressure; therefore 
the actual temperature in the tank must be higher by a few degrees 
owing to the slightly higher pressure in the tank. Under no cir¬ 
cumstances should it be less than 213°F., for then no deaerating 
effect would exist. 

As mentioned before, the main feed pump would take suction 
from this tank and discharge to the boilers. The tank should 
therefore be placed as high as possible. 
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It should be borne in mind that in the case of feed heating 
systems using exhaust steam from auxiliaries for feed heating, 
once the feed temperature is decided upon, this fixes the exhaust 
pressure of the auxiliaries. This means that just enough exhaust 
steam, through very narrow limits, must be available for this feed 
heating and no more. If there is too little steam, the feed tem¬ 
perature will not be brought up to the proper point—considering 
deaeration, among other things. If there is too much exhaust 
steam, there will be a wasteful boiling off of water in the case of a 
deaerating surge tank; and, in the case of a shell-and-tube feed 
heater, the exhaust steam will simply not condense and there 
will be a rise in exhaust pressure that will adversely affect auxiliary- 
turbine performance. 

Therefore, the heat balance must be carefully worked out to 
ensure just enough turbine-driven auxiliaries, the others being 
electrically driven, to furnish the proper amount of steam. 

If conditions of variable power rates exist, caused by running 
at various speeds under different circumstances, such as are 
encountered in the case of naval vessels, the problem is consider¬ 
ably complicated. The only practical solution, from an econom¬ 
ical viewpoint, under such circumstances, is so to select auxiliaries 
that there will be just enough steam under the most adverse 
condition and then feed the excess back into the main propulsion 
turbines at one of the lower stages under the other conditions. 

This is bad with reference to the turbine for the reason that, 
at various loads on the turbines, various pressures occur at a 
given stage and there would therefore have to be several feed¬ 
back points on the turbine for a given exhaust pressure. Another 
disadvantage is that the part of the turbine which is largest, most 
expensive, and most difficult to design from the standpoint of 
mechanical stress is the low-pressure end. And, with this 
steam injected at low pressures, this undesirable situation is 
aggravated. 

The other basic method of heating feed water, that is, by the 
use of steam bled from the turbines, plus the heat from the high- 
pressure drains, is the more economical method and should be used 
whenever practically possible. The fundamental nature of this 
economy can be readily seen when it is realized that the largest 
loss in the power plant is due to the heat given up in the exhaust. 
This exhaust is at approximately 100°F., and all the latent heat 
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of vaporization of the steam being condensed in the condenser is 
thrown away in warming up sea water. 

As has been stated previously with reference to using exhaust 
from the auxiliary turbines, practically all the heat in the steam 
fed to auxiliary turbines is recovered in heating feed water. 
Instead of sea water carrying it away, feed water carries it to the 
‘boiler. 

By bleeding steam from the main propulsion turbines, an 
attempt is made to recover part of the heat fed in, which is ordi¬ 
narily lost in exhaust (see Fig. 198). 



heater heater 

Fig. 198.—Regenerative feed heating. 


Obviously, if steam is bled from the turbines at a given pres¬ 
sure, the maximum temperature to which feed water can be heated 
is the saturation temperature corresponding to that pressure. 
Also, assuming for the sake of simplicity a shell-and-tube type of 
heater with bled steam condensing in the shell, the maximum 
amount of steam that will flow out of the turbine and be condensed 
is that amount sufficient to heat the feed water to the saturation 
temperature. 

Naturally, the greatest economy will occur when the maximum 
amount of steam is diverted from the heat-wasting condenser. As 
seen above, this amount is limited. 

Assume that a certain amount of steam has been condensed 
in the condenser and that, at a pressure point only slightly higher 
than condenser pressure, steam is bled and used for heating this 
condensate from the condenser up to a temperature corresponding 
to the bled pressure. Assume further that the condensed steam 
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which was bled is mixed with the water from the condenser, all 
now at the same temperature. 

This bled steam has been completely useful. Its available 
energy has been applied to the turbine; and a certain percentage 
of mechanical energy, depending upon the efficiency of the turbine 
and gearing, has been transmitted to the propeller. The remaining 
heat has been utilized for a purpose for which, otherwise, fuel 
would have had to be supplied. True, the heat involved has been 
small because it was possible to raise the temperature of the feed 
water only slightly, but the gain is definite and positive. 

Now, suppose that more steam is bled at a point slightly higher 
and the process repeated. A further small saving would result. 
Suppose this process to be repeated and repeated at small increments 
of pressure until the maximum bleeding pressure possible is reached. 
This maximum pressure is the throttle pressure of the turbine. 

If an infinite number of bleeding pressures and heaters is 
used, each one to bring the feed-water temperature up to the 
saturation temperature at that point, the maximum economy will 
be realized. This can readily be seen to be true when viewed 
from the standpoint that under such conditions the maximum 
amount of steam is permitted to pass through the turbine and 
only the latent heat of vaporization of the bled steam is required 
for feed heating and yet all the steam which it is possible to use 
for this purpose has been used. 

To obtain a better conception, the two extremes and a medium 
point of bleeding will be considered. 

Suppose that steam is bled from the turbine at throttle pressure 
(but saturated) and at this point only. This steam is used to 
heat feed water to the temperature corresponding to this pressure. 
At this point, the bled steam contains considerable available 
energy that could be converted to mechanical energy. This high- 
grade steam is used to do, to a large extent, a low-grade job, that 
is, bring low-temperature feed water up to a high temperature, 
when a low-pressure low-grade steam could bring the temperature 
part of the way up just as well, this low-grade steam being what is 
left after the high-grade steam has been used to obtain some 
mechanical energy. 

Obviously, this is not so economical as an infinite number of 
bleed points and heaters. 

Suppose that steam is bled from the turbine at exhaust pressure. 
Of course, this is merely conventional operation, and all the latent 
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heat of vaporization of all the steam is lost in the condenser, which 
is not at all economical. In fact, it is the very situation we are 
trying to avoid. 

Suppose that steam is bled from the turbine at a point midway 
between throttle and exhaust. This is certainly better than 
bleeding at throttle pressure because some of the available energy 
of the bled steam has been converted to mechanical energy. It 
is certainly better than no bleeding at all because some of the 
latent heat of vaporization has been salvaged. But it is not so 
economical as using an infinite number of heaters. 

Therefore, it follows that the greater the number of bleed 
points or stages of heating, the greater the economy. 

Naturally, it is impossible to install an infinite number of 
stages of heating on board ship. It would be impossible to have 
more stages of heating than there are pressure stages in the turbine 
and this is far too many for practical purposes. The maximum 
number that is, at present, acceptable to most ship operators is 
three. It has generally been found that equal increments of 
feed-water temperature are best for economy. But this cannot 
always be exactly realized in marine installations because the 
construction of the turbines influences bleeding pressures and the 
middle-stage temperature is fixed by the deaerating surge tank. 

The foregoing discussion has made no mention of losses of 
which there are, of course, some. In the first place, since an 
infinite number of heaters is not used, there is some loss due to 
using relatively high temperature steam to bring relatively low 
temperature water up to approximately the steam temperature. 
In the second place, there is a drop in pressure between the turbine 
and heaters as well as a differential in temperature between steam 
and water in shell-and-tube heaters. In the third place, there is 
loss of heat due to heat transfer to the outside atmosphere from 
the various heaters and piping. 

There are, on the other hand, various important attendant 
advantages. (1) The turbine blading design becomes more rugged, 
owing to the fact that the greater amount of steam passes through 
the upper smaller high-pressure stages. (2) The size and cost 
of the turbine exhaust shell become less for a given capacity. (3) 
The size and cost of the condenser decrease. 

The best feed-water temperature has been the subject of 
considerable study. Obviously, the greater the number of 
heaters, the higher the optimum feed-water temperature. As 
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demonstrated before, for an infinite number of heaters the optimum 
temperature is the saturation temperature of the throttle steam, 
or the highest temperature it is possible to reach. 

Of course, the quantity or value really under consideration 
is the temperature rise, for the bled steam really raises the tem¬ 
perature above condensate temperature. An empirical expression 
that may be used to obtain a first estimate of the optimum 
temperature is as follows: 

Temperature rise of feed 'j 

water in per cent of maxi- l =40 + 8 (number of heaters) (178) 
mum possible rise ) 

The final temperature having been determined in this manner, 
it may be well to work out a couple of temperatures on either side 
to see if there is any change in economy. However, the efficiency 
curve at the optimum point is quite flat, and there can be con¬ 
siderable change in temperature with very little change in economy. 

An example of the use of this expression is worked out under 
heat balance in the next chapter. 

The amount to be bled and the effect on turbine throttle steam 
value are discussed in the chapter on Heat Balance. 

It is not always practical to use this most economical scheme. 
Obviously, for certain set bleeding pressures, they occur or exist 
at a certain load on the turbines, normally the designed cruising 
speed of the ship. If the load on the turbines is changed to any 
extent, the pressures in the various stages will change and the 
corresponding temperatures of the bled steam to the various 
heaters will be entirely different, which will result in the system 
being out of adjustment and a loss of economy. 

It is not practical to have a multiplicity of bleeding points 
on a turbine and to change from one to the other quickly. 

In the case of most naval vessels, maneuverability is impor¬ 
tant, and this involves wide changes in load. In such cases, 
it may be best to have most auxiliary units steam-driven and 
have one bleed point on the turbine, this at auxiliary exhaust 
pressure. Then steam can be either bled from or fed back in at 
this point when there is not enough or too much auxiliary exhaust 
for feed heating. 

In other words, economy must sometimes be sacrificed for 
flexibility. 
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In the case of destroyers, the cruising speed, at which the ship 
operates more than 90 per cent of the time, requires power less 
than 10 per cent of that required at full speed. In such a case, 
it might be best to have a special cruising turbine and use bled 
steam for feed heating, driving the small cruising auxiliaries 


Fig. 201.—Deaerating feed heater and vent condenser. ( Courtesy of The Cochrane Co.) 

electrically. Then, for powers above this, steam-driven auxiliaries, 
with their characteristic flexibility, could be used and their exhaust 
employed for feed heating. In short, there might be two systems 
on one ship, one of less than 10 per cent of the capacity of the other. 

Figure 199 shows the feed-water heating system of the U.S.S. 
West Point , formerly the S.S. America . In view of the foregoing 
discussion a study of Fig. 199 should be profitable. 

Figures 200 and 201 show two types of deaerating feed-water 
heaters. These are sometimes called “direct contact” (D.C.) 
feed-water heaters. 















CHAPTER XIV 

HEAT BALANCE 


104. General. —Assume that it is desired to project a 4000 
S.H.P. cargo ship of 13,000 tons displacement. It is not to be 
experimental in any way and is to be as economical as practical 
considerations will allow. There is to be one screw. 

Many successful modern ships are running today with total 
steam temperatures of 750°F. This temperature, therefore, 
should be satisfactory. There is very little argument in favor of 
any lower temperature. 

The Mollier diagram for steam shows that the optimum avail¬ 
able energy at this temperature exists at approximately 400, 500, 
or 600 lb. abs. The argument in favor of the highest pressure is 
that the steam does not have so high a specific volume and the 
piping can be smaller. The argument in favor of the lowest 
pressure is that it is somewhat safer and the problem of sufficiently 
tight joints is easier. Leaning toward the conservative side 
insofar as safety is concerned, suppose that 450 lb. gage is chosen. 

As to exhaust pressure, when space, weight, and economy are 
considered, 1.5 in. of mercury absolute seems to be the optimum 
pressure at the present time. This permits a condenser of good 
reasonable design. 

With reference to the feed system, there is no question but 
that the regenerative feed-water heating system in three stages 
and with a deaerating feed heater for the second stage should be 
adopted. This is described in the chapter on Feed Systems. 

A steam-flow diagram covering a proposed feed system is shown 
in Fig. 202. It will be noted that this diagram includes a “con¬ 
taminated” water system. This permits a small separate system 
to take care of water that might become contaminated with oil 
or other substances injurious to the boilers or other parts of the 
main system. As shown, this small system feeds the fuel oil- 
heaters and quarters heating system with low-pressure saturated 
steam. Such a scheme has the additional advantage over schemes 
that use steam, the pressure of which is reduced by means of reduc- 
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ing valves, in that there is no superheat. Superheat is bad in a 
quarters heating system because of the corrosive action of super¬ 
heated steam. The valve seats deteriorate rapidly. 

Since a maximum condition of 450 lb. gage, 750°F. has been 
decided upon, this will, of course, exist at the superheater outlet 
of the boilers. At the turbine throttles the pressure and tempera¬ 
ture will be lower. The turbine-throttle condition may be 



0.1147 S L6422 

Fig. 203. 


assumed to be 440 lb. gage, 740°F. Take the desuperheated steam 
at the 450 lb. gage but with 50°F. of superheat, or 510°F. 

It is now necessary to determine the isentropic drop, or avail¬ 
able energy, of the steam. In Fig. 203: 

440 lb. gage, 740°F., down to 1.5 in. of mercury. 


Total heat at 440 lb. gage, 740°F. 1381.6 B.t.u./lb. 

Entropy at 440 lb. gage, 740°F. 1.6422 

Entropy of water at 1.5 in. of mercury. 0.1147 

Difference. 1.5275 B.t.u./lb. 

Entropy of evaporation at 1.5 in. of mercury. 1.8894 B.t.u./lb. 

Total heat of vaporization at 1.5 in. of mercury . . . 1042 B.t.u./lb. 

Total heat of vaporization in exhaust. X 1042 = 842 B.t.u./lb. 

Total heat in water. 59.71 

Total heat in exhaust. 902 B.t.u./lb. 

Isentropic drop = 1381.6 — 902 = 479.6 B.t.u./lb. 
Call it 480 B.t.u./lb. 


106. Turbine Steam Consumption. —With reference to the 
main propulsion turbine (the ship under consideration being a 
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0 50,000 100,000 150,000 200,000 250,000 300,000 350,000 400,000 450,000 500,000 

Lb. of steam condensed per hour 

Fig. 204.—Steam consumption of air ejectors. Two-stage, 150 p.s.i. gage motive steam, each stage to take half of total steam. Figure each 

condenser separately. 
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single-screw ship), a turbine efficiency of 77 per cent with gears 
is to be expected under the given conditions. Therefore, 


0.77 X 480 B.t.u./lb. available = 369 B.t.u./lb. output 

2 ^, B ». U /I r hr ' - M lb./hp.-hr. water rate. 

369 B.t.u./lb. 

4000 S.H.P. 

4000 X 6.9 = 27,600 lb./hr. steam (no bleeding) 


With regenerative feed heating of the type proposed the steam 
to the condenser is usually approximately 90 per cent of the throttle 
steam (no bleeding). 

0.90 X 27,600 Ib./hr. = 24,800 lb./hr. to condenser 


This is an estimate only, to be used as a basis for preliminary 
figures. 

In order to determine the exact amount of turbine-throttle 
steam, it is necessary to know the amount of steam bled for feed- 
water heating. This can probably be most easily determined by 
“cut-and-try” methods. First, it should be realized that prac¬ 
tically all the steam fed to the air ejectors is effective in heating 
feed water. This is obvious from the steam-flow diagram (Fig. 
202). Therefore, probably the first thing to be done is to make 
an estimate of air-ejector steam consumption. The curve, 
Fig. 204, is the result of plotting the steam-consumption values 
for a number of air ejectors. At 24,800 lb. per hr., the roughly 
estimated value of steam to main condenser, the air-ejector motive 
steam should be 185 lb. per hr. This is for both stages of a two- 
stage ejector. In the same manner, motive steam to the turbo¬ 
generator air ejectors should be 140 lb. per hr. (see Art. 107 on 
turbogenerators). 

106. Feed-water Temperature. —As demonstrated in the chap¬ 
ter on Feed Systems, the temperature of the feed water in the 
deaerating feed heater corresponds to the pressure in that heater. 
Only sufficient pressure should exist in it to drive the air out. 
There are conditions under which the passage of the mixture of 
steam and air to the vent condenser is so tortuous that a pressure 
of as high as 9 or 10 lb. gage may be desirable. Assume that such a 
deaerating heater is to be used in the proposed ship and that the 
pressure is to be 9 lb. gage or 24 lb. abs. This would correspond 
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to a temperature of 238°F. This would be the temperature of 
the feed water leaving the deaerating feed heater. 

Since the exhaust temperature is 92°F. (with no subcooling) 
and since the saturation temperature at 440 lb. gage is 457°F., 

457° - 92° = 365°F. 


maximum possible rise in feed temperature three heaters. 


40 + 8 X 3 = 64 per cent 
(see chapter on Feed Systems) 


0.64 X 365° = 233°F. actual rise 
Optimum feed temperature = 233° + 92° = 325°F. 


This corresponds to 96 lb. abs. Therefore, to care for some 
pressure and temperature drop the steam should be bled from the 
turbine at about 15 or 20 lb. more than 81 or at 100 lb. gage. 

If there is 5°F. subcooling of main condensate, then the actual 
temperature is 92 — 5 = 87°F. In going from the condenser to 
deaerating heater at 238°F., there is a rise of 238 — 87 = 151°F. 
Assume half this is accomplished at the time of leaving the first- 
stage heater, or 


151°F. 


= 75.5°F. 


87° + 75.5°F. = 162.5°F. or 163°F. 


should be the temperature of the feed leaving the first-stage heater. 
This corresponds to 5 lb. pressure; so make the bleeding pressure 
10 lb. abs. to care for the drops. The enthalpies, temperatures, 
and bleed pressures are then as follows, increased for line drop: 


Stage 

Temperature, °F. 

Enthalpy, B.t.u./lb. 

Bleed pressure 

1st 

163 

131 

10 lb. abs. 

2d 

238 

206 

15 lb. gage 

3d 

325 

295.5 

100 lb. gage 


The steam furnishing the major part of the condensate through 
the first-stage heater is main propulsion-turbine steam and turbo¬ 
generator-turbine steam. The former has been estimated. 

107. Turbogenerator Steam. —Assuming a 250-kw. turbogen¬ 
erator operating at 200 kw., this figure to be checked later, the 
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combined engine efficiency of such a unit can be taken as 50 per cent. 
Since it is to operate under the same throttle and exhaust con¬ 
ditions as the main propulsion turbine, the water rate should be 


3413 B.t.u./kw.-hr. 
0.50 X 480 B.t.u./lb. 


14.25 lb./kw.-hr. 


At 80 per cent load the efficiency should be 95 per cent of full¬ 
load efficiency, or the water rate at 200 kw. should be 


14.25 

0.95 


15 lb./kw.-hr. 


(see chapter on Marine Electrical Engineering) 

Total steam = 200 kw. X 15 lb./kw.-hr. = 3000 lb./hr. 

Total feed passing through first-stage heater is approximately 

24.800 lb./hr. main turbines 
3,000 lb./hr. turbogenerators 

27.800 lb./hr. 

Enthalpy of condensate at 87°F. or 5°F. subcooling is 55 
B.t.u./lb. 

27,800 lb./hr.(131 — 55) = 2,110,000 B.t.u./hr. to be supplied 

As previously mentioned, the main air ejectors should consume 
185 lb. per hr., the turbogenerator air ejectors 140 lb. per hr.; and 
if the one stage of the gland leak-off ejector is taken as half the 140 
lb. per hr., or 70 lb. per hr., the total air-ejector steam is 
approximately 

185 + 140 + 70 = 395 lb./hr. 


Each pound of this steam is good for approximately 1000 B.t.u. per 
lb. The total is, therefore, good for 

395 lb./hr. X 1000 B.t.u./lb. = 395,000 B.t.u./hr. 
2,110,000 B.t.u./hr. - 395,000 B.t.u./hr. = 1,715,000 B.t.u./hr. 


Since the bled steam is good for approximately 1000 B.t.u. per 
lb., the bleeding for the first-stage heater should be 


1,715,000 B.t.u./hr. 

1,000 B.t.u./lb. “ 1715 


lb./hr. 
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All feed goes through the deaerating feed heater, and the addi¬ 
tional feed from the various auxiliaries averages up approximately 
to an enthalpy corresponding to the temperature of the feed leav¬ 
ing the heater; consequently, in raising from 163 to 238°F. there 
is required 


(27,800 lb./hr.) (206 - 131) = 2,085,000 
2,085,000 B.t.u./hr 


1,000 B.t.u./lb. 


B.t.u./hr. 
= 2085 lb./hr. 


to be bled for the second stage. 

Ordinarily, in this class of ship, the steam-all-purposes is 
approximately 30 per cent more than the main-turbine steam (no 
bleeding). 


27,600 lb./hr. X 1.30 = 35,900 lb./hr. 


This leaves the deaerating feed heater at 238°F. and is raised to 
325°F. in the third-stage heater. 


(35,900 lb./hr.) (295.5 - 206) = 3,220,000 
3,220,000 B.t.u./hr 


1,000 B.t.u./lb. 


= 3220 


B.t.u./hr. 
lb./hr. 


bled for the third stage. 

With these estimated values of bled steam, turbine-throttle 
steam can be calculated. 



Fig. 205.—Extraction (bleeding) and induction (feeding back) of steam from and into 

turbines. 


108. Extraction or Bleeding. —Figure 205 a shows the “condition 
curve” of a turbine on a Mollier diagram. The point a is the 
throttle condition and the path abc is the isentropic path, or the 
path followed under conditions of 100 per cent internal efficiency 
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of the turbine. Actually, the path will be a&'c". The available 
energy is, of course, (h a — h c ). But if steam is extracted or bled 
from the turbine at the pressure indicated by the pressure curve 
bb', then the available energy remaining in this bled steam would 
be (hy — h c 0, and this is lost insofar as turbine work output is 
concerned. 

If w h > = weight of steam bled at 6', w t — weight of throttle 
steam required to perform the remaining work, w b > would have 
done if it had not been bled. Then 


Wy(hy M Wt (ha h e ) 


This is on the basis that the internal efficiency of the complete 
turbine is equal to the internal efficiency of that section from b' 
to c". This, of course, is not strictly true, owing to the reheat 
differing (see the chapter on Turbines), but is sufficiently close 
for all practical purposes. The extra work and calculation in 
correction for this small difference are not justified. 

Therefore, 


(by _ K') 

(h a h c ) 


W h ' = w t 


(179) 


or the steam to be added at the throttle, when Wy is bled, in order 
to maintain the same power output. 

109. Induction, or Feeding Back. —If, on the other hand, there 
is excess steam of lower than throttle pressure that must be disposed 
of and the condition of this steam is as indicated by b' and if 
wy = weight of steam fed into turbine under condition b f 
w t = weight of throttle steam required to perform the work 
that Wy amount of steam would perform 

then 


Therefore, 


w h '(h b ' — h C ') = w t (h a — h c ) 


(h b ' - hy) 

(ha K) 


Wb' = Wt 


(180) 


or the steam saved at the throttle when maintaining the same 
power output. 

In either extraction or induction the term (hy — h C ')/(h a — h c ) 
is known as the replacement factor . 

It should be carefully noted that when steam is bled from a 
turbine it may come out superheated, saturated, or wet, depending 
on the stage from which it is bled. However, when steam is 
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inducted, it is usually saturated and may be superheated but 
should never be wet. In any event, it is highly improbable that 
the inducted steam will be of exactly the same character as that 
in the stage being entered. In Fig. 2056, c, and d, note the various 
circumstances that may exist in inducting or feeding back at a 
given pressure. Note that the condition in a stage may be superior 
or inferior to the condition of the steam coming in but that, in 
any event, the isentropic drop from 6', properly located, must 
be used as demonstrated above. 

110. Steam to Main Condenser. —To return to the case in 
hand, if the turbine efficiency with gears is 77 per cent, the internal 
efficiency of the turbine should be approximately 80 per cent. 
The replacement factors at the various bleeding, or extraction, 
pressures are worked out as follows: 

First extraction stage, 10 lb. abs.: 

Following the notation of the discussion of the preceding 
section, 


Condition a = 455 lb. abs., 740°F., h a = 1381.6 B.t.u./lb. 
Condition 6 = 10 lb. abs., hb = 1050 B.t.u./lb. 

Isentropic drop = 1381.6 — 1050 = 331.6 B.t.u./lb. 

0.80 X 331.6 = 265 B.t.u./lb. actual drop 

h< = 1381.6 - 265 = 1116.6 B.t.u./lb. 
h C ' — 960 B.t.u./lb. (see Mollier diagram) 
(h b ' - he') 1116.6 - 960 


Replacement factor = 


(ha K) 


480 


= 0.326 


Second extraction stage, 30 lb. abs.: 

Condition a = 455 lb. abs., 740°F., h a = 1381.6 B.t.u./lb. 
Condition 6 = 30 lb. abs., hb = 1122.6 

Isentropic drop 
0.80 X 259 
h b ' 

he' 

Replacement factor 


1381.6 - 1122.6 = 259 B.t.u./lb. 
207 B.t.u./lb. actual drop 
1381.6 - 207 = 1174.6 B.t.u./lb. 
943 B.t.u./lb. (see Mollier diagram) 
(i h b ' - heO 1174.6 - 943 


(ha h c ) 


480 


= 0.482 


Third extraction stage, 115 lb. abs.: 

Condition a = 455 lb. abs., 740°F., 
Condition 6 = 115 lb. abs., 


h a = 1381.6 B.t.u./lb. 
hb = 1226.6 B.t.u./lb. 
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Isentropic drop = 1381.6 — 1226.6 = 155 B.t.u./lb. 
0.80 X 155 = 124.5 B.t.u./lb. actual drop 

hv = 1381.6 - 124.5 = 1257.1 B.t.u./lb. 
h c > = 918 B.t.u./lb. (see Mollier diagram) 
(hv - h C ') 1257.1 - 918 


Replacement factor = ^ ^ — 

A table can now be made as follows: 


480 


= 0.706 


Heater 

! Bled steam, 
lb./hr. 

Replacement 

factor 

Steam added, 
lb./hr. 

1st stage. 

. 1715 

0.326 

560 

2d stage. 

. 2085 

0.482 

1005 

3d stage. 

.j 3220 

0.706 

2275 

Total bled. 

.| 7020 

1 

To be added. . 

3840 


Throttle steam = 27,600 + 3840 = 31,440 lb./hr. 

To condenser = 31,440 — 7020 = 24,420 lb./hr. 

(This compares closely enough with the 24,800 lb. per hr. con¬ 
densate used to estimate amount of bleeding.) 

111. Evaporating Plants.— A glance at the steam-flow diagram 
(Fig. 202) shows that an estimate must now be made of the 
steam consumed by the evaporating plants and the miscellaneous 
steam-driven pumps and the preliminary steam s ummar y will be 
complete. 

Contaminated-water Evaporator .—The contaminated-water 
evaporator is probably the most important evaporator on the 
ship. Without it, operation is impossible. It supplies steam at 
low pressure, 50 lb. gage, for fuel-oil heating and for quarters 
heating. The drains, if there were no subcooling, would leave 
at 298°F., but actually they should be expected to leave at approxi¬ 
mately 280°F. Even this is too hot for the small feed pump to 
handle, and they should therefore be further cooled to approxi¬ 
mately 180°F. in a drain cooler installed in the cont amina ted-drain 
line. The cold side of this drain cooler will receive sea water 
from the auxiliary or turbogenerator circulating pump, and the 
heat transferred in the drain cooler is thereby lost. 

As regards the fuel-oil heating, a ship containing a propulsion 
plant of this general nature should be expected to have a fuel 
economy of no worse than 0.65 lb. of 18,500 B.t.u. oil per S.H.P.-hr. 
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This is a 4000 S.H.P. ship; therefore, the highest oil consump¬ 
tion to be expected would be 


4000 X 0.65 = 2600 lb./hr. 

This is to be checked later. 

Assuming that the fuel-oil heaters, including the hairpin coils 
in the bunker tanks, must heat this oil from 40° to 250°F. and 
taking a specific heat of oil as 0.48, then the heat required would be 

(2600 lb./hr.) (250° - 40°) (0.48) = 262,600 B.t.u./hr. 

Ordinarily, the marine engineer responsible for propulsion 
would not know the amount of heat required for quarters heating, 
cargo-space heating, ablutionary water, etc. These data should 
be furnished him by the naval architect. In the absence of other 
information it will be assumed here that the heat required for 
these services plus that carried away by sea water in the drain 
cooler is equivalent to the heat for fuel-oil heating, or 262,600 
B.t.u. per hr. 

The motive steam for operating this evaporator is 150 lb. gage 
reduced from the desuperheated steam line and will therefore have 
the same enthalpy as that of the desuperheated steam, or 1243.4 
B.t.u. per lb. Assume 5°F. subcooling of this drain, or 333.4 
B.t.u. per lb. enthalpy. 


Heat transferred = 1243.4 — 333.4 = 910 


Total motive steam 


262,600 + 262,600 
910 


B.t.u./lb. 
577 lb./hr. 


On the low-pressure, or 50-lb.-gage, side the enthalpy of the 
leaving steam is 1179.1 B.t.u. per lb. Enthalpy of 180°F. drains 
is 148 B.t.u. per lb. 


1179.1 — 148 = 1031.1 B.t.u./lb. heat gain of the contaminated 

water 


Total contaminated steam 


262,600 + 262,600 
1031.1 


509 lb./hr. 


Install two evaporators, each capable of evaporating 1000 
lb. per hr. of water under the conditions outlined above. 

Make-up Feed Evaporator .—The purpose of the make-up feed 
evaporator is to replace water that has been lost from the system 
by leakage, use of the whistle, soot blowers, etc. It is essential 
that any water put into the system be absolutely pure, and it is 
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also highly desirable that it be free of oxygen. There are several 
satisfactory methods of introducing water into the system. One 
way is to lead the water directly into the condenser. The great 
advantage of this method is that no pump is required and also 
that the air ejectors of the condenser have an opportunity to 
remove some of the dissolved air in the incoming water. Another 
method is to introduce the make-up water directly into the surge 
tank or deaerating heater. A pump is generally required for this, 
but the boiling in the tank tends to remove the oxygen. 

Probably the best method is to introduce the make-up water 
in the form of steam from an evaporator. This steam is intro¬ 
duced at some point where the heat contained in it can be salvaged, 
the deaerating feed heater being an ideal place. The water comes 
over from the evaporator as pure water vapor and air (the water 
fed into the evaporator is fresh water). The air is removed by 
means of the vent condenser, and all the heat in the incoming 
vapor is retained because the vapor mixes with the feed water 
in the tank. 

The amount of make-up feed depends upon the rate of removal 
of steam or water from the main system. In some cases, water for 
showers and other ablutionary purposes is heated by mixing cold 
water with reduced steam from the main system. This, of course, 
results in a greater requirement for make-up over that for leakage 
and use of the whistle and soot blowers. 

With such a system as is under consideration, }</ per cent of the 
turbine (no bleeding) steam can be expected as leakage. Assume 
the make-up feed evaporator to operate 10 per cent of the time to 
supply this loss. 

0.0025 X 27,600 lb./hr. = 69 lb./hr. 

10 X 69 = 690 lb./hr. 

Call it a 750 lb. per hr. make-up feed evaporator. 

For the sake of simplicity, assume that the loss of steam is 
at the same pressure at which make-up is being fed in, namely, 
30 lb. abs. In this manner, the steam need not be added and 
subtracted in the heat balance. 

Assume temperature of water to evaporator as 70°F. 

Steam generated at 30 lb. abs. sat. = 1164.1 B.t.u./lb. 

Enthalpy at 70°F. = 38 

/ Heat gain = 1126.1 B.t.u./lb. 
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Heat transferred = 75 X 1126.1 = 84,500 B.t.u./hr. 

Motive steam is bled from main turbines at 100 lb. gage, or 
115 lb. abs., with an enthalpy of 1257.1 B.t.u. per lb. (see calcula¬ 
tions on extraction, page 338). Assume 7 lb. drop from turbine to 
evaporator or 108 lb. abs. 

No drain subcooling or 304 B.t.u. per lb. 

Total motive steam - ( 1257 ., _ 304) B .t.u./lb. " 88 ' 6 lb ' /hr - 

Salt-water Evaporator .—The size of the salt-water evaporator 
should be considerably larger than that of the make-up feed 
evaporator because it must supply fresh water for other purposes 
than make-up feed. A standard size is 30 tons per day, and it 
can be assumed that this size will be installed. Also, assume 
operation 10 per cent of the time, or 


30 tons X 2000 lb. 
24 hr. X 10 


250 lb./hr. 


Assume sea water entering at 70°F. and steam generated at 5 lb. 
gage. Since this evaporation is from a salt solution, strict accu¬ 
racy-would require the inclusion of the heat of solution of the salt 
in the water, but this is such a small percentage of the latent heat 
of vaporization that it can be neglected. 

Enthalpy at 5 lb. gage sat. = 1156.3 B.t.u./lb. 

Enthalpy at 70°F. = 38 

Transferred = 1118.3 B.t.u./lb. 

Heat transferred = 250 X 1118.3 = 279,000 B.t.u./hr. 


Motive steam is ship’s desuperheated steam reduced to 100 lb. 
gage. 

Enthalpy of motive steam = 1243.4 B.t.u./lb. 

Enthalpy drain 5°F. subcooling = 304 B.t.u./lb. 

m . 279,000 B.t.u./hr. onf7 1U /u 

Total motive steam = ( 124 3.4 - 304) B.t.u./lb. = 297 lb,/hr - 

112. Miscellaneous Steam-driven Pumps. —To determine the 
heat balance and fuel economy, only those pumps in operation at 
full power of the ship will be considered. These are 
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Contaminated evaporator feed pump. 

Make-up evaporator feed pump. 

Salt-water evaporator feed pump. 

The highest capacity service necessary is that of feeding the 
salt-water evaporator. The salt-water-evaporator pump must 
be capable of the full capacity of the evaporator, or 2500 lb. per hr. 

2500 lb./hr. _ 

8.33 lb./gal. X 60 min. ~~ £-P- m * 

Assuming that the pump operates 25 per cent of the time in 
performing this service, the capacity of the pump should be 

db = 2 ° g-p- m - 

Since this is a small pump and since interchangeability of 
parts is desirable, it would be good engineering to make all the 
evaporator feed pumps identical. The highest evaporator pres¬ 
sure is that of the contaminated evaporator and amounts to 50 p.s.i. 
gage. Therefore, the pump should be capable of a total head of 
75 p.s.i. The contaminated-evaporator feed water may reach 
200°F. in temperature at times; therefore, the pump for all the 
evaporator services should be capable of 20 g.p.m. at 75 p.s.i. 
total head while handling suction water at 200°F. 

Calculations covering this pump have already been made in 
Chap. VIII (page 154), and the result is a 3 X 3.5 X 3.5 duplex 
pump, which would consume approximately 41 lb. per hr. 150 p.s.i. 
gage steam (see page 156). 

At 509 lb. per hr. water pumped the steam consumption should 
be approximately as follows: 

509 lb./hr. 

8.1 lb./gal. X 60 min. ~ 

(41) = 2.15 lb./hr. steam 

The make-up feed evaporator requires 750 lb./hr. Using the 
same pump, the steam consumption should be not more than as 
follows: 

750 lb./hr. 

8.33 lb./gal. X 60 lii/ " L5 gp - m ' 

(®) <41 Ib./ta-.XO.l) - 0.308 lb./hr. 
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Assume operation 1,0 per cent of the time. 

This amount of steam is negligible. 

The salt-water evaporator requires 2500 lb./hr. Using the 
same pump, the steam consumption should be not more than as 
follows: 

2500 lb./hr. _ 

8.33 lb./gal. X 60 min. ~ g*P- m - 

(4) (41 lb./hr.)(0.1) = 1.025 lb./hr. 

All the miscellaneous steam pumps that are operating at full 
power can therefore be assumed to consume approximately 4 lb./hr. 
of desuperheated steam reduced to 150 p.s.i. gage. 

It is now possible to make a preliminary steam summary. 

113. Preliminary Steam Summary. 


Main propulsion turbines. 31,440 lb./hr. 

Turbogenerators. 3,000 

Total superheated steam. 34,440 lb./hr. 

Contaminated-water evaporator. 577 lb./hr. 

Make-up feed evaporator. 0 

Salt-water evaporator. 297 

Reciprocating evaporator feed pumps. 4 

Main air ejectors. 185 

Turbogenerator air ejectors. 140 

Gland leak-off ejector. 70 

Total desuperheated steam. 1,273 lb./hr. 

Superheated steam. 34,440 lb./hr. 

Desuperheated steam. 1,273 

Total steam, all purposes. 35,713 lb./hr. 


This is fairly close to the 35,900 lb. per hr. used to determine 
bleeding of turbine. 

114. Heat Balance. —The heat balance will now be calculated. 
Refer to the steam-flow diagram (Fig. 202), and start at the turbo¬ 
generator condenser. 

From Turbogenerator Condenser .—Assume 10 lb. per hr. gland 
leak-off steam from all turbine bearings. 

When operating at 4000 S.H.P., have all drains from atmospheric 
drain tank enter drain cooler. 

“Carry-over,” or water in the air removed by air ejectors, can 
generally be taken as 0.00002 times steam condensed. Also, it 
can be assumed that 70 per cent of this carry-over is condensed 
in the intercooler and the other 30 per cent in the aftercooler. 
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0,00002 X 3000 = 0.06 lb./hr. (negligible) 

Turbogenerator intercooler drain = 70 lb./hr. 

Total condensate from turbogenerator condenser 

= 3000 + 70 = 3070 lb./hr. 

At 1.5 in. of mercury, 

Temperature = 92°F. 

92°F. - 5°F. = 87°F. 

Enthalpy = 55 B.t.u./lb. 

Total heat leaving turbogenerator condenser 

= 3070 X 55 B.t.u./lb. = 169,000 B.t.u./hr. 
Gland Leak-off Condenser .—Assume drains at 209°F. or 177 
B.t.u./lb. 

10 lb./hr. steam at atmospheric pressure. 


10 lb./hr. X 1150 B.t.u./lb. 11,500 B.t.u./hr. 

10 lb./hr. X 177 B.t.u./lb. 1,770 

Heat transferred. 9,730 B.t.u./hr. 

Heat leaving turbogenerator condenser. 169.000 

Total heat leaving. 178,730 B.t.u./hr. 


178,730 B.t.u./hr. 


= 58.2 B.t.u./lb. or 90°F. 


3070 lb./hr. 

Turbogenerator Intercooler. —-The temperature of the leaving 
drains is approximately 121°F. (see Chap. IX) or at 89 B.t.u. per lb. 


70 lb./hr. X 1243.4 B.t.u./lb. 87,000 B.t.u./hr. 

70 lb./hr. X 89 B.t.u./hr. 6,230 

Heat transferred. 80,770 B.t.u./hr. 

In condensate. 178,730 

In condensate leaving. 259,500 B.t.u./hr. 


Drain to turbogenerator condenser. 

Turbogenerator Aftercooler .—The temperature of the leaving 
drains is approximately 209°F. (see Chap. IX) or at 177 B.t.u. per 
lb. There are two ejectors blowing into this condenser, each at 
70 lb. per hr. 


70 lb./hr. X 1243.4 B.t.u./lb. 
70 lb./hr. X 1243.4 B.t.u./hr 

Entering. 

140 lb./hr. X 177 B.t.u./hr.. 

Transferred. 

In condensate. 

In condensate leaving. 

408,700 B.t.u./hr. 
3070 lb./hr. 


. 87,000 B.t.u./hr. 

.. 87,000 

. 174,000 B.t.u./hr. 

. 24,800 

. 149,200 B.t.u./hr. 

. 259,500 

. 408,700 B.t.u./hr. 

B.t.u./lb. or 165°F. 
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Drain to atmospheric drain tank. 

It should be noted here that the 165°F. temperature of con¬ 
densate is high and almost justifies recirculation (see the discussion 
of recirculation in the chapter on Condensers). However, recircu¬ 
lation is seldom resorted to in these small installations, enough 
surface being installed to care for the situation. 

Atmospheric Drain Tank .—“Carry-over” from main condenser 

0.00002 X 24,420 lb./hr. = 0.488 lb./hr. (negligible) 

Therefore, the only drain from the main aftercooler is due to the 
motive steam, of the air ejector. 

Main aftercooler. 92.5 lb./hr. X 177 B.t.u./lb. = 16,400 B.t.u./hr. 

Turbogenerator aftercooler.140. lb./hr. X 177 B.t.u./lb. = 24,800 

Gland leak-off. 10 lb./hr. X 177 B.t.u./lb. = 1,770 

242.5 lb./hr. 42,970 B.t.u./hr. 

Drain Cooler. —From first-stage feed-water heater at 8 lb. abs. 
(assuming 2 lb. pressure drop in coming from bleed point on 
turbine). No subcooling. 183°F. or 151 B.t.u. per lb. 

1,715 lb./hr. X 151 B.t.u./lb. = 259,000 B.t.u./hr. 

242.5 lb./hr. X 177 B.t.u./hr. = 42,970 

1,957.5 lb./hr. 301,970 B.t.u./hr. 

301,970 B.t.u./hr. 10fiOI , . 

1957.5 lb./hr. = 154 Btu / lb - or 186 F. entering 

These drain coolers are generally designed with sufficient 
surface to result in a leaving drain temperature of 110°F. or 
78 B.t.u./lb. 

(154 — 78) = 76 B.t.u./lb. of heat transferred 

Total transfer = 1957.5 lb./hr. X 76 B.t.u./lb. 

= 148,800 B.t.u./hr. 

This transferred heat will be applied to the combined con¬ 
densates of the turbogenerator condenser and main condenser. 
Calculations for the latter follow. 

From Main Condenser. 


Main propulsion turbines. 24,420 lb./hr. 

Gland leak-off.. -10 

Drain cooler. 1.957.5 

Main intercooler. 92.5 

Entering main condensate pump. 26,460 lb./hr. 
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Assuming some subcooling as in the case of the turbogenerator 
condenser, the condensate is at 55 B.t.u. per lb. 

Heat leaving = 26,460 lb./hr. X 55 B.t.u./lb. 

= 1,455,000 B.t.u./hr. 

Main Intercooler .—121°F. drain leaving. 


92.5 lb./hr. X 1243.4 B.t.u./lb. 115,000 B.t.u./hr. 

92.5 lb./hr. X 89 B.t.u./lb. 8,230 

Heat transferred. 106,770 

In condensate.: . . . 1,455,000 

In condensate leaving. 1,561,770 B.t.u./hr. 


1,561,770 B.t.u./hr. 
26,460 Ib./hr. 


59 B.t.u./lb. or 91°F. 


Drain to main condenser. 

Main Aftercooler. —209°F. drain leaving. 


92.5 lb./hr. X 1243.4 B.t.u./lb. 115,000 B.t.u./hr. 

92.5 lb./hr. X 177 B.t.u./lb. 16,400 

Heat transferred. 98,600 

In condensate. 1,561,770 

In condensate leaving. 1,660,370 B.t.u./hr. 


1,660,370 B.t.u./hr. 
" 26,460 lb./hr. 


= 62.8 


B.t.u./lb. or 95°F. 


Combination of Condensates. 

26,460 lb./hr. at. 1,660,370 B.t.u./hr. 

3,070 lb./hr. at. 408,700 

29,530 lb. /hr. at. 2,069,070 B.t.u. /hr. 


2,069,070 B.t.u./hr. 
29,530 lb./hr. 


70 B.t.u./lb. or 102°F. 


This enters the cold side of the drain cooler. 


Drain Cooler. 


In condensate. 2,069,070 B.t.u./hr. 

Transferred in cooler. 148,800 

29,530 lb./hr. at. 2,"217,870 B.t.u./hr. 


2,217,870 B.t.u./hr. 
29,530 lb./hr. 


= 75 


B.t.u./lb. or 107°F. 
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First-stage Heater. 


Enthalpy of steam entering heater. 

Enthalpy of drain leaving. 

Transferred per lb. 

1715 lb./hr. X 965.6 B.t.u./lb. 

In condensate . 

In condensate leaving. 

3,877,870 B.t.u./hr. _ 0 

29,530 lb. /hr. 


. 1116.6 B.t.u./lb. 

. 151 

. 965.6 B.t.u./lb. 

. 1,660,000 B.t.u./hr. 

. 2,217,870 

. 3,877,870 B.t.u./hr. 

B.t.u./lb. or 163°F. 


This is the temperature sought for at this stage. 

Deaerating Feed Heater and Vent Condenser .—A total of 2085 lb. 
per hr. is to be bled from the main turbines at 1174.6 B.t.u. per lb. 
and introduced directly into the heater. 

A total of 3220 lb. per hr. is to be bled from the main turbines 
at 1257.1 B.t.u. per lb., and 88 lb. of this is to be used for make-up 
feed, the drain returning to the deaerating heater at 304 B.t.u. 
per lb. 

The remaining 3132 lb. per hr. is fed to the third-stage heater, 
the drain returning to the deaerating heater at 100 lb. abs. satu¬ 
rated or 298 B.t.u. per lb. 

The fluid entering the deaerating heater then is as follows: 


In condensate 29,530 lb./hr. 3,877,870 B.t.u./hr. 

In bled steam 2,085 lb./hr. X 1174.6 B.t.u./lb.... 2,455,000 

Contaminated drain 577 lb./hr. X 333.4 B.t.u./lb.... 192,000 

Reciprocating pumps 4 lb./hr. X 1150.4 B.t.u./lb- 4,600 

Salt-water evaporator 297 lb./hr. X 304 B.t.u./lb.... 90,200 

Make-up evaporator 88 lb./hr. X 304 B.t.u./lb.... 26,800 

Third-stage heater drain 3,132 lb./hr. X 298 B.t.u./lb- 935,000 

35,713 lb./hr. 7,581,470 B.t.u./hr. 


7,581,470 B.t.u./hr. 
35,713 lb./hr. 


212.5 B.t.u./lb. or 244°F. 


This is too high a temperature for this point; it is therefore 
apparent that too much steam is being bled from the turbine. 
However, this value will be accepted for the time being and the 
calculation made for the third-stage heater, correction being made 
after that. 

It is well to note at this point that the total weight of con¬ 
densate or feed water leaving the deaerating feed heater is the same 
weight as the steam, all purposes (see steam-flow diagram, Fig. 
202). If this weight, 35,713 lb. per hr., had not checked, a mis- 
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take would have existed somewhere and would have had to be 
found’. It is well, in calculating a heat balance, to check such 
points at every opportunity. 

Third-stage Feed Heater. 


Enthalpy of steam entering heater. 1257.1 B.t.u./lb. 

Enthalpy of drain leaving heater. 298 

Heat transferred per lb. 959.1 B.t.u./lb. 

3132 lb./hr. X 959.1 B.t.u./lb. 3,000,000 B.t.u./hr. 

In condensate. 7,581,470 

Total in feed. 10,581,470 B.t.u./hr. 


10,581,470 B.t.u./hr. 
35,713 lb./hr. 


= 296 B.t.u./lb. or 326°F. 


This is 1°F. higher than the 325°F. sought; it therefore appears 
that, since the second stage is 6°F. too high and the third stage 
only 1°F. too high, less steam should be bled into the second stage 
and more into the third stage. 

To estimate the correction, take the second stage as 6 B.t.u. 
per lb. in excess; since the bled steam in this stage is good for 
(1174.6 — 295.6) B.t.u. per lb., then the reduction in bled steam 
should be approximately 


35,713 lb./hr. X 6 B.t.u./lb. 
(1174.6 - 295.6) B.t.u./lb. 


= 244 lb./hr. 


Therefore, bleed 2085 — 244 = 1841 lb./hr. 

As regards the third stage, if left as it is, the temperature of the 
feed water would be 6° — 1° = 5°F. too low or 5 B.t.u. per lb. 
deficient. Therefore, since each pound of bled steam in the 
third stage is good for 959.1 B.t.u. per lb., the additional bleeding 
should be approximately 


35,731 lb./hr. X 5 B.t.u./lb. 
959.1 B.t.u./lb. 


186 lb./hr. 


Therefore, bleed 3132 + 186 = 3318 lb./hr. 

Since the 88 lb. per hr. for the make-up feed evaporator comes 
from this same point, the total bleeding from the turbine should be 
at this point. 

3318 + 88 = 3406 lb./hr. 

116. Corrected Steam Summary and Heat Balance. —A cor¬ 
rected steam summary and a corresponding heat balance must be 
worked through. This is a small job compared with the original 
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one because all the groundwork has been laid and most of the 
detail calculations have been made. 

Main turbine steam, corrected, is as follows: 


Heater 

Bled steam, 
lb./hr. 

Replacement 

factor 

j Steam added, 
lb./hr. 

1st stage. 

1715 

0.326 

560 

2d stage. 

1841 

0.482 

885 

3d stage. 

3406 

0.706 

2405 

Total bled. 

6962 

To be added. . . 

3850 


Throttle steam = 27,600 + 3850 = 31,450 lb./hr. 
To condenser =■ 31,450 — 6962 = 24,488 lb./hr. 


Final Steam Summary. 

Main propulsion turbines. 31,450 lb./hr. 

Turbogenerators. 3,000 

Total superheated steam. 34,450 lb./hr. 

Contaminated-water evaporator. 577 lb./hr. 

Make-up feed evaporator. 0 

Salt-water evaporator. 297 

Reciprocating evaporator feed pumps *. 4 

Main air ejectors. . . . ,. 185 

Turbogenerator air ejectors. 140 

Gland leak-off ejector. 70 

Total desuperheated steam. 1,273 lb./hr. 

Superheated steam. 34,450 lb./hr. 

Desuperheated steam. 1,273 

’Total steam, all purposes. 35,723 lb./hr. 

* Exhaust available for feed heating = 4 lb./hr. 


From the steam-flow diagram (Fig. 202), it can be seen that 
the turbogenerator steam flow and amount are unchanged. There¬ 
fore, start at the main condenser. 


From Main Condenser. 

Main propulsion turbines. 24,488 lb./hr. 

Gland leak-off.. —10 

Drain cooler. 1,957.5 

Main intercooler. 92.5 

Entering main condensate pump. 26,528 lb./hr. 

Heat leaving 26,528 lb./hr. X 55 B.t.u./lb. 1,460,000 B.t.u./hr. 

Transferred main intercooler. 106,770 

Transferred main aftercooler. 98,600 

Total heat in feed. . 1,665,370 B.t.u./hr. 


1,665,370 B.t.u./lb. 
26,528 lb./hr. 


62.7 B.t.u./lb. or 95°F. 
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Combination of Condensates. 


26,528 lb./hr. at 1,665,370 B.t.u./hr. 
3,070 lb./hr. at 408,700 
29,598 lb./hr. 2,074,070 B.t.u./hr. 


2,074,070 B.t.u./hr. 
29,598 lb./hr. 


= 70 B.t.u./lb. or 102°F. 


In condensate. 

Transferred in drain cooler. . . 
Transferred first-stage heater 
29,598 lb./hr. at 


2,074,670 B.t.u./hr. 

148,800 

1,660,000 

3,882,870 B.t.u./hr. 


3,882,870 B.t.u./hr. 
29,598 lb./hr. 


131.5 B.t.u./lb. or 163°F. 


This enters the deaerating feed heater via the vent condenser 
at 163°F. 


Deaerating Feed Heater and Vent Condenser. 


In condensate 29,598 lb./hr. 3,882,870 B.t.u./hr. 

In bled steam 1,841 lb./hr. X 1174.6. 2,160,000 

Contaminated drain 577 lb./hr. X 333.4. 192,000 

Reciprocating pumps 4 lb./hr. X1150.4. 4,600 

Salt-water evaporator 297 lb./hr. X 304. 90,200 

Make-up evaporator 88 lb./hr. X 304. 26,800 

Third-stage heater drain 3,318 lb./hr. X 298. 990,000 

35,723 lb./hr. 7,346,470 B.t.u./hr. 


7,346,470 B.t.u./hr. 
35,723 lb./hr. 


205 B.t.u./lb. or 237°F. 


This is satisfactory. 
Third-stage Heater . 


3318 lb./hr. X 959.1 B.t.u./lb. 3,180,000 B.t.u./hr. 

In condensate.. 7,346,470 


10,526,470 B.t.u./hr. 


10,526,470 B.t.u./hr. 
35,723 lb./hr. 


295.5 B.t.u./lb. or 325°F. 


To determine the fuel consumption the boiler performance must 
be calculated. 
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Boilers. 


Feed-water temperature. 325°F. 

Steam at superheater outlet, 465 lb. abs. 750°F. 

Steam at desuperheater outlet, 465 lb. abs. 510°F. 

Enthalpy at 465 lb. abs., 750°F. 1386.6 B.t.u./lb. 

Enthalpy at 325°F. water. 295.5 

Heat gain. 1091.1 B.t.u./lb. 

Enthalpy at 465 lb. abs., 510°F. 1243.4 B.t.u./lb. 

Enthalpy at 325°F. water. 295.5 

Heat gain. 947.9 B.t.u./lb. 

Superheat 34,450 lb./hr. X 1091.1 B.t.u./lb.. . . 37,700,800 B.t.u./hr. 
Desuperheater 1,273 lb./hr. X 947.9 B.t.u./lb. . 1,208,000 

Total heat gain. 38,908,000 B.t.u./hr. 


Take boiler efficiency as 88 per cent, which can reasonably be 
expected. With fuel oil having a calorific value of 18,500 B.t.u. 
per lb. the consumption should be 


38,908,000 B.t.u./hr. 

0.88 X 18,500 B.t.u./lb. ~ 


lb./hr. of oil 


The calculations for the contaminated evaporator show that 
2600 lb./hr., or 9 per cent more oil, was assumed in calculating 
the contaminated-evaporator load for fuel-oil heating. It is hardly 
worth while to correct the heat balance for this, especially since 
it is on the safe side. 


2390 lb./hr. /lb. of fuel\ 

4000~S.H.P. " 0,598 Vs.H.P.-lm/ 

116. Electrical Load and Sizes of Auxiliaries. —It was assumed 
in calculating the preliminary heat balance that the electrical 
load would be 200 kw. and that generators of 25 per cent more 
than this amount, or 250 kw., would be installed. In view of the 
discussion on choice of system in the chapter on Marine Electrical 
Engineering and the ship in question being a small one, 250 volts, 
direct current, will be chosen. By means of the preliminary heat 
balance already calculated, it is now possible to make a check 
of the electrical load. 

Fireroom Blowers .—Three fireroom blowers will be installed, 
any one of which will be able to handle completely the require¬ 
ments of either of the two boilers. Arrangements will be made 
whereby any one of the three blowers can be standing by idle. 
Take the total air pressure required of the blower as 10 in. of water 
when 225 cu. ft. of air per lb. of fuel is being supplied. This is a- 
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fair operating set of conditions for modern boilers of this type and 
is probably on the conservative side. 

From the heat balance, 2390 lb. per hr. fuel is consumed. 


2390 lb./hr. X 225 cu. ft./lb. 
60 min. 


9000 c.f.m. 


at 10 in. of water for two blowers. 


9000 c.f.m. 
2 blowers 


= 4500 


c.f.m./blower at 10 in. of water 


In the case of blowers for this type of service, assume that 
60 per cent efficiency can be obtained. This is a conservative 
figure; probably the blower manufacturer will guarantee a higher 
efficiency. 

TT 0.00001573 X c.f.m. X in. of water 

Horsepower = — -——:- 

r efficiency 


0.0001573 X 4500 X 10 
0.60 


11.9 


A 12-hp. 1750 r.p.m. motor should be installed. 
In the d.-c.-motor performance curve, Fig. 153, 
12 -hp. rated efficiency = 86 per cent 


Kw. input to motor 


11.9 X 0.746 

0.86 


10.32 


Total kw. = 2 X 10.32 = 20.64 kw. 


Main Circulating Pump .—One installed, one operating. 

Later, the actual water and pressure required for the condenser 
can be obtained from the condenser manufacturer, but at the 
present stage a preliminary estimate must be made. 

The total heat in the main turbine exhaust in the case of 
isentropic drop was found to be 902 B.t.u. per lb. (see page 330). 

Isentropic drop = 480 B.t.u./lb. 

Internal efficiency of turbine = 80 per cent 

This indicates 20 per cent loss. 

0.20 X 480 + 902 = 998 B.t.u./lb. of actual heat in 

turbine exhaust 

Total heat in condensate = 55 B.t.u./lb. 

998 — 55 = 943 B.t.u./lb. dissipated in the 

condenser 

24,488 lb./hr. X 943 B.t.u./lb. = 23,100,000 B.t.u./hr. 
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Assume a 10°F. rise in sea water passing through condenser. 
The specific heat of sea water is 0.94. 

The weight of a gallon of sea water under average temperature 
conditions is 8.58 lb. Therefore, 

0.94 X 8.58 X 10° = 80.6 B.t.u./gal. carried away by sea water 
23,100,000 B.t.u./hr. 

80.6 B.t.u./gal. X 60 min. — 

which should be the normal capacity of the pump. 

Install with 20 per cent margin, or 1.20 X 4770 = 5730 g.p.m. 
Call it 5700 g.p.m. at 10 lb. gage, which is a reasonable pressure. 
Generally the main circulating pump should be of the propeller 
type, but the capacity is so low in this instance that the efficiency 
is unreasonably low (see Fig. 94). Therefore, it will be better to 
chose a centrifugal type of pump for this application (see Fig. 93). 
The capacity of 5700 g.p.m. is beyond the range of the curve, but 
it can be seen that such a pump, if the curve were extrapolated, 
should have a rated efficiency of approximately 85 per cent. 


Rated efficiency = 85 per cent 
Operating capacity = 477 9o 700 = 83.8 per cent of rated 
Operating efficiency = 0.96 X 85 = 81.5 per cent 


Water hp. 
Water hp. 


g.p.m. X lb. total head 
17l5 


5700 X 10 
1715 


33.3 


33.3 

0.85 


39.2 hp. input to pump at rated capacity 


Install a 40-hp. motor. Since pressure drop through the 
system is proportional to the square of the velocity, 


( 477 % 70 o) 2 ( 10 ) = 7 lb. operating pressure 
Operating hp. = = 23,9 


23.9 

40 


60 per cent of rated load on motor (see Fig. 153) 


Motor operating efficiency = 0.97 X 0.89 = 86.5 per c 

m . , , • 23.9 X 0.746 , 

Total kw. input = -0 865- 20.6 kw. 
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Main Condensate Pump .—Two installed, one operating. 


26,528 lb./hr. 

8.33 lb./gal. X 60 min. 

Install with 35 per cent margin. 


= 53 g.p.m. 


1.35 X 53 = 71.5 g.p.m. 

Call it 70 g.p.m. at 75 lb. rated. 

In the curve, Fig. 98, 

Rated efficiency = 49.5 per cent 
TT 70 X 75 

" P ' “ 1715 X 0.495 “ 0 / 

Install 10-hp. motor. 

Operating capacity of pump = 5 ^o — 76 per cent of rated 
Operating efficiency of pump = 0.89 X 0.495 = 44 per cent 

Operating hp. = 17 ^* ^44 = 5 25 
5.2 

Operating capacity of motor = -- = 52 per cent 

Operating efficiency of motor 

= 0.96 X 0.85 = 81.5 per cent (see Fig. 153) 

^ A , , 5.2 X 0.746 , „„ , 

Total kw. = —0815 - = ^.76 kw. 

Auxiliary Condensate Pumps. —One pump for each generator. 
Full-load water rate = 14.25 lb./kw.-hr. 

250 kw. X 14.25 lb./kw.-hr. = 3570 lb./hr. 

3570 lb./hr. _ ie , 


= 7.15 g.p.m. normal 


8.33 lb./gal. X 60 min. ' ^ .. 

Install with 35 per cent margin. 

1.35 X 7.15 = 9.65 g.p.m. 

Call it 10 g.p.m. at 75 lb. 

Rated efficiency = 25 per cent (Fig. 98) 
_ 10 X 75 _ 

Hp< ~ 1715 X 0.25 “ 175 
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Install 2-hp. motor. 


Motor rated efficiency 
Operating capacity of pump 
3070. 
8.33 X 60 
6.15 
10 

Operating efficiency of pump 

Operating hp. 

1.37 

2 


= 80 per cent (Fig. 153) 

= 3070 lb./hr. (from heat balance) 

= 6.15 g.p.m. 

= 61.5 per cent of rated capacity 

= 0.79 X 0.25 = 0.197 
= 6.15 X 75 

1715 X 0.197 6 ‘ 

— 69 per cent of motor capacity 


Operating motor efficiency 


= 0.98 X 0.80 = 78.5 


Total kw. = 


1.37 X 0.746 
78.5 


= 1.3 


per cent (Fig. 153) 
kw. 


The efficiency of this small pump is so low that it might be well 
to consider a larger pump in order to gain efficiency, although the 
additional capacity would be of little or no use. 

Auxiliary Circulating Pump .—One pump for each generator. 

The internal efficiency of the turbine for driving a 250-kw. 
generator should be approximately 55 per cent, or the loss should 
be 45 per cent. 

0.45 X 480 + 902 = 1118 B.t.u./lb. in exhaust 


(see calculations covering main circulating pump, page 352). 

Total heat in condensate = 55 B.t.u./lb. 

1118 - 55 = 1063 


B.t.u./lb. dissipated in the condenser 
3560 lb./hr. X 1063 B.t.u./lb. = 3,780,000 B.t.u./hr. 

3,780,000 B.t.u./hr. 


80.6 B.t.u./gal. X 60 min. 


= 780 g.p.m. normal. 


Install with 20 per cent margin, or 


1.2 X 780 = 935 g.p.m. 


Call it 1000 G.P.M. at 10 lb. 

Make this small circulating pump of the centrifugal type. In 
Fig. 93, 
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Rated efficiency = 74.5 per cent 

Operating capacity = 78 Kooo = 78 per cent of rated 

Operating efficiency = 0.93 X 0.745 = 69.3 per cent 

tt A A j -x 1000 X 10 

Hp. at rated capacity = 1715 x q 745 = 7.82 

Install 10-hp. motor. 

85 per cent rated efficiency. 

Operating pressure = ( 78 Kooo) 2 (10) = 6.1 lb. 

Operating hp. - m5 x a693 = 4 

j-{o =40 per cent of rated motor capacity 

In Fig. 153, 

Motor operating efficiency = 0.94 X 0.85 = 80 per cent 

m x , , • x 4.0 X 0.746 0 „„ , 

Total kw. input = -- = 3.73 kw. 

Main Feed Pump .—Two installed, two operating. 

35,723 lb. per hr. total steam, all of which passes through the 
main feed pump 

At 237°F. the weight of the water is 7.95 lb. per gal. 

35,723 lb./hr. . 

m nc ,, y — , ^ W7Z —— = 75 g.p.m. for two pumps 
7.95 lb./gal. X 60 min. 6 ^ ^ ^ 

Install with 25 per cent margin. 

1.25 X 75 ^ 

---= 47 g.p.m./pump 

Install 50-g.p.m. pump. 

Discharge pressure 

= 1.05 X 450 + 66 + 18 lb. drop through heater = 556 lb. 

(The heater is described in the chapter on Heat Exchangers.) 

Call it 575 lb. (see Chapter on Marine Pumps). 

This pump has been discussed in the chapter on Marine Pumps, 
where it was demonstrated that a motor-driven geared piston pump 
was the desired type in this small capacity. A 25-hp. motor should 
be installed. 

The operating capacity would be 37.5 g.p.m., and the efficiency 
of the pump proper would remain unchanged at this load. The 
horsepower input would therefore be 
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37.5 X 575 
P ’ 1715 X 0.71 
17.7 

Operating hp. = -^r- 
Operating motor efficiency 


Total kw. input 


17.7 


71 per cent of rated motor hp. 


0.98 X 0.88 = 86 
n 17.7 X 0.746 
1 0.86 


per cent 
30.8 


Fuel-oil Service Pumps .—Two installed, one operating. 
Fuel oil weighs 8.1 lb. per gal. 


2390 Ib./hr . of fuel 
8.1 lb./gal. X 60 min. 


4.92 g.p.m. operating 


Install with 30 per cent margin, or 1.30 X 4.92 = 6.4 g.p.m. 

Call it 7 g.p.m. 

Fuel-oil service pumps, regardless of the horsepower or steam 
pressure of the ship, are usually installed capable of 400 lb. total 
head. This is on account of the atomizing pressure required at the 
burners. As stated in the chapter on Marine Pumps, always some 
rotary type of positive-displacement pump is used for the regular 
service. In the curve, Fig. 97, the efficiencies shown are approxi¬ 
mately correct for all types of rotary oil pumps. 


Rated efficiency = 37 per cent 
7 X 400 

Pi 1715 X 0.37 


= 4.4 


Install 5-hp. motor. 

Rated motor efficiency = 82 per cent 
(see motor curve, Fig. 153) 


Operating capacity of pump 

Operating pump efficiency 

Operating hp. 

3.13 

5 


= -y— = 70 per cent 

= 0.99 X 0.37 = 36.6 per cent 
_ 4.92 X 400 
1715 X 0.366 

= 63 per cent of rated motor hp. 


Operating motor efficiency 
Total kw. 


0.98 X 0.82 = 80 
3.13 X 0.746 


0.80 


per cent 
= 2.92 
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Lubricating-oil Service Pumps .—Two installed, one operating at 
full capacity. 

G.p.m. = 36 + V (7.15)(S.H.P.) + 1300 

= 36 + V (7.15) (4000) + 1300 = 209 


Call it 200 g.p.m. at 50 lb. 

In the curve, Fig. 95, the curve for the rotary-type fuel-oil 
booster pump, 


Rated efficiency = 69.5 per cent 


Hp. = 


200 X 50 
1715 X 0.695 


Install 10-hp. motor, 85 per cent efficiency. 

At 8.4/10, or 84 per cent capacity, motor efficiency would be 
0.99 X 0.85 = 84 per cent. 


Total kw. 


8.4 X 0.746 
0.84 


7.46 


Sanitary, or Flushing, Pump .—One installed and operating 
50 per cent of the time. 

1.6 g.p.m. per 1000 tons displacement. 

1.6 X 13 = 20.8 or 20 g.p.m. at 85 lb. 

This pump is so small that, for efficiency, it should be of motor- 
driven reciprocating type (see the method of determining recipro- 
cating-motor-driven-pump sizes in the chapter on Marine Pumps, 
page 157). 

Assume D w = L/2. 

Take three cylinders, single acting. 

G.P.M. = 0.00645Z) 2 L (R.P.M.) X V 2 
~ Y~ = 0.00645 ^ (R.P.M.) 

L 3 (R.P.M.) = 8250 


In the curve, Fig. 82, 

Water assumed to be entering at 70°F., and so no correction. 
This corresponds very closely to 4^4 in* stroke, r.p.m. = 83, 
D w = 2% in. 

2 % X 4% pump, 83 r.p.m.: 

Apply 1750 r.p.m. motor with double-reduction gearing. 


Water hp. 


20 g.p.m. X 85 lb. 
1715 
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In the curve, Fig. 81, 

Efficiency = 55 — 5 = 50 per cent 
Hp. input = = 2 

Install 2-hp. motor, 80 per cent efficiency, for 50 per cent time 
operation. 

x 2 X 0.746 

Kw. input = 2 x Q 8Q = 0.935 

Fire Pump .—Install two 400 g.p.m. 125-lb. pumps. 

Ballast Pump .—One installed. Not operating at full power 
normally. 

35 g.p.m. per 1000 tons displacement at 35 lb. 

35 X 13 = 455 


Call is 450 g.p.m. at 35 lb. 

Bilge Pump .—One installed and assumed to be operating at 
full capacity 50 per cent of time. 

35 g.p.m. per 1000 tons displacement at 35 lb. 

35 X 13 = 455 


Call it 450 g.p.m. at 35 lb. 

In Fig. 93 on low-head centrifugal pumps, 71 per cent rated 
efficiency. 


Horsepower = 


450 g.p.m. X 35 lb. 
1715 X 0.71 


13 


is 


Install 15-hp. motor, 87 per cent efficiency (see Fig. 153). 
Average power consumption with operation 50 per cent of time 


Total kw. 


1 13 X 0.746 

2 0.87 


(Efficiency at 13 hp. is practically the same as that at 15 hp.) 

Fuel-oil Transfer Pump .—One 225 g.p.m. pump at 35 lb. 
Assume operation at full capacity 10 per cent of the time. In the 
fuel-oil booster-pump performance curve, Fig. 95, 70 per cent rated 
efficiency. 


Hp. = 


225 g.p.m. X 35 lb. 
1715 X 0.70 


= 6.6 


Install 7 1 /£-hp. motor, 84 per cent efficiency. 
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In the-motor curve, Fig. 153, 


Operation of motor at ^ ^ = 88 per cent capacity 

Operating efficiency = 0.995 X 0.84 = 83.5 per cent 
Power-consumption average for 10 per cent time operation is 


Total kw. 


1 6.6 X 0.746 
10 0.835 


Fresh-water Pump (Faucets ).—Two pumps installed, one in 
operation 50 per cent of time. 

3 g.p.m. per 1000 tons displacement at 75 lb. 

3 X 13 = 30. 


Call is 40 g.p.m. at 75 lb. 

This pump is small enough to be, for reasons of efficiency and 
pressure, of the motor-driven reciprocating type (see the method 
of determining reciprocating-motor-driven-pump sizes in the chap¬ 
ter on Marine Pumps). 

Assume D w = L/2. 

Take three cylinders single acting. 

G.P.M. = 0.00645 DIL (R.P.M.) X K 

2 V 40 Tj 3 

~ — - 0.00645 (R.P.M.) 

L 3 (R.P.M.) = 16,500 

In the curve, Fig. 82, 

Water assumed to be entering at 70°F., and so no correction. 

This corresponds very closely to 6in. stroke. R.p.m. = 70. 

D w — 3J-6 in. 


3 \i X 6K pump, 70 r.p.m.: 

Apply 1750 r.p.m. motor with double-reduction gearing. 


Water hp. 


40 g.p.m. X 75 lb. 
1715 


1.75 


In the curve, Fig. 81, 

Efficiency = 55 — 5 = 50 per cent 
Hp. input = ^ = 3.5 

Install 5-hp. motor, 82 per cent efficiency (see Fig. 153). 
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3.5/5 = 70 per cent of capacity. Operating efficiency = 80.5 
per cent. 


Kw. input = 


3.5 


X 0.746 
0.805 


3.25 


For 50 per cent time operations, 

q 25 

Total kw. = = 1.63 kw. 


Ice-water Circulation Pump .—One installed and in operation 
25 per cent of time. 

0.4 g.p.m. per 1000 tons displacement at 20 lb. 

0.4 X 13 = 5.2, or 5 g.p.m. at 20 lb. 

This pump is so small that efficiency is not important and pres¬ 
sure is low, and so a centrifugal type will be installed. Take effi¬ 
ciency as 20 per cent. 


Hp. = 


5 g.p.m. X 20 lb. 
1715 X 0.20 


0.292 


Install at H-hp. motor, 78 per cent efficiency. 


Kw. = 


0.292 X 0.746 
0.78 


0.28 


At 25 per cent time operation, 

0 28 

Total kw. = -V- = 0.07 kw. 

4 

Refrigeration-condenser Circulation Pump .—It might be thought 
that the auxiliary circulating pump could serve the refrigeration 
condenser as well since it would only mean a few per cent of extra 
water and one auxiliary circulating pump must always be operat¬ 
ing. However, the refrigeration condensers are so small and the 
conventional designs result in pressure drops that are so high as 
compared with the larger steam condensers that the best solution 
to the problem seems to be to install an individual pump. The 
discharge pressure should be 25 lb. 

The refrigeration tonnage required is decided upon by someone 
other than the marine engineer. Assume that in this case it is 
3 tons. The chapter on Refrigeration shows that in a practical 
case worked out for this tonnage a 15 g.p.m. pump at 25 lb. 
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pressure was decided upon. Use the centrifugal type on account 
of handling sea water and harbor water in spite of low efficiency. 


Rated efficiency = 30 per cent (Fig. 93) 
rr n _ 15 g.p.m. X 25 lb. _ 
ttp - “ 1715 X 0.30 “ U * 7d 


Install %-hp. Motor, efficiency = 79 per cent. 


Total kw. 


0.73 X 0.746 
0.79 


= 0.7 


Refrigeration Compressor .—See the chapter on Refrigeration. 
For 3 tons, 5.5 hp. is necessary with 7^-hp. motor. 

73.5 per cent capacity operating 

83.5 per cent 

0.985 X 0.835 = 82 per cent 

5.5 X 0.746 r 

0.82 5 


^5 _ 
7.5 

Rated motor efficiency = 
Operating efficiency = 

Total kw. = 


Bilge Priming Pump .—One of the smallest standard sizes of 
rotary wet vacuum pumps is sufficient, as all it has to do is prime 
the bilge pump. Therefore, install 

15 c.f.m., 15 in. of mercury, hp. 


Assume time of operation so small that power drawn is negli¬ 
gible. 

Air Compressors. —Since, on a modern ship, compressed air is 
desirable, as it is around any power plant or machine shop, air 
compressors should be provided. This air is used for cleaning 
boiler tubes, operating pneumatic tools, and general blowing out 
and cleaning. Also, where automatic combustion control is 
installed, the motive power for the control should be compressed 
air. Air is best for all remote-controlled valves, likewise. Air is 
superior to electricity for this sort of service because forces due to 
electricity are generally proportional to amperage and current 
must flow as long as this force is exerted. An example of this is the 
solenoid valves used in the refrigerated cold rooms. On the 
other hand, the forces exerted by compressed air are proportional 
to the area of the piston used as well as to the unit pressure of the 
air. When this force is desired, air will flow in as long as the piston 
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is moving. Once the motion has ceased, no more air will flow, but 
the force continues at no cost of energy. Air is therefore ideal 
for automatically starting and stopping small feed pumps for the 
evaporators, operating dampers, and so on. Approximately 
110 lb. gage is a good pressure to use because most pneumatic tools 
operate at this pressure. Compressor design at this pressure has 
been highly developed because this is what has been employed for 
air brakes on railroads for years as well as in general use around 
machine shops. 

For general service use aboard ship, 15 c.f.m. of free air, that 
is, air drawn into the compressor at atmospheric pressure, per 
1000 S.H.P. is a fair figure to use for estimating. In addition to 
this general-service compressor, it is well to have an additional 
25-c.f.m. compressor operating at the same pressure for serving 
the control system. If air at reduced pressure is desired, it can be 
obtained by means of reducing valves. 

Power required to compress free air to 100 lb. gage is ap¬ 
proximately 0.2 hp. per c.f.m. in ordinary designs and sizes of 
compressors. 

4°°Kooo S.H.P. X 15 c.f.m. = 60 c.f.m. capacity of general- 
service compressor 

0.2 X 60 = 12 hp. 

Install 15-hp. motor, 87 per cent rated efficiency. 1 Ks — 80 per 
cent of rated capacity operating. 

In the motor curve, Fig. 153, 

Operating motor efficiency = 0.99 X 0.87 = 86 per cent 

Assume 50 per cent time operation. 

x „ • , 12 X 0.746 B 00 

Kw. input = 2 x Q 8 - 6 - = 5.23 

25 c.f.m. for control air. 

0.2 X 25 = 5 hp. 

Install 5-hp. motor, 82 per cent efficiency. 

Assume 50 per cent time operation. 

Tr . , 5 X 0.746 0 

Kw. input = 2 x 0 8 2 - = 2.28 

Total air-compressor electrical load is 5.23 4- 2.28 — 7.51 kw. 
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Electrical Load 

Kw. 

Fireroom blowers. 20.6 

Main circulating pump. 20.6 

Main condensate pump. 4.8 

Auxiliary condensate pump. 1.3 

Auxiliary circulating pump. 3.7 

Main feed pump. 30.8 

Fuel-oil service pump. 2.9 

Lubrieating-oil service pump. 7.5 

Sanitary, or flushing, pump. .9 

Bilge pump. 5.6 

Fuel-oil transfer pump. .6 

Fresh-water pump. 1.6 

Ice-water circulation pump. .1 

Refrigeration-condenser pump. .7 

Refrigeration compressor. 5.0 

Air compressors. 7.5 

Total. 114.2 


The remainder of the electrical load consists of lights, radio, 
air compressors, ventilation motors, galley, laundry, and other such 
“hotel load” as is not controlled by the propulsion equipment. 
Such data should be furnished to the marine engineer by the naval 
architect. Certainly, in this case, they should not bring the elec¬ 
trical load total to more than the 200 kw. assumed for the heat 
balance; therefore, all estimates to this point are conservative. 

Since the sizes of the auxiliaries have been determined, a table 
can now be made covering these auxiliaries. 

In port it will not be advisable to operate the motor-driven 
main feed pump merely to feed the small turbogenerator load; 
therefore, a port feed pump of some sort should be installed. This 
will be such a small pump, the size to be determined by working 
up a “port heat balance,” that it should be reciprocating, steam- 
driven. Also, it is good practice to install an emergency feed 
pump of the reciprocating steam-driven type of sufficient capacity 
to carry the total full-power load in the event of complete failure 
of electric power. 

The ship now under consideration is so small that it may be 
desirable merely to use the emergency feed pump throttled down in 
speed for port service. The size of this emergency feed pump will 
now be determined. 

117. Emergency Feed Pump. 

One 100 g.p.m. at 575 lb. 
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Simplex reciprocating steam-driven. 

235°F. water at suction. 

Since this is a relatively large pump with a relatively high discharge 
pressure, full-pressure desuperheated steam should be used at the 
driving end. And since even this high-pressure steam is not so 
great as the water pressure, the area of the steam piston will be 
considerably greater than the water piston. Therefore, assume 
D w = L/2 in this case to obtain a better proportioned pump. 

G.P.M. = 0.00645DJL (R.P.M.) 

100 = 0.00645 ^ (R.P.M.) 

L 3 (R.P.M.) = 62,000 

In the curves, Figs. 78 and 79, 

L 3 (R.P.M.) = = 97,500 

when corrected for water temperature. In the curve, Fig. 78, 
this corresponds very closely to L = 14.5 in. D w = 7.25 in. 


P s = 450 - 10 = 440 lb 



D s = 10.1. Call it 10.25 in. Therefore, the pump size should 
be 10)4 X7KX 14)4 in- 

It should be mentioned again that, if such dimensions are not 
shown in the standard line put out by pump manufacturers, the 
nearest set of dimensions to this should be chosen and the per¬ 
formance checked as the dimensions of the pump used as a basis 
for this discussion were arrived at, that is, as outlined above. 

118. Emergency Bilge Pump. —For the same reason that it is 
desirable to install a steam-driven emergency feed pump, it is also 
desirable to install a steam-driven emergency bilge pump. 

Taking the same capacity as that decided upon for the motor- 
driven pump, namely, 450 g.p.m. at 35 lb., the dimensions will be 
determined. Make a simplex pump. 

Full-pressure desuperheated steam is unnecessary here because 
the discharge pressure of the pump is low; therefore, 150 lb. gage v 
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reduced steam will be used, as for the other small reciprocating 
pumps. 

Therefore, assume D w = L. 

G.P.M. = 0.00645Z)£L (R.P.M.) 

450 = 0.00645L 3 (R.P.M.) 

L 3 (R.P.M.) = 69,800 

No correction for temperature necessary (see the curve, Fig. 
78). 

This corresponds very closely to L — 13 in. D w = 13 in. 

P s = 150 - 10 = 140 



D s = 8 in. 

Therefore, pump should be 8 X 13 X 13 in. 

119. Diesel Electric Generator. —Another very important 
piece of emergency equipment that should be installed is a Diesel 
electric generator. This should be capable of carrying the lighting 
and the radio loads. Also, it should be located on one of the 
upper decks so that, in the event of extreme emergency and if all 
the machinery space below decks is flooded, this generator will be 
capable of operation. It should be equipped with automatic con¬ 
trols so that if voltage is lost on the regular line this engine will 
start automatically. The power required should be determined 
by the amount of lighting and radio load; in a small ship such 
as the one under consideration, 10 kw. should be ample. It is 
unnecessary that this generator be capable of operating in parallel 
with the main turbogenerators as when it comes into service it 
is operating alone. On large ships, it is well to have several of 
these generators situated at removed points so that if the 
ship is submerged by the bow or stern one generator can still 
function. 

120. Table of Machinery. —At this stage of the project, it is 
possible to make a list of all the machinery to be ordered, and its 
guaranteed performance requested from the manufacturers. 
Machinery for machine shop not included. 
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Machinery List 


Quantity 

Item 

Capacity 

Pressure 

1 

Main propulsion turbine 

4000 S.H.P. 

440 lb. gage, 440°F. 

1 

Propulsion-gear unit 

4000 S.H.P. 


2 

D-c turbogenerators, 250 volt 

250 kw. 

440 lb. gage, 440°F. 

1 

D-c Diesel generator 

110 volt, 10 kw. ( 


3 

Fireroom blowers 

4500 c.f.m. 

10 in. of water 

1 

Refrigeration system 

3 tons 


1 

Air compressor 

60 c.f.m. 

| 110 lb. gage 

1 

Air compressor 

25 c.f.m. 

| 110 lb. gage 


Motors (Other than for Pumps) 


Quantity | 

Service 

Speed control 

Hp. 

3 

Fireroom blowers 

25 

12 

1 

Refrigeration compressor 

25 

7 H 

1 

Air compressor 

25 

15 

1 

Air compressor 

25 

5 


Control by means of resistance in shunt field. 

Motor-driven Pumps 


Quantity 

Service 

' 

1 

Main circulating 

2 

Main condensate 

2 

Auxiliary condensate 

2 

Auxiliary circulating 

2 

Main feed 

2 

Fuel-oil service 

1 

Sanitary 

2 

Fire 

2 

Lubricating-oil service 

1 

Ballast 

1 

Bilge 

1 

Fuel-oil transfer 

2 

Fresh water 

1 

Ice water 

1 

Refrigeration-condenser 

circulation 

1 

Bilge priming 


Type 

Rated 

Total 

Motor 

capacity 

head 

hp. 

Vertical 

Centrifugal 

5700 g.p.m. 

10 p.s.i. 

40 

Vertical 

70 g.p.m. 

75 p.s.i. 

10 


10 g.p.m. 

75 p.s.i. 

2 

Centrifugal 

1000 g.p.m. 

10 p.s.i. 

10 

Vertical 

Triplex 

Vertical 

50 g.p.m. 

575 p.s.i. 

400 p.s.i. 

25 

Rotary 

Vertical 

7 g.p.m. 

20 g.p.m. 

5 

85 p.s.i. 

Triplex 

Vertical 

Centrifugal 

Vertical 

Rotary 

Vertical 

Centrifugal 

2 

50 

400 g.p.m. 

125 p.s.i. 

200 g.p.m. 

50 p.s.i. 

10 

450 g.p.m. 

35 p.s.i. 

15 

Vertical 

Centrifugal 

450 g.p.m. 

35 p.s.i. 

15 

Vertical 

Rotary 

Vertical 

Triplex 

Horizontal 

Centrifugal 

225 g.p.m. 

40 g.p.m. 

35 p.s.i. 

75 p.s.i. 

7 

5 

3^ 

5 g.p.m. 

20 p.s.i. 

Vertical 

Centrifugal 

15 g.p.m. 

25 p.s.i. 

X 

Rotary 

15 c.f.m. 

15 in. of 

l X 

Wet vacuum 


mercury 


All motors to be shunt wound and capable of 25 per cent speed control by shunt-field rheostat. 
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Steam-driven Pumps (Reciprocating) 


Quantity 

Service 

Type and size 

Rated 

capacity, 

g.p.m. 

Total 

head, 

p.s.i. 

1 

Emergency feed 

Vertical simplex 
10KX7KX14H 

100 

575 

1 

Emergency bilge 

Vertical simplex 

8 X 13 X 13 

450 

35 

2 

Contaminated-evaporator feed 

Horizontal duplex 
3X3^X 3% 

20 

75 

1 

Make-up-evaporator feed 

Horizontal duplex 
3 X 3H X 3H 

20 

.50 

1 

Salt-water-evaporator feed 

Horizontal duplex 
3 X 3 H X 3H 

20 

50 


Performance information should be requested from the manu¬ 
facturers on all the foregoing machinery and on the basis of this 
a new and corrected heat balance made up. It may be that 
the exact sizes and capacities as calculated are not available in 
the manufacturer’s standard line. In this event, the nearest 
available size should be chosen. 

This completes the heat balance of the ship, with three stages 
of regenerative feed-water heating. 

121, Heat Balance for Single-stage Feed Heating.—In order 
to be able to compare the two methods of feed-water heating as 
well as to demonstrate a method of making such a heat balance, 
the same ship will be studied on the basis of using exhaust steam 
from auxiliary turbines for feed heating and bleeding no steam 
from the main propulsion turbines. 

A steam-flow diagram covering such a system is shown in 
Fig. 206. It will be noted that as regards the contaminated-water 
system and the generation of electric power, this is almost identical 
with the regenerative system just completed. Since the main 
turbines are to be clean of any bled or inducted steam, only those 
auxiliary devices should be turbine-driven which will furnish just 
sufficient exhaust steam for feed heating—no more, no less. All 
the others should be electrically driven. Naturally, some auxil¬ 
iaries lend themselves well to steam drive as, for example, the 
fireroom blowers. They are inherently high speed devices and 
are close to the source of steam. Others, as, for example, con¬ 
densate pumps, do not lend themselves to steam-turbine drive so 
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Fig. 206.—Steam- and fluid-flow diagram. One stage of feed-water heating using auxiliary exhaust. 
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well as they do to motor drive. Such considerations must influence 
the choice of which units to drive by steam, as well as the total 
amount of steam required. 

Since deaeration is essential and since there is to be only one 
pressure of steam for feed heating, the one stage must necessarily 
be the deaerating stage. As mentioned before, the pressure in the 
deaerating tank can be a few pounds above atmospheric. We have 
not a free choice of the feed temperature and deaerating-tank 
pressure this time because we must take the amounts of exhaust 
steam according to the requirement of the auxiliary turbines 
exhausting it. The only adjustment we can make is to drive a 
complete unit either electrically or by steam. However, if the 
deaerating-tank pressure falls somewhere between 5 and 10 lb. 
gage, the operation will be satisfactory. Exhaust steam at 15 lb. 
gage will be used for heating, and an estimate will be made by 
means of a set of calculations. 

To obtain this balance, it will be assumed that the following 
auxiliaries are to be steam-driven and that the saving in electrical 
load will be as shown. These values of electrical load are taken 
from the calculations on the regenerative system just concluded. 

It may be that, depending on preliminary balance, either more 
or fewer auxiliaries will be steam driven. 

Preliminary List of Auxiliaries to Be Steam-driven 


Kw. 

Fireroom blowers. 20.6, 

Main feed pumps. 30.8 

Main circulating pumps. 20.6 

Fuel-oil service pumps. 2.9 

Bilge pumps. 5.6 

Saving. 80.5 


Call it 80 kw. 

Turbogenerators .—200 kw. — 80 kw. = 120 kw. on generator. 
Install two 150-kw. generators (this instead of the two 250 kw. as 
before). Assume water rate of 15 lb. per kw.-hr. 

Total steam = 120 X 15 = 1800 lb./hr. 

Main Propulsion Steam. 

4000 S.H.P. X 6.9 = 27,600 lb./hr. (no bleeding) 

Main Air Ejectors. —27,600 lb./hr. steam to be condensed. 

In the curve, Fig. 204. 

Total steam, both stages = 196 lb./hr. 
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Desuperheated Steam .—Same as listed in final steam summary 
of regenerative calculations (page 349), plus the following items: 

Fireroom blowers {steam-driven ).—Three installed, two operat¬ 
ing. 



Rated horsepower 

Fig. 207.—Auxiliary-turbine steam consumption. 

For preliminary estimate, assume 2500 lb. per hr. of fuel to be 
burned; therefore, 


2500 lb./hr. X 225 cu. ft./lb. 
60 min. 


= 9400 


c.f.m. 


at 10 in. of water for two blowers. 

4700 c.f.m. per blower at 10 in. of water, 
efficiency. 


Hp. = 


0.0001573 X 4700 X 10 


60 per cent blower 
= 12.3 


0.60 
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Install 13-hp. turbine. 

In the curve, Fig. 207, which covers water rates of single-stage 
auxiliary turbines using saturated steam and exhausting at 15 lb. 
gage or to atmosphere, 

Water rate = 58.5 lb./hp.-hr. 


Two blowers operating. 

Total steam = 2 X 12.3 X 58.5 = 1440 lb./hr. 

Main feed pumps .—Two installed, one operating. 

Use the reciprocating emergency feed pump specified under the 
regenerative scheme (page 364), but install an extra one. 

Actually, there will be less total steam used in this scheme 
because there is no bleeding from the main turbines. However, 
since the feed temperature is lower, the total heat added to the 
water in the boiler will be as great if not greater. Therefore, for 
preliminary estimating a value of approximately 3 per cent less 
steam for a single-stage heating system as compared with a three- 
stage regenerative scheme can be taken. Total steam for regen¬ 
erative scheme was 35,723 lb. per hr. 

0.97 X 35,723 = 34,600 lb./hr. 

Pump size = 10)4 X 7 MX 14 J4 in. 

238°F. feed water. 7.9 lb. per gal. 

34,600 lb./hr. _ 

7.9 lb./gal. X 60 min. g-P- m - 

At 73 g.p.m., this being a piston type, or constant-displacement 
pump, the steam end cannot take more steam than is consistent 
with this velocity. 


G.P.M. 
v ~ 0.0385D 2 

Steam volume/min. = 


= (0.0385) (7.25) 2 “ 36,1 
(0.7854) (10.25) 2 (36.1) 
144 


ft./min. 
20.8 c.f.m. 


Volume of desuperheated steam at 450 lb. gage, 1243.4 B.t.u. 
per lb., is 

1.51 cu. ft./lb. 

20 8 

Total steam = X 60 = 825 lb./hr. 


Main circulating pumps .—One installed and operating. 
Centrifugal type, turbine-driven. 
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Since 27,600 lb. per hr. exhaust steam goes to the condenser, 
more cooling water is necessary (see calculations on main circulat¬ 
ing pump for regenerative scheme, page 352). 


27,600 lb./hr. X 943 B.t.u./lb. 

80.6 B t.u./gal. X 60 min. “ 5370 g,p - m 

Install with 20 per cent margin, or 


1.2 X 5370 = 6450 g.p.m. 

Call it 6500 g.p.m. at 10 lb. gage. 

Make this a centrifugal-type pump (see previous calculations 
on main circulating pumps, page 353). 


Rated efficiency = 85 per cent 
Operating capacity r)37 %soo = 83 
Operating efficiency = 0.95 X 0.85 = 
„ . , 6500 X 10 

Hp. input - WI 5 x-0^5 - 


per cent of rated 
81 per cent 

44.6 at rated capacity 


Install 50-hp. turbine. 

Since pressure drop through system is proportional to square 
of velocity, 


( 537 %50o) 2 (10) 
Operating hp. 


= 6.8 lb. operating pressure 
5370 X 6.8 


1715 X 0.81 


= 26.3 


26.3 

50 


52.5 per cent, or rated load 


In the curve, Fig. 207, which shows water rates of single-stage 
turbines for fractional loads, 

Operating water rate = 1.275 X 33 = 42 lb./hp.-hr. 

Total steam = 26.3 X 42 = 1100 lb./hr. 

Fuel-oil Service Pumps .—Two installed, one operating. 

7 g.p.m. at 400 lb. 

Reciprocating simplex. 

Use full-pressure desuperheated steam, and assume I) w = L/2, 
D w in this case is, of course, the oil cylinder. 

G.P.M. = 0.00645D£L (R.P.M.) 

7 = 0.00645 ^ (R.P.M.) 

L 3 (R.P.M.) = 4340 
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Oil must be pumped more slowly than water; therefore (see the 
curve, Fig. 78), a stroke of in., or L = 4>^, should be satis¬ 
factory. D w = 23 ^, P s — 450 — 15 = 435 lb. 



D s = 2.65 in. Call it 2% in. 
Therefore, the pump size should be 


2% X 2K X 4K in. 


2500 lb./hr. 

8.1 lb./gal. X 60 min. 


= 5.15 


g.p.m. oil to be pumped 


G.P.M. 
v ~ 0.0385DL 

Steam volume/min. 


__ = oa o 

0.0385 X (2.25) 2 
(0.7854) (2.75) 2 (26.3) 

144 


ft./min. 
1.08 c.f.m. 


Volume of desuperheated steam at 450 lb. gage, 1243.4 B.t.u. per 
lb., is 1.51 cu. ft. per lb. 

1 QQ 

Total steam = zr ^ X 60 = 43 lb./hr. 

1.51 


Bilge Pumps .—Two installed, one operating 50 per cent of the 
time. Both steam-driven reciprocating pumps. Use the pump 
specified as emergency bilge pump in regenerative scheme (page 
365). 

Size 8 X 13 X 13 in. 

450 g.p.m. at 35 lb. delivery. 

150 lb. gage steam pressure. 

At 450 g.p.m. the velocity of the piston is 


v = 


G.P.M. 


450 


(0.0385)A 2 

Steam volume/min. 


(0.0385) (13) 2 
(0.7854) (8) 2 (69.2) 
144 


69.2 


ft./min. 
24.2 c.f.m. 


Volume of desuperheated steam at 150 lb. gage, 1243.4 B.t.u, 
per lb., is 3.1 cu. ft. per lb. 

24 2 

Total steam = -g-y X 60 = 470 lb./hr. 
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Steam Summary. 

Main propulsion turbines. 27,600 lb./hr. 

Turbogenerators. 1 % 800 

Total superheated steam. 29,400 lb./hr. 

Contaminated-water evaporator. 577 lb./hr. 

Make-up-feed evaporator. 88 

Salt-water evaporator. 297 

Reciprocating evaporator feed pumps *. 4 

Main air ejectors. 196 

Turbogenerator air ejectors. 140 

Gland leak-off ejector. 70 

Firerocm blowers*. 1,440 

Main feed pumps*. 825 

Main circulating pumps *. . 1,100 

Fuel-oil service pumps *. 43 

Bilge pumps*. 470 

Total desuperheated steam. 5,250 lb./hr. 

Total steam, all purposes. 34,650 lb. /hr. 

* Exhaust available for feed heating = 3882 lb./hr. 


The 34,650 lb. per hr. is close enough to the 34,600 lb. per hr. 
used in calculating main feed pump. 

Heat Balance .—Refer to the steam-flow diagram (Fig. 206), 
and start at the turbogenerator condenser. 


From turbogenerator condenser. 

Total condensate = 1800 + 70 = 1870 lb./hr. 

Heat leaving 1870 X 55 B.t.u./lb. 103,000 B.t.u./hr. 

Transferred in gland leak-off. 9,730 

Turbogenerator intercooler. 80,770 

Turbogenerator aftercooler. 149,200 

Total. 342,700 B.t.u./hr. 

From main condenser. 

From main turbines. 27,600 lb./hr. 

Gland leak-off. . —10 

Fresh-water tank. 248 (see below) 

Exhaust condensate. 3,882 

Main intercooler. 98 

Total condensate. 31,818 lb. ,/hr. 

Heat leaving = 31,818 X 55 B.t.u./lh. = 1,750,000 B.t.u./hr. 

From atmospheric-drain tank , or fresh-water tank. 

Main aftercooler 98 lb./hr. X 177 B.t.u./lb. 17,350 B.t.u./hr. 

Turbo aftercooler 140 lb./hr. X 177 B.t.u./lb. 24,800 

Gland leak-off JO lb./hr. X 177 B.t.u./lb. 1,770 

Total 248 lb*./hr. 43,920 B.t.u./hr. 
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From main intercooler. —121°F. drain leaving. 


98 lb./hr. X 1243.4 B.t.u./lb. 122,000 B.t.u./hr. 

98 lb./hr. X 89 B.t.u./lb. 8,730 

Heat transferred. 113,270 B.t.u. /hr. 

In condensate. 1,750,000 

In condensate leaving. 1,863,270 B.t.u./hr. 


From main aftercooler. —209°F. drain leaving. 


98 lb./hr. X 1243.4 B.t.u./lb.. 122,000 B.t.u./hr. 

98 lb./hr. X 177 B.t.u./lb. 17,350 

Heat transferred. 104,650 B.t.u. /hr. 

In condensate. 1,836,270 

In condensate leaving. 1,967,920 B.t.u./hr. 


1,967,920 B.t.u./hr. 
31,818 lb./hr. 


61.8 B.t.u./lb. or 94°F. 


From combination of both condensates. 


31,818 lb./hr. at. 1,967,920 B.t.u./hr. 

1,870 lb./hr. at. 342,700 

33,688 lb./hr. at. 2,310,620 B.t.u./hr. 


2,310,620 B.t.u./hr. 
33,688 lb./hr. 


68.5 B.t.u./lb. or 100.5°F. 


This enters the cold side of the drain cooler. 

From drain cooler. —Drain leaves at 110°F. or 78 B.t.u. per lb. 


From fresh-water tank 248 lb./hr. at. 43,920 B.t.u./hr. 

From feed heater at 15 lb. gage 3882 lb./hr. X 218.8 B.t.u./lb. 850,000 

Entering.4130 lb./hr. 893,920 B.t.u./hr. 

Leaving 4130 lb./hr. X 78 B.t.u./lb. 322,000 

Transferred. 571,920 B.t.u./hr. 

From combination. 2,310,620 


Total 


2,882,540 B.t.u./hr. 


2,882,540 B.t.u./hr. 
33,688 lb./hr. 


85.7 B.t.u./lb. or 118°F. 


Feed Heater .—This feed heater is an integral part of the deaerat¬ 
ing feed heater. Assume that only the latent heat of vaporiza¬ 
tion of the exhaust steam is absorbed. It can also be safely 
assumed that the exhaust steam from the auxiliary turbines is 
dry and saturated. The author has investigated a number of 
ships, taking the individual efficiencies of the auxiliary turbines 
into account and calculating the quality of steam at exhaust. 
When all these exhausts were summarized, it was found in each 
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case that the resultant quality was so near 100 per cent that it 
would be practical to assume such a condition. 

The latent heat of vaporization of 15 lb. gage steam is 945.3 
B.t.u. per lb. 


3882 lb./hr. X 945.3 B.t.u./lb. 3,680,000 B.t.u./lir 

In feed entering. 2,882,540 

33,688 lb./hr. at. 6,562,540 B.t.u./hr. 

Deaerating Feed Heater . 

Entering feed 33,688 lb./hr. at. 6,562,540 B.t.u./hr. 

Make-up evaporator 88 lb./hr. at. 26,800 

Contaminated evaporator 577 lb./hr. at . 192,000 

Salt-water evaporator 297 lb./hr. a l . 90,200 

Total 347650 lb./hr. 67871^540 B.t.u./hr. 


6,871,540 B.t.u./lb 
34,650 lb./Iir. ~ 


= 198 


B.t.u./lb. or 230°F. 


This corresponds to 20.5 lb. abs., or 6 lb. gage, which is satis¬ 
factory. 

If this final feed temperature had fallen to such a value that 
the corresponding deaerating tank pressure was below atmospheric, 
it would have been necessary to switch over another electrically 
driven unit to steam and recalculate. On the other hand, if the 
final feed temperature had risen in excess of 240°F., it would have 
been necessary to switch over a steam-driven unit to electric drive 
and recalculate. In short, when exhaust steam is used pre¬ 
dominantly for feed heating, the feed temperature desired controls 
the proportion of steam and electrically driven auxiliaries. 

To determine the fuel consumption the boiler performance 
must be calculated. 


Boilers. 


Feed water enters with enthalpy. 198 B.t.u. /lb. 

Steam at superheater outlet, 465 lb. abs. 750°F. 

Steam at desuperheater outlet, 465 lbs. abs. . 510°F. 

Enthalpy at 465 lb. abs., 750°F. 1386.6 B.t.u./lb. 

Enthalpy of feed water. 198 

Heat gain. 1188.6 B.t.u./lb. 

Enthalpy at 465 lb. abs., 510°F. 1243.4 B.t.u./lb. 

Enthalpy of feed water. 198 

Heat gain. 1045.4 B.t.u./lb. 

Superheat 29,400lb./hr. X 1188.6 B.t.u./lb. 34,900,000 B.t.u./hr. 
Desuperheat 5,250lb./hr. X 1045.5B.t.u./lb. 5,500,000 
Total 34,650 lb./hr. 40,400,000 B.t.u./hr. 
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Taking the same boiler efficiency as that used in the regenera¬ 
tive scheme (page 351), or 88 per cent, and fuel with a calorific 
value of 18,500 B.t.u. per lb., the fuel consumption should be 


40,400,000 B.t.u./hr. 

0.88 X 18,500 B.t.u./lb. ~ 


lb./hr. 


(This is close enough to the 2500 lb. per hr. assumed for air and 
blower calculations.) 


2480 lb./hr. 0.62 lb. of fuel 

4000 S.H.P. ~ S.H.P.-hr. 


This is 4 per cent higher than the value arrived at in the 
regenerative scheme, which, therefore, is undoubtedly the one to 
use. 

It will be noted that in the foregoing calculations it was assumed 
that desuperheaters would be used in the boilers. This is not 
essential. Saturated steam could be taken directly from the drum. 
However, since the saturated (or desuperheated) steam required 
is only 15 per cent of the total, it might be best to use desuper¬ 
heaters. 

If it had been desirable to proceed with this design for any 
reason, a machinery list could have been made up as for the 
regenerative system. All the information was available. 

In conclusion, it should be noted that, although less total steam 
is used, the feed-water temperature is also lower so that the net 
result is increased fuel consumption. 



CHAPTER XV 

THE DIESEL SHIP 

122. General. —Diesel engines, which necessarily run at low 
r.p.m., are heavy when compared with turbines for a given power. 
However, for the smaller power plants the Diesel compares favor¬ 
ably and sometimes is even lighter than is the steam plant. At 
the present state of engineering development the lines cross some¬ 
where around 5000 or 10,000 S.H.P. Above this figure the 
steamship has the advantage. Below this figure the Diesel ship 
has the advantage. 

There are factors to be taken into consideration other than 
cost and weight. The Diesel ship consumes less fuel, but the fuel 
costs more. For long voyages into ports where fuel oil is expensive 
and scarce the Diesel ship has an obvious advantage. But for 
short voyages into ports where fuel oil is plentiful and cheap the 
steamship has the advantage. 

In general, the present-day tendency seems to be to apply 
Diesel power to the smaller ships designed for long voyages. Of 
course, harbor and river craft, necessarily of low power, should 
always be Diesel-powered. 

The feeling is growing that more money is to be made operating 
small ships of moderate speed than the larger ships. This should 
tend to make Diesel power more popular. Around 5,000 to 
10,000 S.H.P., there is little difference in crew requirements. 

Since there are many good books on the Diesel engine, no 
attempt will be made to discuss the theory of this important 
prime mover here. It was deemed necessary to treat fully the 
theory of the turbine because its internal performance as affected 
by bleeding, etc., so directly affects the marine engineer’s heat 
calculations. But the marine engineer must accept the per¬ 
formance of the Diesel engines as given to him. They are inde¬ 
pendent units, and whether or not they use more or less oil does 
not affect his other calculations except for the fuel-oil pumps. 

123. Waste-heat Boiler. —Since some steam is necessary, 
even on a Diesel ship, for quarters, ablutionary-water, and fuel- 
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and lubricating-oil heating, this steam must be generated. As 
seen from the calculations for the turbine-driven ship (Chap. XIV), 
this steam does not have to be of high pressure and should be 
saturated. Fifty pounds gage is sufficient, and fortunately the 
exhaust gases from the Diesel engines are of sufficiently high 
temperature to generate such steam. Consequently, waste-heat 
boilers are used. 

Heat-transfer surface is placed in the tail pipe from the engines, 
and low-pressure saturated steam is generated. Obviously, when 
the ship is in port, steam is still needed, and in this event the steam 
is generated by means of burning oil. The same common cross 
drum is used under both circumstances. The boiler is of the same 
general type as the conventional cross drum marine boiler except 
that there are two sets of heat-transfer surface attached to the 
one drum. One set of surface is in contact with the Diesel exhaust 
gases. The other set is in contact with the products of combustion 
of the fuel oil burned in the burner (see Fig. 208). Under no 
circumstances do the two hot gases mix. 

There are times when the engines are running at full power and 
very little steam is being used. The pressure in the boiler will 
then rise until the safety valve opens. Instead of this steam being 
discharged to the atmosphere, it is discharged to a condenser that 
operates at atmospheric pressure. There the steam is condensed 
(sea water being used for cooling) and the fresh water led to a 
fresh-water collecting tank, from which the waste-heat-boiler 
feed pump takes it. Naturally, since there is no attempt made 
to control the Diesel exhaust, there may be a time when the 
condenser must condense the full output of the waste-heat boiler 
and it must therefore be made large. 

On the other hand, there are times when the engines are running 
at only partial throttle and yet there is a relatively heavy con¬ 
sumption of steam. In this event, the pressure will fall in the 
boiler, and controls should be so arranged that* the burners or 
burner will automatically “cut in,” as in the case of a domestic 
heating boiler. The control should be actuated by boiler pressure, 
cutting the burner in or out as the pressure rises or falls. In 
this manner, only that amount of fuel will be burned which is 
necessary to supplement the effect of Diesel exhaust gas. 

124. Diesel Cooling. —The Diesel cylinder jackets must be 
cooled just as in the case of an automobile engine. It is inadvisa- 
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Oil-fired 

Waste Heat 

Oil-fired 

Plan 

Waste Heat 
Plan 

Section 

Section 


(One lor Each Engine) 





Oil-fired Section 


Waste Heat Section 


Fig. 208.—Sectional drawings of combination waste-heat and direct-fired boiler for ship’s 
normal steam requirements. The boiler is in two sections consisting of an oil-fired, cross¬ 
drum, sectional-header unit, and one or more cast-iron, extended-surface waste-heat- 
recovery units of the type commonly used with Diesel engines. The steam drum is com¬ 
mon to oil-fired and waste-heat sections. At lower left is the oil-fired section. At lower 
right is the waste-heat section. Upper left is a vertical section through the two parts with 
oil-fired at the left and waste-heat at the right. Upper right is a plan view through the 
two furnaces. (Courtesy of Foster Wheeler Corp.) 
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ble to use sea water directly for this service on account of the 
possibility of corrosive action and deposits. Fresh water is used 
in the jackets, and this in turn is cooled by sea water by means of 
suitable heat exchangers. This fresh water is generally ‘ ‘ softened ” 
by means of chemicals, and water-softening equipment is installed 
on the ship. There should be a storage tank of fresh water from 
which the fresh-water circulating pumps take it and discharge 
it through the coolers and thence to the engines, whence it returns 
to the storage tank. Generally three pumps are installed, so 
arranged that any two can carry the load, thus permitting inspec¬ 
tion and overhaul of the third. 

Apply 200 g.p.m. of fresh water circulating capacity for each 
1000 hp. of the Diesels. Total head 40 p.s.i. 

Apply 500 g.p.m. of sea water circulating capacity for each 
1000 hp. of the Diesels. The reason for the higher capacity of 
these salt-water pumps is that the sea water cannot have so high a 
temperature rise as can the fresh water on account of the heat 
transfer. 

125. Diesel Starting. —Large Diesel engines such as are used 
for ship propulsion are usually started by means of high-pressure 
compressed air. The pressure ordinarily used is 500 lb. gage, and 
it is well to install two duplicate compressing outfits. It is also 
considered good practice to install a third smaller compressing 
outfit of about 10 per cent of the capacity of the larger outfits, 
merely to care for leakage from the compressed-air receiver. The 
controls are set so that the larger compressors cut in when the air 
pressure drops below 450 lb. gage and cut out at 500 lb. gage. 
The smaller, or make-up, compressor should cut in at 475 lb. gage 
and out at 500 lb. gage. Thus it can be seen that unless the leakage 
is so great that the pressure falls below 450 lb. gage, the larger 
compressors would never start. 

Sixteen starts from a full receiver of air is considered ample. A 
capacity of 25 c.f.m. per 1000 hp. of the Diesels should be sufficient 
capacity for each of the larger compressing outfits. Power 
requirements at this pressure should not exceed 0.4 hp. per c.f.m. 

126. Auxiliaries. Fuel-oil Heaters .—The fuel consumption of 
modem large marine Diesel engines should not exceed 0.4 lb. per 
S.H.P. per hr. when using 19,000 B.t.u. per lb. Diesel oil. 

The fuel-oil heaters should be capable of heating this oil from 
75 to 200°F., and the hairpin coils in the bunkers should bring the 
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oil from 40 to 75°F. The total requirements for fuel-oil heating are 
therefore 40 to 200°F., a specific heat of 0.48 being used. 

Diesel-oil Purifiers. —Since the injection feed of the engines 
is through such fine orifices, it is necessary that the oil be 
entirely free of all foreign matter. It is good practice to install 
centrifugal purifiers. Two should be installed, each capable of 
carrying the full-load oil capacity of the ship. These are motor- 
driven. 

Lubricating-oil Purifiers. —For reasons of interchangeability 
and maintenance, these are usually made duplicates of the Diesel- 
oil purifiers. Install two. 

Diesel-oil Pumps for Purifier. —One pump is necessary to feed 
oil to the purifier. A total head of 25 p.s.i. is ample. 

Another pump is necessary to take the oil from the purifier 
and feed it to the engines. A total head of 50 p.s.i. is ample for 
this pump. 

Make both pumps of the same capacity and with approximately 
25 per cent margin. 

Diesel-oil Booster Pumps. —The pump at the purifier discharge 
feeds oil to the booster pump. The settling tanks, being on this 
line, will take any excess or feed any deficiency. The booster 
pump discharges the oil to the Diesel injection pumps. The total 
head pressure should be 64 p.s.i. Install two pumps, each capable 
of carrying the full load of the ship, main engines and Diesel 
generators, with 75 per cent margin in capacity. 

Lubricating-oil Pumps for Purifiers.—Two sets of pumps for the 
purifier suction and discharge should be installed, as in the case 
of the Diesel-oil pumps. These pumps should be identical with 
the Diesel oil pumps. 

Lubricating-oil Service Pumps—Main Engines. —There should 
be one pump for each engine and one spare. Total head 70 p.s.i. 
A capacity of 150 g.p.m. for each 1000 S.H.P. of engine. 

Lubricating-oil Service Pumps—Gears and Couplings. —Two 
should be installed, each capable of carrying the load; one to be a 
spare. Total head 50 p.s.i. Capacity 100 g.p.m. for each 1000 
S.H.P. of gear set. 

This covers all the items of equipment peculiar to the Diesel 
ship that are not accessories directly a part of the Diesel engine 
such as fuel-injection pumps. The other auxiliary equipment is 
common to all ships, regardless of method of propulsion. 
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A Diesel ship will now be considered having the same char¬ 
acteristics as those of the two turbine-driven ships for which 
calculations have previously been made, namely, a 4000 S.H.P. 
cargo ship of 13,000 tons displacement. 

127. Machinery Required. Main Engines. —4000 S.H.P. at 
0.4 lb. per S.H.P. per hr. Two engines. 

4000 X 0.4 = 1600 lb./hr. of fuel 


Fresh-water Engine-cooling Pumps. —Install one for each engine, 
plus a spare. Vertical centrifugal. Three installed, two operating 
2000 S.H.P. per engine. 2 X 200 = 400 g.p.m. at 40 lb. head 
(see the curve, Fig. 93, for low-head centrifugal pumps). 


Rated efficiency = 70.5 per cent 

. 400 g.p.m. X 40 lb. 1or>r 

Hp. input = - i71 5 * 0.705 = 13 ' 25 


Install 15-hp. motor, efficiency = 87 per cent. 


Operating motor efficiency = 86.5 per cent 


Total kw. input = 


2 X 13.25 X 0.746 
0.865 


= 22.9 


Salt-water Engine-cooling Pumps. —Install one for each engine, 
plus a spare. Vertical centrifugal. Three installed, two operat¬ 
ing. 2000 S.H.P. per engine. 2 X 500 = 1000 g.p.m. at 30 lb. 
head (see the curve, Fig. 93, for low-head centrifugal pumps). 


Rated efficiency = 74.5 per cent 

. 1000 g.p.m. X 30 lb. 

Hp. input - 1?15 x QJ45 


= 23.5 


Install 25-hp. motor, efficiency = 88 per cent (see Fig. 153). 
Operating motor efficiency = 88 per cent 
Total kw. input 


2 X 23.5 X 0.746 _ __ 

— oy.y 


0.88 


Air Compressors for Starting. —Two large units and one 
make-up unit installed. 

4000 S.H.P. X ^iqqq 11 = 100 c.f.m. capacity for large units 
100 c.f.m. X 0.4 hp. = 40-hp. motors 
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Make-up unit 10 per cent of capacity of large units, or 
10 c.f.m. capacity of make-up unit. 

All to compress air at 500 lb. gage. 

10 c.f.m. X 0.4 hp. = 4 hp. required 
Install 5-hp. motor. 

These not operating when ship is under way. 

Waste-heat Boiler .—Using 50 lb. gage steam generated in the 
waste-heat boiler for fuel-oil heating and for quarters and other 
such heating. In the calculations for steamships previously made, 
it was assumed that 262,000 B.t.u. per hr. was required for pur¬ 
poses other than fuel-oil heating. 

Assume fuel requirement of Diesel electric generators is 10 per 
cent of that required for main engines. 1600 lb. per hr. required 
for main engines. Total fuel oil to be heated 

1.10 X 1600 = 1760 lb./hr. 

(1760 lb./hr.)(200° - 40°)(0.48) = 135,000 B.t.u./hr. 

262,000 B.t.u./hr. + 135,000 B.t.u./hr. = 397,000 B.t.u./hr. 


Enthalpy at 50 lb. gage. 1179.1 B.t.u./lb. 

Enthalpy water leaving condenser. 175 

Heat gain. 1004.1 B.t.u./lb. 


= 395 lb./hr. of steam 

1004.1 

Install waste-heat boiler capable of evaporating 500 lb. per hr. 
at 50 lb. gage. 

Condenser must also be capable of condensing this amount. 
Waste-heat-boiler Feed Pump .—Two installed, one operating. 
The check valve on a small installation such as this should cause a 
pressure drop of not more than 40 p.s.i. Assume 5 per cent valve 
and line loss, and the total pressure required of the feed pump 
should be 

1.05 X 50 + 40 = 92.5 p.s.i. 

Call it 100 lb. 

The pump should be steam-driven reciprocating and in this 
small size should be made vertical simplex. Driven by 50 lb. 
gage steam from boiler. 

200°F. water weighs 8.03 lb. per gal. 


500 lb./hr. _ 

8.03 lb./gal. X 60 min. 


10.35 


g.p.m. 
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Use 25 per cent margin. 

1.25 X 10.35 = 12.9 g.p.m. 

Call it 15 g.p.m. at 100 p.s.i. 

Assume D w — L /2 to obtain approximate size (see Steam- 
driven Reciprocating Pumps in chapter on Marine Pumps). 

G.P.M. = 0.00645D*L (R.P.M.) 

15 = 0.00645 j (R.P.M.) 

L 3 (R.P.M.) = 9300 
In the curves, Figs. 78 and 79, 

QQnn 

U (R.P.M.) = = 14,200 

when corrected for water temperature of 200°F. This corresponds 
very closely to 

L = 6% in. D w = 3% in. 

P s = 50 - 0 = 50 lb. 



D s = 5.85; call it 6 in. Therefore, pump should be 
6 X 3% X 6K in. 

Salt-water-evaporator Feed Pumps .—This same service was per¬ 
formed on the steamship considered (Chap. XIV), but now that 
the steam pressure to the pump has been changed the pump must 
be checked. Steam pressure 50 lb. gage. 

Delivery 5 g.p.m. at 10 lb. gage. 

Pump previously specified 3 X 3}4 X 3}4- 

(3 ©•-© (a 1 -- 

This is greater than 1.5, and so the same pump can be used. 

Diesel or Fuel-oil Purifiers .—Two installed, each capable of full 
ship capacity. 

1760 lb. per hr. of oil at 7.5 lb. per gal. 

1760 lb./hr. „ or 

7.5 lb./gal. = 235 gal -/ hr ' ca P aclt y 
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Lubricating-oil Purifiers .—Two installed, each of same capacity 
as above. 


Purifier Pumps. 

235 gal./hr. 
60 min. 


3.91 g.p.m. 


25 per cent margin. 


1.25 X 3.91 g.p.m. = 4.9 g.p.m. 

Install 5 g.p.m. pumps. 25 lb. head. In the curve, Fig. 95, 
showing fuel-oil booster-pump performance, 

Rated efficiency = 50 per cent 

per cent capacity 


3.91 

Operating at = 78 


Operating efficiency = 1.03 X 50 = 51.5 per cent 

n +■ i 3.91 X 2 d ft11 

Operating hp. - |; , s v „. 51s = 0.11 


Install a Mo-hp. motor. Kilowatt input negligible. Install a 
5 g.p.m. 50-lb.-head pump for the purifier discharge. Install a 
}£-hp. motor. Kilowatt input negligible. 

Diesel or Fuel-oil Booster Pumps .—Two installed, one operat¬ 
ing. Operating capacity 3.91 g.p.m. 

1.75 X 3.91 = 6.84 g.p.m. 

Install 7 g.p.m. pump, 65 lb. head. Refer to curve, Fig. 95, show¬ 
ing performance of fuel-oil booster pumps. Rated efficiency = 55 
per cent. 

7 X 65 

Rated hp. input = 1715 x 0 55 = 0.48 


Install j^-hp. motor, 78 per cent rated efficiency. Pump oper¬ 
ates at 3.91/7 = 56 per cent capacity. Operating pump hp. 

3.91 X 65 „ 

mpu ‘ " 1718 X 0.57 “ 0 26 

Motor operates at 0.26/0.5 = 52 per cent capacity. 


Operating efficiency = 0.96 X 0.78 = 75 per cent (Fig. 153) 


Kw. input 


0.26 X 0.746 


0.26 or 0.3 


0.75 
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Lubricating-oil Pumps for Purifiers. —Same as Diesel oil purifier 
pumps. 

5 g.p.m. at 25 lb. head, Ko-hp- motor. 

5 g.p.m. at 50 lb. head, K-hp. motor. 

Kilowatt input negligible. 

Lubricating-oil Service Pumps—Main Engines. —Three installed, 
two operating. Each engine 2000 S.H.P. 2 X 150 = 300 g.p.m. 
at 70 lb. head. Refer to curve, Fig. 95, for fuel-oil booster-pump 
performance. 


Rated efficiency = 74 per cent 

TT . A 300 X 70 

Hp. input - x o ?4 - 16.5 

Install 20-hp. motor, 88 per cent efficiency. 

Motor operates at 16.5/20 = 83 per cent capacity. 

Operating efficiency = 0.99 X 0.88 = 87 per cent (Fig. 153) 

m . , , - . 2 X 16.5 X 0.746 „ 

Total kw. input = - 0 ^- = 28.3 


Lubricating-oil Service Pumps—Gears and Coupling. —Two 
installed, one operating. 

4000 S.H.P. gear set. 

4 X 100 = 400 g.p.m. at 50 lb. head. Refer to curve, Fig. 95, 
for fuel-oil booster-pump performance. 


Rated efficiency = 75 per cent 
TT • x 400 X 50 
Hp. input - YnSx^m - 155 

Install 20-hp. motor, 88 per cent efficiency. Motor operates at 
15.5/20 = 77 per cent. 

Operating efficiency = 0.99 X 0.88 = 87 per cent 

. 15.5 X 0.746 10 0 

Kw. input = -Qgy- = 13.3 


Electrical Load. —The electrical load will be the same as that 
of the turbine-driven regenerative-scheme ship, minus the load 
due to those auxiliaries peculiar to the turbine-driven ship, plus 
the load due to those auxiliaries peculiar to the Diesel ship. 
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The following are the auxiliaries peculiar to the steamship and 
the electrical load they draw, as previously calculated (page 351): 


Kw. 

Fireroom blowers. 20.6 

Main circulating pump. 20.6 

Main condensate pump. 4.8 

Auxiliary circulating pump. 3.7 

Auxiliary condensate pump. 1.3 

Main feed pump. 30.8 

Fuel-oil service pump. 2.9 

Lubricating-oil service pump. 7.5 

Total. 92T2 


The following are the auxiliaries peculiar to the Diesel ship 
and the electrical load they draw: 


Kw. 

Fresh-water circulating pumps. 22.9 (engine cooling) 

Salt-water circulating pumps. 39.9 (engine cooling) 

Fuel-oil booster pumps. 0.3 

Lubricating-oil service pumps. 28.3 (engines) 

Lubricating-oil service pumps. 13.3 (gears) 

Total. 104.7 

The full power load estimated in the case of the steamship was 
200 kw.; therefore, the full power load in the case of the Diesel 
ship should be approximately 

200 kw. — 92.2 kw. + 104.7 kw. = 212.5 kw. 

Call it 200 kw. 

Install two 250-kw. Diesel electric generators. 

Diesel Electric Generators .—Fuel consumption at full load on 
these units should not exceed 0.61 lb. per kw.-hr. At three- 
quarters load, it should be not in excess of 0.63 lb. per kw.-hr. 

A 250-kw. generator operating at 200 kw. should consume not 
more than 


200 kw. X 0.63 = 126 lb./hr. 

128. Total Fuel-oil Consumption. —At full power the total 
fuel-oil consumption should be 


Main engines. 1600 lb. /hr. 

Diesel electric generator. 126 

Total. 1726 lb./hr. 
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This is sufficiently close to the 1760 lb. per hr. used for estimating 
fuel-oil heating. 

1726 lb./hr. 0.431 lb. 

4000 S.H.P. " S.H.P.-hr. 

for over-all fuel consumption of the ship when developing full 
power at sea and with a load of 200 kw. on one Diesel electric 
generator. 

Obviously, if a better guarantee than 0.40 lb. per S.H.P.-hr. 
is made for the main engines and better than 0.63 lb. per kw.-hr. 
for the Diesel generators, the over-all consumption will be less 
accordingly. It is a simple and quick correction to make without 
having to go through the heat balance as in the case of a turbine- 
driven ship. 

129. Machinery List. —The machinery list for the Diesel ship 
is as follows: 


Machinery List 


i 


Quantity 

Item 

Capacity 

Pressure 

1 

2 ! 

Main Diesel engines 

2000 S.H.P. 

1 

1 

Reduction gear and couplings 

4000 S.H.P. 


2 

D-c Diesel electric generators 

250 kw. 

250 volts 

1 

D-c Diesel electric generator 

10 kw. 

110 volts 

1 

Refrigeration system 

3 tons 


1 

Air compressor 

| 60 e.f.m. 

; 110 lb. gage 

1 

Air compressor 

25 e.f.m. 

110 lb. gage 

2 

Air compressors 

100 e.f.m. 

500 lb. gage 

1 

Air compressor 

10 e.f.m. 

500 lb. gage 

4 • 

Oil purifiers 

235 gal./hr. 



Motors (Other than for Pumps) 


Quantity 

Service 

Speed control, 
per cent 

Hp. 

1 

Refrigeration compressor 

25 

7H 

1 

Air compressor 110 lb. 

25 

15 

1 

Air compressor 110 lb. 

25 

5 

2 

Air compressors 500 lb. 

25 

40 

1 

Air compressor 500 lb. # 

25 

5 


Control by means of resistance in shunt field. 
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Motob-dbiven Pumps 


Quantity 

Service 

Type 

Rated 

capacity 

Total 

head 

Total 

hp. 

3 

Fresh-water circulating 

j Vertical 
/ Centrifugal 

400 g.p.m. 

40 p.s.i. 

15 

3 

Salt-water circulating 

j Vertical 
(Centrifugal 

1000 g.p.m. 

30 p.s.i. 

25 

4 

Purifier suction pumps 

Gear 

5 g.p.m. 

24 p.s.i. 

Ho 

4 

Purifier discharge pumps 

Gear 

5 g.p.m. 

50 p.s.i. 

H 

2 

Fuel-oil booster pumps 

Screw or gear 

7 g.p.m. 

65 p.s.i. 

X 

3 

Lubric a ting-oil service 

Rotary screw 





pumps (main engines) 

or gear 

300 g.p.m. 

70 p.s.i. 

20 

2 

Lubricating-oil service 

Rotary screw 

400 g.p.m. 

50 p.s.i. 

20 


pumps (gear) 

or gear 




1 

Sanitary 

j Vertical 
(Triplex 

20 g.p.m. 

85 p.s.i. 

2 

o 

Fire 

j Vertical 

400 g.p.m. 

125 p.s.i. 

50 


/ Centrifugal 




1 

Ballast 

{Vertical 
/Centrifugal 

450 g.p.m. 

35 p.s.i. 

15 

1 

Bilge 

(Vertical 

450 g.p.m. 

35 p.s.i. 

15 

1 

} Centrifugal 




1 

Fuel-oil transfer 

j Vertical 
} Rotary 

225 g.p.m. 

35 p.s.i. 

7H 

2 

Fresh water 

l Vertical 
/ Triplex 

40 g.p.m. 

75 p.s.i. 

5 

1 

Ice water 

(Horizontal 
/ Centrifugal 

5 g.p.m. 

20 p.s.i. 

H 

1 

Refrigeration-condenser 

l Vertical 

15 g.p.m. 

25 p.s.i. 

X 


circulation 

Bilge priming 

/ Centrifugal 
(Rotarv 

15 c.f.m. 

15 in. of 

1 X 

1 

j 

} Wet vacuum 

i 

mercury 


All motors to be shunt wound and capable of 25 per cent speed control by shunt-field rheostat. 


Steam-driven Pumps (Reciprocating) 


Quantity 

Service 

Type and size 

Rated 

capacity, 

g.p.m. 

Total 

head, 

p.s.i. 

1 

Boiler feed pump 

Vertical simplex 

6 X 3% X 6% 

15 

100 

1 

Salt-water-evaporator feed 

Horizontal duplex 
3 X 3)4 X 3% 

20 

50 
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LAYOUT 

130. General. —There are a few fundamental principles, listed 
below, that must be followed in machinery layout, and the rest is 
common sense and ingenuity. 

1. Apparatus must be accessible for operation, inspection, 
and repair. 

2. Apparatus must be compactly arranged, occupying as 
little space as possible so as to free space for revenue purposes. 

3. Certain types of apparatus must occupy certain relative 
positions or the plant will be rendered inoperative. 

4. Apparatus must be so disposed as to ensure trim of the ship. 

Requirements 1 and 2 are opposed to each other, and, as in all 

successful engineering, the best compromise must be reached. 
Electric motors should be so placed that it is possible to remove the 
rotor without removing the frame from the bedplate. Small 
turbines should be so placed that the top half of the casing and the 
rotor can be removed without disturbing the rest of the assembly. 
Sufficient space should be available around boilers and condensers 
so that tubes can be removed and replaced without disturbing other 
apparatus. Probably the easiest way to ensure these features 
is to make scale-size cardboard cutouts of the various motor and 
pump assemblies, etc., and have this cutout extended to the point 
where sufficient space is available to make the repairs mentioned 
above. Then, in the preliminary stages of the layout, these 
cutouts can be moved around and pinned in place temporarily 
on the layout board. These devices will, of course, show clearances 
on the plan view only, and further check must be made for vertical 
clearances. 

With reference to requirement 3, the deaerating feed heaters 
must be placed at as high a point as possible in order to obtain 
sufficient head on the feed pumps. If this cannot be done, then 
booster pumps will be necessary. For the same reasons, the feed 
pumps must be placed at as low a point as possible. Bilge pumps 
should also, of course, be placed at as low a point as possible. 
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Condensers should always be placed directly under the turbines 
they serve and should be supported by the turbines. The main 
propulsion turbines and gears should be so disposed as to have the 
shortest runs of propulsion shafting and to clear other shafting. 
The shafting should have as little angle with the center line of the 
ship as is practical. In the case of a single-screw ship the propul¬ 
sion shafting line should coincide with the center line of the ship. 
A slight angle of elevation is permissible so as to permit the turbines 
to be above the condenser yet have as great a submergence of the 
propeller as practical. The tip of the propeller blade must not go 
below the keel. 

As to requirement 4, ordinary symmetry of arrangement of the 
heavier items such as turbines, gears, and boilers will almost solve 
the problem. A table of moments due to all the apparatus about 
the center line of the ship and another table of moments about a 
line generally somewhat aft of amidships, depending upon huh 
weight distribution, should be made up. The moments tending to 
roll the ship starboard could be called “positive,” and those tend¬ 
ing to roll the ship port could be called “negative.” All these 
moments should add up to zero. It is a simple matter to shift 
apparatus, other than that covered under requirement 3, so as to 
obtain a total of zero. In a similar manner, the moments about 
the line athwartships should add up to zero. With these tables of 
moments available, any proposal concerning the addition or elimi¬ 
nation of apparatus can be considered intelligently. Some typical 
layouts are shown in Figs. 209 to 214. 

Piping layout is a science in itself. It is a complicated problem 
involving stresses due to changes in temperature and forces due to 
other causes. Though it is beyond the scope of this book, it is 
not intended to minimize the importance of piping layout, which 
should properly be the work of the specialist in this field. Figure 
215 shows a curve from which the sizes of piping may be deter¬ 
mined for both pressure and exhaust steam. 
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Fig. 209.—Engine-room layout of the S.S. Joseph Lykes, a 4000 S.H.P., C-l-B steamship 
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designed by the U.S. Maritime Commission. (Marine Engineering and Shipping Review.) 
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Fig. 210.—Engine-room layout of the S.S. American Manufacturer, a 4000 S.H.P., C-l-B 

ping 
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Diesel ship designed by the U.S. Maritime Commission. (Marine Engineering and Ship- 
Review.) 
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Fig. 211. —Engine-room layout of the S.S. Hawaiian Planter, an S500 S.H.P., C-3 steamship 





























Art. 130] 


LAYOUT 


399 


jjGen.serv.pump 

jL.O.Disch. [©TSea 

jsf ra iner |_| chest 

Bilge pump-< 



|- 1 Sanitary pressure tank 

Disch.manifold-* 


fr Diiyc pumper \ 

U Ballast pump^Qq[(f ^ 

QbrT 

Bilge inj. 1 

numn! Manifold S, ™L 


,.njfold s pSg^^ ^ 


7r L.O.Coolers Main circ. 
L.O. Heater pump 

ifiQ). Oi 

J-^lPiieymp '. L o. 


'Bilge injection 

tow suction ? 

pumps iQ) 

] Cargo oil 
'-''pump 

FO.Trans. 

^_pump 


S.H.Tube ! y—s. 
overhau I -*i [/— 


F.O.Service and 
settling tank 

/ \ 


Sanitary pump 


| BallastandF.O. 
manifold V 


Purifier 


.. 7T 

I L.O. Drain !'j= 
I 1 tank * p 
j^JWelded) 1 -« 


But 

Main 1 

r Man ifc 

| condenser j 

LL 

| 

u 

-r 

i 

b 

|& 


/ \ 


-Duplex 

strainer^ 


A\ 


121 


'i 


I • L.P. Turbine 

II 


KTurbine 

found. 


bd 


lilge manifold - m 


n 


K 'Mair 

^.pm 


Reduction 

gears 


H.P. Turbine© 


‘'Main cond. 
, pumps 
i|io/ 

Main F.O. 
/'service 
\ pump 


w 


a 


1 S.H.Tube 
overhaul I 


r&i 


F.O. Heaters‘--'tl 

"Boiler gaqe 
board 

Bilge manifold T' 


11 Port feed-, 

[ | /pump Aux.feed 

j numn 


I* |l5f. 

i 

.1 ^ 
L . 

i; ifresh 
U water 
Hjjjh pumps 


Jpump |X 1 

c, 51 D j cr^g! 9 

i i i ii■ _ r_i_ 


ir 


L 


Main feed pump 

j> Aux. 

? condensers 

-Aux.cond- 
pump 

-"Aux.circ. 
pump 

2-Evap. 


, I; 

| Aux.F.O. 
. service 
|^pump 


y 3rd. Stage 
H heater 


Boiler 

/ \ 


Ballast and F.O. 
manifolds 


P 1 


Fresh 
iji h water 
uv - press.tank 


1 Sea 
chest 


feed 

pumps 

[St 


me> 


F.O. Service and 
settling tank 

X \ 


designed by the U.S. Maritime Commission. (Marine Engineering and Shipping Review.) 
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Fig. 212. —Engine-room layout of the S.S. Robin Locksley, a 6300 
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S.H.P. steamship. (Marine Engineering and Shipping Review.) 
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Fig. 213 a,b,c. —Engine-room layout (upper level) of the S.S. Exceller, a 7500 S.H.P. steam¬ 
ship. (Marine Engineering and Shipping Review.) 
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Fig. 2136.—Lower level. 
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Fig. 213c. —Intermediate level. 
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Fig. 214a.—Engine-room layout of the U.S.S. West Point (formerly S.S. America ), a 34,000 S.H.P. steamship. ( Marine Engineering 

and Shipping Review.) 
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Fig. 2146 .—Upper-level layout of the U.S.S. West Point (formerly S.S. America). (Marine 
Engineering and Shipping Review.) 
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Fig. 215.—Approximate pipe sizes for pressure and exhaust steam. 
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CHAPTER XVII 


ASTERN OPERATION 

131. General. —All ships must be capable of astern operation. 
At times in port no tugs are available, and astern operation of one 
or more propellers and possibly the simultaneous operation of 
propellers of multiscrew ships, some forward and some astern, 
is desirable for proper maneuvering. Obviously, under such condi¬ 
tions not much astern power is necessary. 

Another more vital situation is when there is danger of collision 
at sea. Under such circumstances the only braking effect available 
to the ship is that due to the propellers. If a ship is proceeding 
at full power ahead and the propelling machinery is reversed, that 
distance traveled from the instant of reversal until the ship is 
dead in the water is called the “ahead reach.” This may be as 
much as 10,000 ft. for large high-speed passenger liners with 
moderate astern power to as little as 800 ft. for destroyers reversing 
at the same speed. 

In the case of conventional propellers the efficiency is quite 
indifferent in reverse on account of the curved back of the blade 
whether the blade be of ogival or streamlined section. The 
retarding effort due to the propeller would be greatly increased 
at the higher speeds if it could be merely locked and prevented 
from turning at all. Reversal, of course, is accomplished by the 
reversal of torque on the propeller shaft. In all cases of practical 
construction, even in the case of electric drive where full ahead 
power is available astern, the propeller continues to revolve for 
some time in the ahead direction although the torque has been 
reversed. The braking effort is a function of the torque. If the 
torque is relatively great, the propeller comes to rest more quickly 
and starts in the opposite direction while the ship continues in the 
one direction and is eventually brought dead in the water with the 
propellers revolving in reverse. 

If the reverse torque is relatively low, the ahead reach is 
longer, as is the time required to come dead in the water. If the 
reverse torque continues, then the ship will start backing. 
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132. Reciprocating Engines, Steam and Diesel. —One of the 

advantages of reciprocating steam engines is the ability to obtain 
full power in reverse. This is accomplished by the installation of 
two eccentrics at each cylinder, one for ahead and the other for 
astern. One or the other of these eccentrics is brought into play 
by either a link or a radial motion, and the engine is thus equally 
effective in either direction. 

The situation is approximately the same in the case of the Diesel 
engine. Since Diesels are started by means of compressed air, no 
reverse torque is available (other than that due to the friction of the 
engine itself) until the engine has been brought to rest and started in 
reverse by means of the air. 

Marine Diesel engines are usually equipped with some sort of 
coupling of a disengaging type when the engine is geared to the 
propeller shaft. This coupling is either of the hydraulic type, 
similar to the “fluid drive” on automobiles, or of the electrical 
type. In appearance, the electric type is similar to a synchronous 
motor except that the revolving d-c-excited salient-pole assembly 
is arranged outside and revolves either with the engine crankshaft 
or with the driven pinion, depending on the particular arrangement. 
The other portion is similar to the rotor of an induction motor 
and revolves either with the driven pinion or with the engine crank¬ 
shaft, depending on the particular arrangement. There is a small 
air gap between the ends of the salient poles and the surface of the 
form-wound rotor. When the salient poles are excited and rotated, 
the secondary part containing the form-wound coils is dragged 
around after it exactly in the manner of an induction motor (see 
the chapter on Marine Electrical Engineering). 

With such couplings, the engine can be disengaged from the pin¬ 
ion, stopped, and reversed and then reverse torque applied through 
the pinion to the propeller shaft. For a time, one portion is revolving 
in a direction opposite to that of the other portion of the coupling. 

Marine Diesel engines are usually equipped with two sets of 
cams for each valve, one group for ahead and the other for astern. 
The change-over from one set to the other is usually accomplished 
by shifting the camshaft longitudinally so as to leave the one set 
and pick up the other, the engine thus being equally effective in 
either direction of rotation. 

133. Turbines. —A steam turbine cannot be reversed unless 
there is some means whereby all the blades can be reversed on 
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the wheels and all the stationary nozzles reversed. Obviously, 
this is extremely impractical, and no attempt is made to do it. 
The only alternative is to install an additional turbine with blades 
and nozzles arranged to obtain this torque. This is the common 
practice (see Figs. 28, 62 and 70). 

Since this turbine is an additional piece of apparatus of no use 
in the normal operation of the ship, it is undesirable to make it any 
larger, heavier, or more expensive than absolutely necessary. 
Consequently, turbine-driven merchant ships seldom have astern 
power of more than 70 per cent of ahead power, and some have as 
little as 25 per cent. Forty per cent is a good figure. In the case 
of some naval combat vessels such as aircraft carriers where back¬ 
ing at certain speeds is essential to facilitate landing of planes, 
special considerations affect the decision as to amount of astern 
power. 

The astern turbine is usually in the form of several stages 
mounted on the low-pressure turbine shaft. The best practice 
is to install these reverse wheels at the exhaust, or lowest pressure, 
end. This permits the astern blading to run in steam at exhaust 
pressure when the ship is going ahead. This is the lowest density 
steam in the system and consequently the windage losses due to 
this blading are minimized (see chapter on Turbines). 

Generally, only two or three stages are necessary to obtain the 
desired power. As in the ahead turbine, the first stage should be 
velocity-compounded twice, that is, the throttle steam should be 
brought through the nozzle and directed on one row of blades. 
After leaving this first row the steam should be redirected on a 
second row. After this the steam can be further expanded through 
one or two ordinary impulse stages. Reaction blading is not 
suited for this sort of application but has been used where tradition 
favors such blading. 

Full-pressure and temperature steam, of course, enters the 
astern turbines. Consequently, with these few stages they are 
not very efficient. The exhaust entering the condenser is often 
superheated steam. This should be considered in the condenser 
design. Economy for astern operation is of little importance 
because of the short time of duration. However, unless some 
provision is made for ventilation steam through the ahead blading 
(which is seldom done), the full-power astern operation should be 
continued for a limited time; otherwise, the windage losses in the 
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ahead blading may result in a detrimental temperature rise in this 
blading. 

134. Electric Drive. —Astern operation in the case of electric 
drive is simple, and full power can be obtained astern. The driving 
motors are reversed while the turbines continue to operate in the 
same direction. As stated in the chapter on Marine Electrical 
Engineering, the motors may be reversed, if direct current, by 
reversing either the fields or the armatures of the motors or gen¬ 
erators. In the case of alternating current, by either induction 
motors or synchronous motors, three phase, any two leads may be 
reversed, which will reverse the phase sequence and, consequently, 
the direction of rotation. 



CHAPTER XVIII 


ELECTRIC DRIVE 

136. General. —The steam turbine is fundamentally a high¬ 
speed prime mover, whereas, as demonstrated in the chapter on 
Propellers, the optimum propeller efficiency is obtained at moderate 
speeds—less than 400 r.p.m. Some speed-changing device is 
therefore essential if the best features of both these links in the 
chain of transmission are to be retained. One obvious device 
is the gear set, and this is used extensively in marine work. 
Another method of accomplishing the same result is by means of 
electricity. 

Electric power can be generated by means of turboelectric 
generators operating at high r.p.m. This power is then used to 
drive motors attached to the propeller shafts and operating at a 
speed most suitable to the propeller. 

The relative merits of gears and electric drives, in spite of 
much argument and many claims in the past, seem to be fairly well 
settled at this time. 

1. The reliability and ease of operation are equal in either case. 

2. The maintenance cost is nearly equal, with some slight 
advantage to the gearing. 

3. The weight of the gearset is approximately half that of the 
generators, motors, and control of the electric drive. 

4. The cost of the gearset is much less than that of the electrical 
equipment necessary to obtain the same result; and, the greater 
the power, the greater is this cost differential. 

5. The efficiency of the gear drive is much greater. At most, 
the gear losses are 3 or 4 per cent, whereas even the best-designed 
and constructed generator would hardly be more than 95 per cent 
efficient, and the same can be said of the motors. Therefore, the 
total losses would be in the neighborhood of 10 per cent. 

6. The astern power of the electric drive is 100 per cent of the 
ahead power. Geared jobs usually have astern power of approxi¬ 
mately 25 to 70 per cent, although, at a price, this can be made 
any amount. 
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7. Racing of the propeller when the ship is pitching in a heavy 
sea and the propeller is out of water is no problem in either case 
in view of the speed governors installed on modern ships. 

8. The arrangement of machinery is much more flexible with 
the electric drive. The necessity of long runs of shafting is 
obviated and propulsion motors can be grouped far astern with 
electric drive. 

9. If large amounts of electric power' are desired for any 
reason while the ship is in port, the propulsion turbines can supply 
this power in the case of electric drive. 

In view of the foregoing, it can be seen that there is little to 
be said for turboelectric drive aside from flexibility of arrangement 
of machinery and except in cases where the power can be used for 
other purposes than propulsion. As a matter of fact, practically 
no electric-drive ships are being built today with the exception of 
some tankers that are equipped with extra-large motor-driven 
cargo pumps, which can absorb approximately all the power 
output of the turboelectric propulsion generator. The advantage 
of this is the quick loading and unloading of the fluid cargo, 
permitting the ship to make a quick “turn around” and spend 
more of the total time at sea where it belongs. 

All the foregoing is on the basis of relatively long voyage cargo 
or passenger ships. 

Electric drive has some advantage when used in conjunction 
with harbor craft or rivertow boats in which maneuverability and 
flexibility of speed control are of value. In this small craft and 
small powers a Diesel engine is better than a turbine (see the 
chapter on The Diesel Ship). 

136. Fundamental Features. —The fundamental features of an 
electric drive are a turbogenerator, either direct or alternating 
current, and an electric motor (direct or alternating current, 
depending on the generator) directly connected to the propeller 
shaft. For small powers the turbogenerator should be replaced 
by a Diesel generator. In order to obtain all the advantages pos¬ 
sible from the system the generator should be run at as high a 
speed possible and the motor at the optimum speed for propeller 
efficiency. 

As shown in the chapter on Marine Electrical Engineering, 
speed, in the case of direct current, is a matter of number of 
conductors and flux per pole, and these can be so disposed in the 
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case of the generator and in the case of the motor as to obtain the 
results desired. However, it should be borne in mind that com¬ 
mutators and brushes do not lend themselves well to high speeds 
and that turbine-driven d-c generators, unless gearing is interposed, 
have not been successful. Therefore, since turbines and high 
powers go together and Diesels and low powers and, further, since 
Diesels are relatively slow speed devices as compared with turbines, 
Diesel electric drive should in general be direct current and turbo¬ 
electric drive should be alternating current. 

There is still another reason. Since the Diesel electric drives 
are generally of low power and are used in harbor or river craft in 
which maneuverability is necessary, the fundamentally advan¬ 
tageous control features of direct current lend it most admirably 
to this application. 

As outlined in the chapter on Marine Electrical Engineering, 
speed, in the case of alternating current, is a matter of the relative 
number of poles on the generator and motor, relative speed being 
inversely proportional to the number of poles. 

137. Electric Circuits. —In the electric-drive ship there are two 
fundamental electric circuits. In the d-c system the circuit is 
essentially as shown in Fig. 216. It will be noted that the voltage 
of the system can be controlled by the rheostat in the field circuit 
of the generator, assuming constant r.p.m. of the prime mover, be 
it turbine or Diesel. Also, the speed and torque for a given current 
of the motor can be controlled by the rheostat in the field circuit 
of the motor. Of course, the number of motors and generators 
does not have to be the same. It can readily be seen that, with 
this type of control and a constant-power output of the prime 
mover, a wide range of torque and r.p.m. at the propeller can be 
obtained. It is, in a way, similar to the transmission of an auto¬ 
mobile except that instead of three speeds forward and one reverse 
there is available an infinite number of speeds forward as well as 
in reverse. 

Such a drive is of great value in a tug or trawler or in a river 
towboat. Also, there is the advantage of the Diesel engine 
operating at its optimum economy point regardless of propeller 
r.p.m. 

In the a-c system the circuit is essentially as that shown in 
Fig. 217 which incorporates a wound-rotor induction motor. A 
squirrel-cage induction motor would merely mean the elimination 
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of the secondary resistances shown. Another modification is the 
synchronous motor 1 drive shown in Fig. 218. 

In the case of the squirrel-cage induction motor, speed is 
controlled by varying the frequency, which means varying the 
r.p.m. of the prime mover, and varying the voltage, which is 
accomplished by varying both prime-mover speed and generator 
excitation. Usually, there are two squirrel-cage windings on the 



Fig. 216. Fig. 217. Fig. 218. 

Fig. 216.—Direct-current connections. 

Fig. 217.—Alternating-current induction-motor connections. 

Fig. 218.—Alternating-current synchronous-motor connections. 


rotor, one of high resistance and low impedance and the other of 
low resistance and high impedance. At low speeds the high- 
resistance winding is effective, and at high speeds the low-resistance 
winding is effective. This is on account of the slip frequency in 
the rotor (see chapter on Marine Electrical Engineering) and 
results in a more desirable speed-torque characteristic. This 
system has all the disadvantages arising from attempts to vary 
the speed of squirrel-cage induction motors together with the 
advantage of simplicity. It has been used where maneuverability 
was desirable and will probably have little future popularity. 
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In the case of the wound-rotor induction motor, speed is con¬ 
trolled by varying the frequency, which means varying the r.p.m. 
of the prime mover, and varying the value of secondary resistance 
of the induction motor (see chapter on Marine Electrical Engineer¬ 
ing). This scheme is simple but is inefficient on account of the 
secondary-resistance loss. It has been used where maneuverability 
was desirable and will probably have little future popularity. 

Further variations of speed can be and are obtained by winding 
the stators of the induction motors in such a manner that the 
number of poles can be doubled or halved. This is complicated 
and expensive. 

In the case of the synchronous driving motor, speed is varied 
by varying the frequency, that is, the speed of the prime mover. 
If maneuverability is not necessary, this is undoubtedly the best 
scheme. The excitation can be so adjusted that unity power 
factor is obtained and the motor is cheaper, smaller, and lighter, 
as is the generator. Maintenance may be less because the motor 
air gaps can be made longer, but this is a small consideration. 

The synchronous motor has not the starting torque possible 
with an induction motor, but it is not necessary that it should. 
However, the motor is started as an induction motor, as are most 
synchronous motors in industrial service. Very little torque is 
required by the propeller at low r.p.m. Synchronous motors can 
be wound with pole-changing features; but where maneuverability 
is desired, the synchronous motor would not be used and so there 
is no demand for this complication. To build such a motor is 
more difficult than in the case of an induction motor. 

138. Conclusion. —It is doubtful that electric drive, aside from 
harbor craft, trawlers, and river towboats, will be popular in the 
future except possibly for tankers, in which the electric power can 
be used for cargo pumps when in port. The inefficiency, weight, 
and first cost outweigh its advantages. 

In calculating the heat balance and determining the sizes of 
auxiliaries of an electric-drive ship, exactly the same procedure is 
followed as for the geared-turbine-driven ship and the Diesel 
ship (Chaps. XIV and XV). 



CHAPTER XIX 

NAVAL VESSELS 

139. General. —The design or selection of propulsion machin¬ 
ery for naval combat vessels involves considerations over and 
above those for a merchant ship. As regards the auxiliary vessels 
such as oilers (tankers), ammunition ships, destroyer tenders, 
submarine tenders, hospital ships, etc., the design is very much like 
that of a merchant ship. 

A merchant ship is designed to operate at a certain optimum 
economical speed, the “full power” of that ship. The turbines 
are designed to operate most economically at that speed; and, 
aside from a slight amount of margin in the auxiliary equipment, 
the complete propulsion plant is built around that speed and 
power. Any operation below that speed is at the sacrifice of 
economy; but, aside from entering and leaving harbors and other 
“tight waters” and under some conditions of storm at sea, there is 
little occasion for operation at other than the rated power. Time 
of such “off-speed” operation is an extremely small percentage of 
the time of full-power operation. 

The same holds good very largely in the case of the naval 
auxiliaries listed above. Destroyer and submarine tenders are 
essentially floating machine shops and may lie at anchor for days 
on end, servicing the smaller combat ships, which come and go. 
Under such circumstances, the propulsion machinery is idle, but 
turbogenerators and other such equipment may be operating 
at full capacity. 

Even in the case of the semicombat vessels such as mine layers 
and mine sweepers, the “one economical speed” feature will hold. 
However, mine sweepers are more like trawlers in that they must 
be designed to pull the sweep. 

Naval tugs are practically the same as commercial tugs. 

However, a regular combat vessel such as a battleship, cruiser, 
aircraft carrier, or destroyer not only must be capable of cruising 
economically at a relatively low speed such as 13 or 15 knots, but 
also must be capable of bursts of speed in excess of 40 knots (in 
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the case of a destroyer). Up to the present time, most patrol work 
has been done at approximately 13 knots, and most fleet formation 
speeds have been near this value. There is little reason to believe 
that there is any military value in patrolling at appreciably higher 
speeds; consequently, this value will probably remain fixed for some 
time. On the other hand, the heavier and slower combat vessels 
are being designed for maximum speeds far in advance of the 
practice of a few years ago. Only a short while ago, 22 knots was 
considered ample for a battleship. With its heavy armament, it 
was supposed to be capable of moving relentlessly into any 
situation and out again at its leisure. Today, heavier and more 
powerful battleships are being built for speeds in excess of 30 knots. 
Their hulls are trimmer, and their performance approaches that 
of a destroyer of the First World War period. 

This tendency has resulted in a great spread between cruising 
power and full power. A modern destroyer may be capable of 
60,000 S.H.P. at full power, whereas to cruise at 13 knots requires 
only 1000 S.H.P., or less than 2 per cent of full power. Since by 
far the greater percentage of total time at sea is spent in cruising, 
it is essential that economy be obtained at this speed. 

140. Turbines. —The need for economy cited at the end of the 
preceding section is satisfied by installing cruising units. The 
main propulsion turbines are equipped with cruising elements. 
These may consist of a few rows of blading with the blade angles, 
etc., arranged for optimum economy at the low speed (see chapter 
on Turbines), the steam then being led through the regular high- 
and low-pressure stages to the condenser. After certain speeds 
higher than cruising have been reached, this cruising section of the 
turbine would be by-passed and normal full-power operation 
approached. 

Another method is to install a separate cruising turbine on an 
individual shaft geared to operate at very high speed, possibly a 
maximum of 10,000 r.p.m., the steam from this turbine entering 
the high-pressure staging of the full-power turbine, and so on, 
down to the condenser. 

Since the full-power staging is only indifferently efficient at the 
low speeds, it would probably be more economical to design the 
cruising turbine to take advantage of the full available energy 
of the steam and exhaust directly to the condenser, this small 
turbine being by-passed entirely at greater powers than cruising. 
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This would involve a slight increase in weight and there would 
be some additional cost. 

141. Pumps.— Where a number of pumps are installed for 
one service, as, for instance, eight main feed pumps on a battleship, 
it may be possible to run one pump while cruising without a great 
loss of efficiency. But on a smaller ship, where there is a small 
number of pumps, the efficiency of the pump and drive would be 
so low at cruising speed, owing to the low load thereon, that a 
special cruising pump should be installed. 

In deciding whether or not cruising auxiliaries are desirable— 
and aside from the cruising propulsion turbine or turbines, pumps 
are the only auxiliaries to be considered—it is best first to work 
up the ship for full power. The number and size of the auxiliaries 
having been set, the cruising heat balance should then be worked 
up. Then, the amount of condensate from each main condenser 
being known, it should be decided whether or not the full-power 
main condensate pump can handle this small load with sufficient 
economy (usually it can); if not, a small cruising condensate 
pump must be considered. Then go to the feed booster pumps, 
and do the same, then to the main feed pumps, and so on. It 
should be borne in mind that the heat balance should be corrected 
when the final pump combination for cruising has been decided upon. 

142. Boilers. —Another thing to be remembered is that under 
cruising conditions it may be that only one boiler will be operating. 
Provision must be made for leading steam from that one boiler to 
all turbines. Also, it may be that even with only one boiler 
operating the load on it may be low enough for the exit combustion 
gases to be at so low a temperature that there is danger of econo¬ 
mizer or air-heater corrosion (see chapter on Marine Fuels and 
Combustion). The boiler efficiency under cruising conditions 
should be surprisingly high. 

143. Electrical Load. —The electrical load under battle condi¬ 
tions deserves special consideration, especially in the case of 
battleships, cruisers, and aircraft carriers. Under such conditions, 
much electrically driven apparatus is in operation, such as fire 
p um ps, ammuni tion hoists, and air compressors, as well as special 
lighting loads. 

144. Conclusion. —The four operating conditions on a naval 
combat vessel are port, cruising, full power, and full-power battle. 
A heat balance for each of these must be worked up, and assurance 
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had that the equipment is adequate. Probably the most satis¬ 
factory procedure is to work up the full power, then cruising (such 
cruising auxiliaries being added as are deemed advisable), then 
port (such port auxiliaries being added as are deemed advisable— 
probably none), then full-power battle. Full-power battle gen¬ 
erally results in a mere increase in the electrical load, which, of 
course, means extra boiler capacity for the turbogenerators. 
Sometimes an increase in main-feed-pump capacity may seem 
desirable; but, in general, this can be taken care of by the normal 
margin in these pumps. Also, there are always the stand-by 
pumps available. 



CHAPTER XX 


SHIP’S TRIALS 

145. General. —The purpose of ship’s trials are as follows: 

1. To determine the seaworthiness and general safety char¬ 
acteristics of the ship. 

2. To check on the hull characteristic and resistance. 

3. To check on the propulsion-machinery performance as 
regards power delivered and economy. 

4. To check on the performance of hull auxiliaries such as 
rudder, steering engines, and anchor engines. 

Trials are generally run over a measured mile of deep water 
where calm sea conditions prevail. Beacons should be put on 
shore adjacent to the course in such a manner that two, lining 
up, will indicate the start of the mile and two more, lining up, 
the end of the mile. There should be ample room at each end of 
the course for turning and also enough straight stretch of water 
approaching the measured mile so that conditions in the ship can 
be stabilized by the time the first set of beacons is reached. 

Obviously, the course should be so situated that the ship 
making runs need never cross or obstruct a channel or fairway 
much used by commercial ships. 

There is a course in Penobscot Bay near Rockland, Maine, 
that meets most of the necessary requirements. It has the dis¬ 
advantage of being remote from most of the building yards 
whose vessels must use it. Also, at times, heavy fogs exist, which 
delay the trials. 

146. Speed.— Speed of the ship is, of course, determined by the 
time required to pass the sets of beacons on the measured mile. 

147. Power. —The power under consideration is the shaft 
horsepower. This is determined by measuring the r.p.m. of the 
shaft (which can be measured at any point from shaft to turbines 
and correction made for gear ratio) and measuring the torque. 
The most satisfactory method of measuring torque is by means of a 
calibrated section of propulsion shafting. Before the shafting is 
assembled into the ship, one section, which is to be placed in a 
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most accessible point in the shaft alley of the ship, is set up in 
the shop for calibration. One end is held rigidly, a twisting 
moment being exerted on the other end by means of a lever arm 
bolted to it, and weights of varying amounts attached to the end of 
the arm. A record is made of the amount of torsional deflection 
per unit of twisting moment. Of course, this value can be cal¬ 
culated but it is much better to have the actual test calibration. 

When the ship is ready for trial, a "torsion meter” is clamped 
onto this calibrated section. There are two popular types of 
meter, mechanical and electrical. The mechanical type marks a 
card, the length of the mark being an indication of the angular 
deflection over a certain length of shaft. The electrical type is 
equipped with balanced transformers, and the change in the air 
gap in the transformer cores due to shaft deflection is indicated 
by a meter-needle deflection. This deflection, or reading, is an 
indication of the angular deflection of the shaft over a certain 
length of shaft. The electrical type is rapidly replacing the 
mechanical type. 

Shaft horsepower is then 

g H p t orque in ft.-lb. X r.p.m. ^ lgl j 

5252 

This gives the horsepower transmitted to the propeller. The 
small amount of friction in the shaft bearings aft of the torsion 
meter is negligible. 

148. Thrust. —It is also desirable to know the thrust on the 
shaft. This is not so easy to determine as are the r.p.m. and torque 
because a thrust meter is necessary. The conventional thrust 
meter works on the principle of a piston of certain area acting in a 
cylinder of oil. The oil pressure is measured by means of a con¬ 
ventional pressure gage. If the piston area and pressure of oil 
are known, the total thrust is readily calculated. A thrust meter 
is not nearly so easily installed and removed as is a torsion meter. 

149. Standardization. —With the instruments in place and 
correct displacement of ship, a series of "standardization runs” 
are made at various speeds, starting at approximately 10 knots 
and increasing in increments of 2 to 5 knots depending upon the 
maximum speed of the ship. A run is made at full power regard¬ 
less of the speed. A "standardizationcurve” is then drawn of 
knots versus power, r.p.m. and thrust, and points from this 
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curve are taken for future runs of longer duration for economy 
determination. 

150. Endurance and Economy Runs. —Since it is not practical 
to determine fuel consumption during the short time over the 
measured mile, runs of 2 to 6 hr. duration are made under as steady 
conditions as can be maintained. Fuel oil in the bunkers is 
measured, usually by means of a calibrated stick but sometimes 
by means of oil meters, before and after. Record is made of the 
propulsion-turbine throttle setting, and readings are taken 
periodically of temperatures, pressures, volts, amperes, and watts 
of all vital equipment. Orsafc apparatus tests are also taken. 

It is almost impossible to determine the amount of steam 
used either totally or at various points. Temporary installations 
of steam flowmeters are difficult to make in the tight quarters of a 
ship, and the metering of condensate by means of water meters 
is not satisfactory because of the mixing of various drains. For 
instance, suppose that it is desired to determine steam consump¬ 
tion of the main propulsion turbines by metering the condensate 
from the main condensers. Any of the feed-system diagrams 
that have been discussed show that drains from several sources 
external to the main propulsion turbines enter the main condensers. 

Reference to trial data alone to obtain performance data on 
individual apparatus in the ship is generally disappointing. 
However, if the shop tests of the apparatus are available as well 
as the trial data, then almost any reasonable question regarding 
the detail performance of the ship at sea can be answered. Thus, 
the marine engineer should insist that shop-test data for individual 
apparatus be furnished with the apparatus. 

Some of the larger manufacturing companies, in cases where 
they are furnishing a number of identical sets of equipment for a 
group of ships of a certain class, have actually set up the complete 
propulsion assembly in the shop and made running tests under 
ideal conditions for obtaining data. This is of great benefit but 
cannot be expected under ordinary conditions. 




PROBLEMS 


1. The Nieuw Amsterdam has a length on the water line of 700 ft. The displace¬ 
ment is 36,240 tons. To drive the ship at 20.5 knots, 34,000 S.H.P. is required. 

If a 20-ft. length model of this ship is to be used for tests, what should be the dis¬ 
placement, the speed, and the horsepower required to drive the model? 

2 . A ship has the following values of E.H.P. corresponding to the speeds as given: 
400 E.H.P. at 7.7 knots, 600 E.H.P. at 8.9 knots, 800 E.H.P. at 9.75 knots, 1200 
E.H.P. at 11.1 knots, 1600 E.H.P. at 12 knots, and 2^00 E.H.P. at 13.35 knots. The 
displacement at these speeds is 13,000 tons. 

Draw curves of E.H.P. versus knots for 12,000 and for 14,000 tons displacement. 

3 . A destroyer displaces 1500 tons and is equipped with propulsion machinery of 
60,000 S.H.P. At full power the speed is 40 knots. E.H.P. increases proportionally 
to V & , or to the fifth power of the speed, in the range near 40 knots. 

If the displacement is increased to 1750 tons, the underwater lines are not appreci¬ 
ably changed by the changed draught, and a new propeller of proper pitch is installed, 
what will be the speed at full power? 

4 . A proposed ship is to be 650 ft. long and to have a displacement of 20,000 tons. 
A 30-ft. model is to be made in order to predetermine the hull characteristics. 

What should be the displacement of the model? 

In order to determine the 18-knot resistance of the ship, at what speed should the 
model be towed? 

What is the multiplying factor for determining the ship E.H.P. when the model 
E.H.P. is known? 

6. The E.H.P. of a ship is 8000 at 18 knots. The thrust-deduction coefficient is 
0.10, and the wake fraction is 0.10. What should be the propeller dimensions in the 
case of a single screw operating at 100 r.p.m. (cavitation to be considered)? 

What would be the optimum r.p.m. from a propeller standpoint? 

What would be the optimum r.p.m. in the case of a twin screw with wake fraction 
reduced to 0.05? 

Compare propulsive efficiencies in all cases. 

6. A single-screw 13,812-ton cargo ship is equipped with propulsion machinery 
designed to produce a propeller r.p.m. of 92 at 16.5 knots. The E.H.P. at this speed 
is 4700, with a thrust-deduction coefficient of 0.18 and a wake fraction of 0.31. Hub 
depth is 14.75 ft. 

Design a three-bladed propeller for this ship, making minimum blade width 
consistent with cavitation, and determine the S.H.P. 

7 . A passenger liner is to have an E.H.P. of 80,000 and four screws. Thrust- 
deduction coefficient is expected to be 0.10 and wake fraction 0.05. What should be 
the optimum shaft r.p.m. and total S.H.P.? 

8. What should be the shaft sizes and spacing between steady or spring bearings 
in the case of each proposal in Prob. 5? 

9. A 4000-hp. two-cycle six-cylinder Diesel engine drives a propeller shaft 200 ft. 
long. The shaft is 6 in. in diameter and has a 4-in. bore. The propeller is 18.5 ft. in 
diameter,, has three blades and an M.W.R. of 0.25, and weighs 10,000 lb. The speed 
is 14 knots at 90 r.p.m. 

Is exceptional torsional vibration to be expected? 
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10 . A reduction gear proposed for a ship is to transmit power with one of the 
pinions loaded as follows: S.H.P. = 4000; r.p.m. = 3600; three bearings; total face 
width = 20 in.; diametral pitch = 4; pressure angle = 14deg.; helix angle = 30 
deg.; number of teeth = 32. 

Would this be satisfactory? 

11 . A certain coal has the following composition: C = 0.85; H 2 = 0.04; N 2 = 0.01; 
0 2 = 0.02; S = 0.01; ash = 0.07. 

If this coal is burned at the rate of 3 tons per hr. with 30 per cent of excess air, 
what volume, in cubic feet per minute, is required with air at 68°F. and at 30 relative 
humidity? 

How many pounds of S0 2 go out the stack each hour? 

12 . A ship on trial used fuel oil having a specific gravity of 0.995 at 60°F. The 
ultimate analysis of the oil was C = 0.86, H = 0.13, N = 0, S = 0.01. At the time 
of the full power run, the air temperature on deck was 75 °F., and the relative humidity 
was 40 per cent. The flue-gas temperature at exit was 273°F. Oil to burners at 
209°F. Volumetric flue-gas analysis by means of Orsat apparatus w T as C0 2 = 13.3, 
CO - 0, 0 2 = 4.2. 

What is the efficiency of the boilers? 

WTiat would be the efficiency if the exit temperature of flue gas had been 350°F.? 

13 . A ship is equipped with propulsion turbines that have a full power capacity 
of 20,000 S.H.P. and a water rate of 10 lb. per S.H.P.-hr. of superheated steam. The 
steam condition at the superheater outlets of the boilers is 300 p.s.i. gage, 500°F. total 
temperature. 60,000 lb. per hr. of saturated steam at 325 p.s.i. gage is taken directly 
from the boiler drums for other purposes. The feed temperature is 216°F. 

With a boiler efficiency of 85 per cent, how much 18,500 B.t.u. per lb. of oil is 
used per hour at full power? 

14 . Steam containing 2 per cent moisture at 100 p.s.i. gage escapes from a pipe to 
atmosphere through a cylindrical orifice with rounded approach. 

What is the velocity of the issuing jet? 

What would be the velocity of the issuing jet if the steam were at 600 p.s.i. gage 
and contained 2 per cent of moisture? 

15 . A nozzle discharges 4000 lb. of steam per hour. The initial steam contains 
2 per cent moisture and is at 175 p.s.i. gage. The nozzle is 90 per cent efficient and 
exhausts to atmosphere. 

What should be the diameter in inches of the throat and of the exit? 

16 . Steam at 100 p.s.i. abs. and 400°F. expands through a nozzle that has a friction 
loss of 6 per cent and leaves with an exit velocity of 2250 ft. per sec. The throat area 
is 1 sq. in. 

W T hat are the exit area and pressure, and what weight of steam is flowing per hour? 

17 . Find the area required at the throat of a nozzle that is to deliver 40 lb. of 
steam per minute with initial steam pressure at 200 p.s.i. abs., 600°F, and exhausting 
to atmosphere. 

18 . A multistage reaction turbine takes steam at 500 p.s.i. abs., 500°F. The 
pressure at the end of the first stage is 400 p.s.i. abs. and at the end of the second 
stage is 300 p.s.i. abs. If the stage efficiency is 0.85, what is the available heat per 
pound in the steam leaving the second stage? 

19 . In a single-stage impulse turbine the steam leaves the nozzle with an absolute 
velocity of 3000 ft. per sec. The blade velocity is 1200 ft. per sec., and the nozzle 
angle is 20 deg. If the blades are symmetrical and the entrance angle is correct, what 
is the absolute velocity of the steam leaving the blades, assuming 15 per cent 
blade friction loss? 
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20 . A turbine on a passenger liner delivers 25,000 hp. to its propeller, using 180,000 
lb. of steam per hour. The steam at the throttle has a pressure of 575 p.s.i. abs. and a 
temperature of 800°F. The exhaust pressure is 2.5 in. of mercury absolute. If this 
turbine has 20 stages, each of the same efficiency, and the mechanical losses including 
reduction-gear and propeller-shafting losses are 4 per cent of the available energy, 
what is the reheat of this turbine? 

What is the percentage of moisture in the steam leaving the turbine? 

21 . An impulse turbine is direct-connected to an electric generator operating at 
3600 r.p.m. The mean diameter of the blade wheels is 36 in. Steam is to be supplied 
at 575 p.s.i. gage, 700°F. The exhaust pressure is to be 2.5 in. of mercury absolute. 
Assuming a nozzle angle of 20 deg., 90 per cent nozzle efficiency, and symmetrical 
blades, how many pressure stages will be required under conditions of maximum 
efficiency? 

If each pressure stage is to have two velocity stages, how many pressure stages 
would be required? 

If a reaction turbine is to be built for this service and the loss through the moving 
blades or nozzles due to friction is 10 per cent, how many pressure stages would be 
required? Assume the available energy per stage is divided evenly between stationary 
and moving nozzles and that angles are such as to give conditions of maximum effi¬ 
ciency. Stationary-nozzle angle and efficiency to be the same as in the case of the 
impulse turbine. 

22 . In an impulse turbine, steam enters a certain stage at 300 p.s.i. abs., 500°F. 
The nozzle efficiency is 95 per cent, and the pressure in the stage is 200 p.s.i. abs. 
5000 lb. per hr. steam is flowing. 

What is the velocity of the steam as it leaves the nozzle? 

What is the exit area of the nozzle? 

What is the minimum area of the nozzle? 

23 . In a single-stage impulse turbine driving a pump, tiie steam leaves the nozzle 
at 4000 ft. per sec. The nozzle angle is 20 deg. The ratio of the blade velocity to the 
jet velocity is 0.4. The blades are symmetrical, and the friction loss through them 
is 4 per cent. 

What should be the correct blade angle? 

What force is exerted on the blades for each pound of steam per second flowing? 

What is the blade efficiency? 

24 . A turbine of 300 hp. rated capacity has 6 nozzles. The throttle steam is at 
450 p.s.i. gage with 50°F. of superheat. The exit pressure is 10 p.s.i. gage. The 
nozzles are 95 per cent efficient. Assuming that the turbine efficiency is 60 per cent, 
what are the steam consumption per horsepower-hour (water rate) and the velocities 
at the throat and exit of the nozzles? 

25 . Steam enters the nozzles of a certain stage of an impulse turbine with a pres¬ 
sure of 100 p.s.i. abs. and 100°F. of superheat. The discharge pressure from these 
nozzles is 75 p.s.i. abs. The nozzle angle is 14 deg. The effective diameter of the 
blades is 6 ft., and they are symmetrical and the angles are 30 degrees. The turbine 
is designed to run at normal speed with 200,000 lb. of steam per hour passing through 
this stage. If the efficiency of the nozzles is 92 per cent and the friction loss through 
the blades is 20 per cent, what would be the torque at zero speed and with the nozzles 
wide open? 

26 . A rotor of a steam turbine is set up in its running bearings; and, by means of 
an accurate transit, it is found that the maximum deflection due to its own weight is 
0.009 in. The complete rotor (with shaft) weighs 30,000 lb. 

Could this rotor be safely run at 1500 r.p.m, from a vibration standpoint? 
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. Could it be safely run at 1500 r.p.m. if the weight were 46,000 lb. and the deflection 
0.009in.? 

27 . A reciprocating steam engine is supplied with steam at 185 p.s.i. gage, 400°F. 
The engine exhausts into a turbine at 25 p.s.i. gage. The turbine in turn exhausts 
at 1.5 in. of mercury absolute. The indicated engine efficiency is 70 per cent, and the 
turbine internal efficiency is 80 per cent. What are the combined engine efficiency 
and the water rate of the engine-turbine unit if the engine mechanical losses are 8 per 
cent and the turbine mechanical losses are 2 per cent of the available energy input to 
the individual devices? 

28 . What weight of 70°F. air will enter a condenser in an hour through a rivet 
hole 34 in. i n diameter if the condenser pressure is 1.5 in. of mercury absolute? 
Assume the coefficient of discharge of the hole is 0.85. W T hat weight of air would 
enter in an hour if the condenser pressure is 15 in. of mercury absolute? 

29 . A single-stage impulse turbine has one row of blades 24 in. in diameter and 
five nozzles. The nozzles have a velocity coefficient of 0.97, and the angle to the 
direction of motion of the blades is 20 deg. Blade friction loss is 10 per cent of the 
energy entering the blades. Windage, or rotational, loss is 5 per cent of the available 
energy; and mechanical losses are 2 per cent of the available energy. 

What water rate should you expect under the following conditions: blade entrance 
is made at proper angle; 150 p.s.i. gage dry and saturated steam at throttle; 10 p.s.i. 
gage exhaust pressure; 4000 r.p.m.; 110 hp. 

30 . In passing from a high-pressure to a low-pressure turbine, steam at 100 p.s.i. 
abs. and 400°F. loses 10 lb. pressure in overcoming pipe friction. Also, there is a loss 
of 10 B.t.u. per lb. of steam due to conduction of heat through the pipe to atmosphere. 
Determine the condition of the steam entering the low-pressure turbine. If the low- 
pressure turbine exhausts at 2 in. of mercury absolute, how much available energy per 
pound of steam is lost because of this transfer? 

31 . A 3 X 2% X 3 in. steam-driven reciprocating pump is rated at 8 g.p.m. 
75 p.s.i. total head, when supplied with steam at 150 p.s.i. gage, 443°F. 

What is the highest temperature water at the suction end that could be pumped? 

If the pump were rated at 20 g.p.m., 50 p.s.i. total head, what would be the highest 
temperature waiter? 

32 . A 734 X 5 X 10 duplex steam-driven reciprocating pump is to be used for 
boiler feed service. If the discharge pressure is 600 p.s.i. gage, what should be the 
steam pressure for driving the pump? What capacity could be expected? What 
would be the steam consumption at this capacity? 

33 . Answer the questions of Prob. 32 with respect to a 14 X 8J4 X 12 pump. 

34 . A centrifugal pump is to be used to pump 700 g.p.m. of water against a 100-ft. 
head. What should be the optimum speed in r.p.m. of the pump and the general 
longitudinal sectional appearance of the impeller? What should be the power input? 

Answer the same questions for a head of 500 ft. 

36 . It is desired to pump 100,000 lb. of water per hour against a total head of 
600 p.s.i. Initial temperature of the water is 220°F. How much 450 p.s.i. gage 
saturated steam or how many kilowatts of electrical power would be used in each 
of the following applications: steam-driven reciprocating pump; turbine-driven 
reciprocating pump; turbine-driven centrifugal pump; motor-driven centrifugal pump ? 

Which type of pump and drive should you choose? Give reasons for your choice. 

36. The total steam for all purposes required for a ship is 200,000 lb. per hr. The 
suction pressure on the main feed pump is 60 p.s.i., and the discharge pressure is 
585 p.s.i. Two pumps are to be in operation, and steam for turbine drive is available 
at 450 p.s.i. gage saturated. What size feed pump should be installed, and what 
would be the total steam consumption for each pump? 
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37 . A ship is to be equipped with feed pumps rated at 500 g.p.m., 800 p.s.i. total 
head. At full power these pumps actually deliver 390 g.p.m. at the rated pressure. 
Three methods of drive are under consideration, and information is desired as to 
power consumption of each pump when the ship is under full power. 

How many kilowatts will be required with 250-volt d-c motor drive? 

How many kilowatts will be required with 440-volt 60-cycle induction motor drive? 

How much steam per hour will be required with 600 p.s.i. gage saturated steam 
and turbine drive? 

38 . How much surface would be required in the drain cooler used in the regenera¬ 
tive feed-water heating scheme calculated in Chap. XIV? Obtain U from a 
handbook. 

39 . How much surface would be required in the drain cooler used in the single- 
stage feed-water heating scheme calculated in Chap. XIV? 

40 . How many tubes and how many passes would be required in a condenser 
operating with a turbine exhausting 56,500 lb. of s^am per hour at 2.5 in. of mercury 
absolute with 960 B.t.u. per lb. In the exhaust? 5°F. subcooling of the condensate. 
Sea water entering at 70°F. and with 10°F. rise. Use % in. diameter No. 18 B.W.G. 
tubing. What would be the water pressure drop ? 

41 . Design the condenser required on the Diesel ship calculated in Chap. XV. 

42 . Design each of the feed-water heaters calculated in Chap. XIV. 

43 . Design a fuel-oil heater to heat 5000 lb. per hr. of Mexican crude oil from 90 to 
240°F. by means of 150 p.s.i. gage steam with no subcooling of the condensate. Deter¬ 
mine the oil-pressure drop through the heater. 

44 . An evaporating plant on a ship evaporates 40,000 gal. per day at a pressure 
of 3 p.s.i. gage, the distilled water being condensed at this pressure by the raw water 
entering at 70°F. What weight of motive steam per hour at 10 p.s.i. gage is necessary 
to operate this plant with 5°F. subcooling of the motive steam drains? 

46 . How much pressure in inches of water is required to force 500 c.f.m. of “stand¬ 
ard air” through a 10 X 10 in. duct 100 ft. long? 

Answer the same question for air at 50°F., 100 per cent relative humidity. 

What is the per cent difference in weight of the air passing? 

46 . It is common practice to assume that pressure required to force a fluid through 
a pipe varies as the square of the velocity; yet the equation for static-pressure loss in 
inches of water for air flow is given in this volume as 


/0.03LW v V 84 

V V d 1-24 ) Vioooj 

Comment on this. 

47 . A certain amount of air is required by a boiler for combustion. This air is 
being delivered at 80°F., 40 per cent relative humidity. If the air temperature should 
drop to 20°F. and it is snowing on deck, what should be the per cent change in blower 
r.p.m. if there is no change in the total resistance of the duct and the same weight of 
air is to be delivered? 

If the control is by means of dampers, what should be the per cent change in total 
resistance of the duct, the blower r.p.m. remaining constant? 

48 . The fireroom blowers on a ship are each required to deliver 7000 c.f.m. of air 
at 8 in. of water pressure (static). Suggest a diameter for the blower runner and the 
r.p.m. at which it should be run for maximum efficiency. On the same basis, what 
should be the efficiency and diameter of the blower runner if it is to be driven by an 
induction motor on a 60-cycle line? 

49 . It is desired to take 50,000 lb. per hr. of “standard air” around a 90-deg. bend 
at an average speed of 1500 ft. per min. The inside radius of the bend is zero. What 
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would be the pressure required if there were no “splitters,” or dividing vanes? If 
there were three dividing vanes properly placed? 

60 . On a ship there are two 250-kw. 250-volt d-c generators made by the same 
manufacturer from one set of drawings. Both are 10 per cent overcompounded, and 
they must operate in parallel. The series-field resistance of one is 0.002 ohm, and 
that of the other is 0.0024 ohm. 

Draw a diagram of connections, and specify the value and location of any addi¬ 
tional resistance required to make the machines divide the load equally between them 
at both light and heavy loads. 

61 . On a ship there are two 250-kw. 250-volt a-c generators made by the same 
manufacturer from the same drawings. Field rheostats have been adjusted so that 
each generator is operating at the same power factor; yet the load is unequally divided. 

What procedure should you advise to produce equal division of load? 

62 . A ship is equipped with alternating current at 440 volts, 60 cycles, three phase, 
for general power purposes. A four-pole 50-hp. induction motor is installed to drive a 
ventilating blower requiring 45 hp. How much current should the conductor be 
capable of carrying continuously, and how much current will actually flow 
continuously? 

63 . If the motor of Prob. 52 is installed after the ship has been in service for some 
time and, during the same additional installation, a 25-hp.. 12-pole induction motor 
to operate at full load is also added, what total kilovolt-amperes at what power factor 
will be added to the generator load on account of these two motors? 

64 . A 1500-kva. a-c generator is to be driven by a steam turbine to supply electric 
power on a ship. The efficiencies are as follows: engine efficiency of turbine, 70 per 
cent; generator efficiency, 93 per cent; throttle steam to be at 575 p.s.i. gage, 900°F.; 
condenser pressure to be 1.5 in. of mercury absolute. 

What should be the steam consumption at full load and unity power factor? 

What should be the steam consumption at full load and 90 per cent power factor? 

66. An ammonia refrigeration system has a compressor w T ith a displacement of 
62.8 c.f.m., a condenser pressure of 172 p.s.i. abs., and an evaporator pressure of 
35 p.s.i. abs. The condensed liquid is subcooled to 75°F., and the temperature of the 
vapor leaving the evaporator and entering the compressor is 10°F. The temperature 
of the vapor leaving the compressor is 210°F. The heat rejected from the ammonia 
undergoing compression to a water jacket on the cylinder is 4860 B.t.u. per hr. The 
volumetric efficiency of the compressor is 78.5 per cent. 

What is the capacity of the machine in tons? 

What is the i.hp. of the compressor? 

66. A Freon compression refrigeration outfit maintains a temperature of 0°F. in 
the refrigerating coils and develops 5 tons at this level. The temperature of con¬ 
densation is 80°F. Assuming dry saturated vapor to enter the compressor and that 
isentropic compression takes place, what would be the coefficient of performance if a 
conventional expansion valve is used ? What would be the coefficient of performance 
if it were possible to use an expanding cylinder engine instead of the expansion valve, 
isentropic expansion taking place in the engine and the power therefrom helping to 
drive the compressor? Mechanical efficiency of both compressor and engine to be 
85 per cent. 

67 . A single-stage Freon compression refrigeration plant is designed for a capacity 
of 50 tons. The condenser pressure is 125 p.s.i. abs., and there is a pressure of 25 p.s.i. 
abs. in the evaporator. Gas enters the compressor at 10°F. and leaves at 125°F. 
Gas leaves the evaporator at 5°F., and liquid Freon enters the expansion valve at 90°F. 

How many pounds of Freon must be circulated per minute, and what will be the 
i.hp. of the compressor? 
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58 . In a Freon refrigerating system, 25 lb. per min. of sea water is circulated 
through the condenser with a 10°F. rise. Freon enters the condenser at 125 p.s.i. abs. 
and a temperature of 120°F. It leaves the condenser at a temperature of 85°F. and 
leaves the evaporator at 25 p.s.i. abs. and 5°F. 

What is the weight of Freon circulating per minute, and what is amount of refrig¬ 
eration in tons being produced? 

59 . Discuss the use of brine in the cold tank of a steam-jet refrigeration machine in 
order to obtain lower temperatures than 32°F. and thus use the equipment for pres¬ 
ervation of meat, fish, etc. 

60 . With the same temperature conditions, how much ammonia must be circu¬ 
lated to obtain the refrigeration of Prob. 58? Note the differences in pressures and 
water required, as well as the relative displacements of the two compressors. 

61 . By means of tables of the thermodynamic properties of steam and no reference 
to a Mollier diagram, determine the available energy in 1 lb. of steam in dropping 
isentropically from 575 p.s.i. gage and 800°F. to 2.5 in. of mercury absolute. How 
much moisture is in the steam at the lower pressure? 

62 . A 25,000-hp. marine turbine operates with a throttle condition of 575 p.s.i. 
gage, 800°F. Exhaust pressure is 2.5 in. of mercury absolute. The turbine has an 
internal efficiency of 80 per cent, and all the stages are of approximately the same 
efficiency. Bleeding, or extraction for feed-water heating, takes place as follows: 
200 p.s.i. gage, 20,000 lb. per hr.; 12 p.s.i. gage, 10,000 lb. per hr.; 10 p.s.i. abs., 
10,000 lb. per hr. 

If the mechanical losses are 2 per cent of the available energy, what weight of 
steam would be expected to be exhausted to the condenser? 

63 . Water and steam enter vented drain tank as follows: 30,000 lb. per hr. water 
at 104°F.; 1500 lb. per hr. saturated steam at 15 p.s.i. gage; 2500 lb. per hr. saturated 
steam at 13 p.s.i. gage.; 400 lb. per hr. 90% quality steam at 15 p.s.i. gage; 900 lb. 
per hr. water at 200°F., 3000 lb. per hr. water at 335°F. 

What weight of steam in pounds per hour will be vented out of the tank if the 
water is so turbulent that it is well mixed and the pressure in the tank is 0.5 p.s.i. 
gage? 

64 . Feed water at 216°F. is received by a boiler. 11,385 lb. per hr. steam is 
generated saturated at 600 p.s.i. gage, taken directly from the boiler drum. 99,486 lb. 
per hr. steam is generated superheated with conditions at the superheater outlet of 
580 p.s.i. gage, 815°F. 

If the boiler efficiency is 85 per cent at this load, how much fuel oil in pounds per 
hour is required if the oil has a gravity of 15 deg. A.P.I.? 

65 . A 5000 S.H.P. marine propulsion plant is to be designed to incorporate 
regenerative feed-water heating. Two heaters are to be used. The throttle con¬ 
ditions are 535 p.s.i. gage, 750°F. Exhaust at 2.5 in. of mercury absolute, with 5°F. 
subcooling of condensate. 

What extraction, or bleed, pressure should you use for each heater, and what type 
heater as regards construction should you use at each spot? 

66. A ship is equipped with a high- and a low-pressure turbine with steam entering 
the high-pressure turbine at 450 p.s.i. gage, 700°F,, and exhausting at 60 p.s.i. abs. 
saturated. The steam enters the low-pressure turbine at 50 p.s.i. abs. and exhausts 
at 2 in. of mercury absolute. Due to the drop in the crossover pipe there is also a 
loss in enthalpy of 5 B.t.u. per lb. 

What is the loss in available energy to the low pressure-turbine, due to what 
happened in the crossover pipe? 

How much heat would have to be applied to the crossover pipe in order to regain 
this available energy? 
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67. Condensate at the rate of 250,000 lb. per hr. enters an intercooler at 90°F. and 
then goes through an aftercooler. The ejector blowing into the intercooler is con¬ 
suming 1250 lb. per hr. of 200 p.s.i. gage dry and saturated steam! The ejector blow¬ 
ing into the aftercooler is consuming 1300 lb. per hr. from the same steam line. Drain 
from the intercooler is at 120°F. and from the aftercooler is at 210°F. There is 
117 lb. per hr. of vapor carry-over from the condenser to the intercooler. 70 per cent 
is condensed there and the remainder in the aftercooler. There is 5°F. subcooling in 
both intercooler and aftercooler drains. 

What should be the temperature of the main condensate when entering and leaving 
the aftercooler? 

What should be the weight of drains from intercooler and from aftercooler? 
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Adiabatic expansion (see Isentropic ex¬ 
pansion) 

Ahead reach, 410 
Air, combustion, 77 
compressors, 362 
in condensers, 200-201 
damper control, 238 
heaters, 103 
measurement, 227 
resistance to flow, 224, 228-230 
Air ejection, 200—201 

steam consumption in, 331,332, 334 
Air heaters, 103 

Alternating current, 239, 245, 260 
America , S.S., 325, 406-408 
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American Manufacturer , S.S., 397 
American Petroleum Institute, 75 
A.P.I. degrees, 75 
Ash, 74, 85 
Astern operation, 410 
Auxiliaries, electrically driven, 351 
steam-driven, 341 

B 

Balance, turbine, 140 
Baume degrees, 75 
Bearings, thrust, 61 
turbine, 147 

Bilge pumps, 181, 183, 189-190, 359, 365 
priming pumps, 362 
Blade, dynamics, 120 
efficiency, 125-126, 128 
force on, 125 
impulse, 122, 126 
reaction, 122, 128 
thickness fraction, 24 
work done on, 123 
Blowers, basic performance, 172 
characteristics, 231 
fire room, 172, 371 


Blowers, horsepower, 232 
Boilers, air heaters, 103 
cross drum, 89 
desuperheater, 92 
economizers, 92, 96, 103 
efficiency, 82 
express type, 93, 95 
forced circulation, 100-101 
fuel-oil system, 105-106 
oil burners, 104-105 
Scotch, 86 

soot blowers, 99, 104 
stresses, 88 

superheater, 89, 90, 94-100 
two drum, 98-100 
waste heat, 379, 381, 385 
Buckingham, Earle, 62 
Bull gear, 60 

C 

Capacitor motor, 270-271 
Carbon dioxide, in flue gas, 76, 78 
as a refrigerant, 282 
Carbon monoxide, 76, 78, 80, 84 
Cavitation, 29 

Clutches, for Diesel engines, 411 
for turbines, 70 
Coal, 72 

combustion of, 76 
heating value of, 73 
proximate analysis, 73 
ultimate analysis, 72 
Combustion, 75 
air required for, 77 
chemistry of, 76 
flue gases, 77 
losses in, 80 

Comparison, law of, for hulls, 9 
for propellers, 24 
Compressors, air, 362 
refrigeration, 294, 362 
seals for shaft, 296 
valves, 295 
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Condensers, 196-197 
air ejection, 200-201 
design, 205 
expansion, 205 
refrigeration, 288 
steam to, 337 
tubes, 204 

water friction in, 208 
water valve, 300 
Couplings, Diesel, 411 
shaft, 44 
turbine, 70 

Critical speed, shafting, 53 
turbines, 140 

D 

Deaeration, 311, 326-327 
Diesels, auxiliaries, 382 
cooling, 380 
generator, 366, 389 
shafting, 41 
ship, 379, 384 
ship fuel consumption, 389 
starting, 382 
Dimensions, hull, 1 
Direct current, 239, 245 
Displacement, 2 
Draft, forced, 224 
Duct work, 224 
Dulong’s formula, 73 
Dyson, Adm. C. W., 12 
standard propeller forms, 14 

E 

Economizers, 103 
Efficiency, blade, 126 
boiler, 84, 89, 93—94 
engine, 136 
gear, 65 
hull, 27 
internal, 136 
motor, 254, 268 
nozzle, 117 
propeller, 19-20 

pumps, 154, 157, 163, 167, 171, 173- 
180 

thermal, 136 
turbine, 135 
volumetric, 304 
Eggert, Capt. E. F., 30 


Electric circuits, 416 
drive, 413-414 
Electric generators, 255, 274 
capacity, 244 
compounding, 256 
parallel operation, 257, 278 
steam consumption, 333 
three wire, 259 

Electric motors, alternating current, 264 
capacitor, 271 
direct current, 247 
efficiency, 254, 268 
Electrical engineering, 239 
alternating current, 260 
automatic protection, 240 
choice of system, 244 
Electrical load and sizes of auxiliaries, 351 
on Diesel ships, 388 
on naval vessels, 421 
Emergency, bilge pump, 364 
Diesel generator, 366 
feed pump, 364 

Endurance and economy runs, 425 
Entropy, 108, 114 
Evaporators, 222-223, 292, 338 
Exceller , S.S., 403 

Exhaust steam, for feed heating, 317, 368 
pipe sizes, 409 

Expansion of steam, 108, 137 
Expansion valves, 289 

F 

Feed water, make-up, 310, 339 
Feed-water heaters, 209 
design, 210 
heat transfer in, 210 
temperature, 332 
water friction in, 211 
Feed water systems, 309 
closed, 311 
open, 310 
regenerative, 320 
single stage, 368 
systems, 309 
Film coefficient, 193 
Flue gases, analysis of, 78 
Freon, 282 

Fronde, It. Edmund, 13 
Fuel, combustion, 75 
consumption, 351, 378, 382, 389 
heating value, 73, 75 
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Fuel, oil system, 105-106 
proximate analysis, 73 
ultimate analysis, 72 
Fuel-oil heaters, 213 

heat transfer in, 214-215 
oil friction in, 216-217 

G 

Gears, design adequacy, 62 
efficiency, 65 
locked train, 60 
lubrication, 61 
reduction, 58 
tandem type, 60 
Generators, electric, 255, 274 
steam, 86 
Gland leak-off, 146 
sealing, 145-147 


H 

Handhole plugs, 94 
Hawaiian Planter , S.S., 399 
Heat balance, 328, 343, 368 
steam summary, 343, 348 
Heat exchangers, 191 
Heat flow, 191 
Heat transfer, 191, 193 
in condensers, 206 
in feed water heaters, 210 
film coefficient of, 193 
in fuel oil heaters, 214-215 
High heating value, 73 
Hull, coefficients, 3 
dimensions, 1 
forms, 3 
resistance, 7 
tonnage, 2 

Hydrogen, loss due to, 81 

I 

Ice-making tank, 302 
Impulse blading, 122, 126 
Induction motors, 264 
Insulation, 240 
Isentropic expansion, 108 

J 

Joseph Lykes , S.S., 395 
L 


Layout, 392 

Log mean temperature, 197 


Lubricating oil, coolers, 61 
pumps, 358, 383 
purifiers, 383 
Lubrication, gear, 61 
turbine, 147 


M 

Machinery list, Diesel ship, 390 
steamship, 366 

Make-up feed water, 310, 339 
Mean width ratio, 22 
Metacenter, 5 
Metacentric height, 5 
Motors, 2-5, 247, 264 

N 


Naval vessels, 419 
electrical load, 421 
Nozzles, 107 
block, 121 

critical conditions, 113 
discharge coefficient, 117 
efficiency, 116, 118 
forms, 118 
sectional area, 111 
velocity at exit, 110 
velocity coefficient, 116 
weight of fluid passed, 115 
work done in, 109 

O 


Oil, combustion, 75 
fuel, 74 
heating, 213 
heating value, 75 
system, 105-106 
viscosity, 218 
Orsat apparatus, 78 

P 

Packing, turbine gland, 144-145 
Parallel operation, of electric generators, 
257, 278 

Penobscot Bay trial course. 423 

Pipe sizes, 409 

Piping, refrigerant, 303 

Piping layout, 393 

Pinion deflection, 63 

Pitot tube, 227 

Power measurement, 262, 423 

Pressure, discharge from pumps, 178 
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Priming, 190 
Problems, 427 
Propellers, 12 
cavitation, 29 
drafting, 34 

Dyson method of design, 12 
noise, 38 
nomenclature, 22 
strength, 32 

Taylor method of design, 13 
Pulsating torque, 39, 47 
Pumps, centrifugal, 160, 361 
ballast, 183, 189 
basic diameter, 168 
basic performance, 171 
basic speed, 168 
bilge, 181, 183, 189-190, 359 
blade inclination, 167 
booster, 176 

circulating, 175, 182, 352, 355, 372 
condensate, 164, 178, 181, 354 
efficiency, 163, 171, 173-180 
feed, 166, 173, 179 
flushing, 171, 179-180, 188, 358 
fire, 171, 184, 188, 359 
ice-water circulation, 190, 361 
impeller shapes, 163 
refrigerator condenser circulation, 

189 

specific speed, 163, 168 
theory, 160 

feed, 166, 173, 179, 356, 372 
fresh water, 360 

fuel oil, 176-177, 189, 357, 359, 373 
gear, 186 

lubricating oil, 358 
motor-driven reciprocating, 157 
efficiency, 157 
size determination, 158 
speeds, 157 

suction-water temperature correc¬ 
tion, 153 

rotary type, 180, 185 
rotary wet vacuum, 180, 185 
screw, 187-188 

steam-driven reciprocating, 150 
efficiency, 154 
size determination, 154 
speeds, 152-153 
steam consumption of, 155 
suction-water temperature correc¬ 
tion, 153 


R 

Reaction blading, 122, 128 
Reciprocating engines, astern operation 
of, 411 

Recirculation, 202 
Reduction gearing (see Gearing) 
Refrigerants, 281 
Refrigeration, 281 

coefficient of performance, 281, 287 
compressor, 294, 362 
control diagrams, 301 
control valves, 299 

determination of sizes and power, 304 
ice-making tank, 302 
piping, 303 
steam jet, 307 
temperatures, 297 
thermodynamic principles, 283 
Regenerative feed heating, 320 
optimum temperature rise, 323 
Reheat, 137 
Reheat factor, 138 
Robin Locksley , S.S., 401 
Rockland trial course, 423 

S 

Scoops, 186 
Shafting, couplings, 44 
Diesel engine, 41 
propulsion, 39 
reciprocating engine, 40 
steel, 45 
stresses, 41 

Soot blowers, 100, 104 
Specific diameters of pumps, 170 
Specific speeds of pumps, 163, 170 
Speed-length ratio, 9 
Speed measurement, 423 
Stability, 4 
Stack area, 231 
Staging, turbine, 129 
Steam, consumption, 330, 371 
extracted, 335 
gland sealing, 145-147 
inducted, 336 
jet refrigeration, 307 
Steam-flow diagram, regenerative sys¬ 
tem, 329 

single-stage system, 369 
Streamline blades, 37 
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Stresses, boiler, 88 
gear, 62 
propellers, 32 
shafting, 41 
Sulphur, 74 

Superheaters, 89-90, 94-100 
Surge tank, 310 

Synchronizing of electric generators, 278 

T 

Taylor, Adm. D. W., 7 
hull standard series, 7 
propeller standard series, 20 
strength determination, 32 
Temperature of feed water {see feed¬ 
water heaters) 

Temperature-entropy diagram, 117, 137. 
284, 290, 305, 330 

Three-phase voltage windings, 261-262 
Three-wire generator, 259 
Thrust, propeller, 16, 27, 424 
Thrust bearings, 61 
Thrust deduction, 27 
Tonnage, 2 

Torsional vibration, 47 
Torque, 125, 249 
measurement of, 424 
Transformers, 263 
Trials, 423 
Trim, 6 

Turbines, astern operation, 411 
balance, 140 
bearings, 147 
blade dynamics, 120 
blade efficiency, 125-126, 128 
construction, 143 
couplings, 70 
critical speed, 140 


Turbines, efficiency, 135 
force on blade, 125 
gland leak off, 146 
gland sealing, 145-147 
governing, 147-148 
impulse blade, 122,126 
losses, 134 
lubrication, 147 
naval, 420 
nozzles, 107 

reaction, blade, 122, 128 
reheat, 137 
reheat factor, 138 
staging, 129 
steam bleeding, 335 
steam consumption, 330, 371 
stean# extraction, 335 
steam induction, 336 
torque, 125 

velocity compounded, 129-131, 133 

vibration, 140 

work done on blade, 123 

Turbogenerator steam consumption, 333 

V 

Valves, compressor, 295 
control for refrigeration, 299 
expansion, 289 
packless, 303 
solenoid, 297 

Vent condenser, 313, 326-327, 347, 350 

Vibration, 47, 53,140 

W 

Wake, 26 

Waste-heat boiler, 379, 381, 385 

West Point , U.S.S., 325, 406-408 
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